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Preface

Although hydraulic control dates from the water regulating devices of
ancient times, the branch of this field concerning the hydraulic control of
machinery has made the greatest progress in this century, particularly
since World War 1. The growth of hydraulic control has paralicled
developments in transportation, farm and earth moving equipment,
industrial machinery, machine tools, ship control, fire control, aircraft,
missiles, and numerous other applications. Government and industry
supported research at several universities—the Dynamic Analysis and
Controls Laboratory at the Massachussetts Institute of Technology is
especially noteworthy—has accelerated hydraulic control technology.
Increased usage of hydraulic control ~us brought demands for rational
design techniques to replace effective but costly and time-consuming
cut-and-try procedures and for a classification of the knewledge for
instruction. ‘

This book should be useful to both practicing engincers and students
and is at a level attained after a basic college course in feedback control
theory. Its purpose is to present a rational and well-balanced treatment
of hydrailic control components and systems. A course in fluid mechanics
would be helpful but not essential. The book is particularly well suited
as a text for a college-level course in hydraulic control. Selected topics
could be used to supplement feedback control theory courses with some
instruction on components.

The analyses|of many hydraulic components—electrohydraulic servo-
valves in particplat—are involved and tedious. However, in every case 1
have tried to wfing conclusive design relations from these analyses rather
than leave'a thess of equations for the reader to untangle. This has
sometimes & ssitated making judgments and rules of thumb with which
the reader may not agree.

The arrangement of the book follows in a fairly logical sequence.
After some introductory remarks in Chapter 1, the physical and chemical
properties of the working fluid are discussed in Chapter 2. Fluid flow
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through various passages and basic hydraulic equations are covered in
Chapter 3. Hence these first chapters are basically a review of applicable
topics in fluid mechanics.

The next four chapters are devoted to components encountered in
hydraulic servo controlled systems. The characteristics of hydraulic
actuators are discussed in Chapter 4. Hydraulic control valves, chicfly
spool and flapper types, are covered in Chapter 5. The combination formed
by a valve or pump controlling an actuator is the basic power elcment in
hydraulic control servos, and the various combinations are discussed
quite thoroughly in Chapter 6. Chapter 7 is devoted to the principal types
of electrohydraulic servovalve and includes a static and dynamic analysis
of torque motors.

The remaining five chapters treat systems oriented topics. Chapter 8
covers the major types of electrohydraulic servo. Hydromechanical
servos are touched briefly in Chapter 9 because many comments in the
previous chapter are applicable. Systems often perform somewhat
differently than anticipated because of nonlincarities, and Chapter 10
discusses the effect of these on performance. Practjcal suggestions -
concerning testing and limit cycle oscillation problems are also given.
Chapter 11 covers some common control valves useful in power generation,
and Chapter 12 treats hydraulic power supplies and their interaction with
the control. .

Material for this book was taken from a set of notes:used to teach a
course in hydraulic control to engineers in industry. Much new informa-
tion has been included, and 1 have tried to improve older treatments.
Experience and the available literature also were sources. For the latter,
I am indebted to the many original contributors, too numerous to
mention. ?

I 'am particularly grateful to my good friend Mr. George L. Stocking of
the General Electric Company for contributions to Sections 5-6 and 5-7.

Finally, I would like to express appreciation to my fellow associates
at the “Mill,” especially to Mr. James T. Gavin, for their help and encour-
agment.
HERBERT, E. MERRITT
Cincinnati, Dhio
December {966

\
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Introduction

The increasing amount of power available to man that requires control

~'_.~and the stringent demands of modern control systems have focused

attention on the theory, design, and application of control systems.
Hydraulics—the science of liquid flow—is a very old discipline which has
commanded new interest in recent years, especially in the area of hydraulic

DN ;;‘a control, and fills a substantial portion of the field of control. Hydraulic

control components and systems are found in many mobile, airborne, and
stationary applications. \

1-1 ADVANTAGES AND DISADVANTAGES OF HYDRAULIC
CONTROL

There arc many unique features of hydraulic control comparéd to other
types of control. These are fundamental and account for the wide use of
hydraulic control. Some of the advantages are the following:

1. Heat gencrated by internal losses is a basic limitation of any machine.
Lubricants deteriorate, mechanical parts scize, and insulation breaks down
as temperature increases. Hydraulic components are superior to others in
this respect since the fluid carries away the heat generated to a convenient
heat exchanger. This feature permits smaller and lighter components.
Hydraulic pumpsjand motors are currently available with horsecpower to
weight ratios grefiter than 2 hp/lb. Small compact systems are attractive
in mobile and aifborne installations.

2. The hydraufic fluid also acts as a lubricant and makes possible long
component life. '

3. There is Yo[phenomenon in hydraulic components comparable to the
saturation and losses in magnetic materials of electrical machines. The
torque developed by an clectric motor is proportional to current and is
limited by magnetic saturation. The torque developed by hydraulic
actuators (i.c., motors and pistons) is proportional to pressure difference

1




2 INTRODUCTION

and is limited only by safe stress levels. Therefore hydraulic actuators
develop relatively large torques for comparatively small devices.

4. Electrical motors are basically a simple lag device from applied
voltage to speed. Hydraulic actuators are basically a quadratic resonance
from flow to speed with a high natural frequency. Therefore hydraulic
actuators have a higher speed of response with fast starts, stops, and spced
reversals possible. Torque to inertia ratios are large with resulting high
acceleration capability. On the whole. higher loop gains and bandwidths
are possible with hydraulic actuators in servo loops.

5. Hydraulic actuators may be operated under continuous, intermittent,
reversing, and stalled conditions without damage. With relief valve
protection, hydraulic actuators may be used for dynamic breaking. Larger
speed ranges are possible with hydraulic actuators. Both linear and rotary
actuators are available and add to the flexibility of hydraulic power
elements.

6. Hydraulic actuators have higher stiffness, that is, inverse of slope of
speed-torque curves, compared to other drive devices since leakages are
low. Hence there is little drop in speed as loads are applied. In closed
loop systems this results in greater positional stiffness and less position
error.

7. Open and closed loop control of hydraulic actuators is relatively
simple using valves and pumps.

8. Other aspects compare less favorably with those of electromechanical
control components but are not so scrious that they deter wide use and
acceptance of hydraulic control. The transmission of power is moderately
easy with hydraulic lines. Energy storage is relatively simplc with
accumulators.

Although hydraulic controls offer many distinct advantages. scveral
disadvantages tend to limit their use. Major disadvantages are the
following:

1. Hydraulic power is not so readily available as that of electrical power.
This is not a serious threat to mobile and airborne applications but most
certainly affects stationary applications.

2. Small allowable tolerances results in high costs of hydraulic com-
ponents.

3. The hydraulic fluid imposes an upper temperature limit. Fire and
explosion hazards exist if a hydraulic system is used near a sourc. of igni-
tion. However, these situations have improved with the availability of
high temperature and fire resistant fluids. Hydraulic systems are messy
because it is difficult to maintain a system free from leaks, and there is
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always the possibility of complete loss of fluid if a break in the system
occurs.

4. It is impossible to maintain the fluid free of dirt and contamination.
Contaminated oil can clog valves and actuators and, if the contaminant
is abrasive, cause a permanent loss in performance and/or failure. Con-
taminated oil is the chief source of hydraulic control failures. Clean oil
and reliability are synonymous terms in hydraulic control.

5. Basic design procedures are lacking and difficult to obtain because
of the complexity of hydraulic control analysis. For example, the current
flow through a resistor is described by a simple law—Ohm’s law. In
contrast, no singlc law exists which describes the hydraulic resistance of
passages to flow. For this seemingly simple problem there are almost
endless details of Reynolds number, laminar or turbulent flow, passage
geometry, friction factors, and discharge coefficients to cope with. This
factor limits the degree of sophistication of hydraulic control devices.

6. Hydraulics are not so flexible, linear, accurate, and inexpensive as
electronic and/or electromechanical devices in the manipulation of low
power signals for purposes of mathematical computation, error .dctection,
amplification, instrumentation, and compensation. Therefore, hydraulic
devices are generally not desirable in the low power portions.of control
systems.

The outstanding characteristics of hyd -ulic power elements have com-
bined with their comparative inflexibility at low power levels to make
hydraulic controls attractive primarily in power portions of circuits and
systems. The low power portions of systems are usually accomplished by
mechanical and/or electromechanical means. "

1-2 GENERAL COMMENTS ON DESIGN
\

The term ““design” has a broad meaning. It is often associated with the
creativity required to produce sketches and rough layouts of possible
mechanisms that will accomplish an objective. As a second meaning, it
is sometimes assciated with the engineering calculations and analyses
necessary in the stlection and sizing of hardware to form a component or
system. Design if also associated with the many details of material sclec-
tion, minor calcglations, and making of complete engincering drawings.
This book is-directed toward the analysis and design (by paper and pencil)
of control sys\il s whose power clements are hydraulic. The term design
is used in the S¢nse of specifying proper size. Although considerations
such as material, stress level, and seals are equally important to a finished
device, they do not relate dircctly to the dynamic performance of a system
and are treated with more authority elsewhere.
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The differential equations that describe hydraulic components are non-
linear and, in some cases, of high order. This has led control engincers
toward analog and digital computer-aided design of servo systems using
such components. Generally. the procedure is to write the equations that
describe a system and then selve them with a computer. Coeflicients are
adjusted until the computed pcrformancc (stability, accuracy, and speed
of response) is satisfactory. The system is then constructed, based on the
computed results, with the hope that it will perform in a similar manner.
More often than desirable, correlation with physical performance is poor.
Lack of adequate correlation creates much concern that the basic assump-
tions used in the initial equations were not valid, that all “effects™ had not
been simulated, that some unsuspected nonlinearity had spoiled the ex-
pected result (usually the case), or that there was a gap in the theory.

Actually, a great deal of time and trouble can be saved if a paper and
pencil analysis and design of the system is made before it is simulated on
a computer for final refinements. If this is done carcfully, with generous
sprinklings of sound engineering judgments, then machine computation
will not be necessary in most cases. In complicated cases in which judg-
ments are most difficult, if not impossible to make, machine computation
is required; however, this requnremcnt is exceptional. The development
of digital computer programs in recent years to solve complex sets of
nonlinear differential equations strengthens the argument for preliminary
analysis, for now exact solutions arc possible for comparison. In fact,
preliminary analyses to determine approximate results are useful, and
sometimes absolutely necessary, to obtain maximum benefits from machine
computations. Availability of these programs allows more emphasis to
be placed on the physics and mathematical formulation of problems and
less on the solution techniques.

Preliminary dynamic analysis is necessarily restricted to linearized dif-
ferential equations because only they may be solved without great difficulty.
However, as far as dynamic performance is concerned, linearized analysis
is an adequate tool considering the basic assumptions usually made to
obtain initial equations, the preponderance of experimental correlation,
and the fact that general performance indices have been developed only
for linear systems. Furthermore, the algebraic or single-valued nonlineari-
ties which occur in hydraulic equations are not usually the source of
discrepancies between predicted and actual results. Discrepancies can be
traced to two basic phenomena: multivalued nonlincarities such as back-
lash (which is notorious for causing limit cycle oscillations) and the types
of quantity involved in hydraulic analysis.

Two basic types of physical quantity can be distinguished in hydraulic
control analysis: hard and soft. A hard quantity is one that can be
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determined with fair precision and whose value remains relatively constant.
In short, a hard quantity is easily identitied, computed, and controlled.
In contrast, a soft quantity is one whose value can, at best, be pinned down
to a possible range of values. A soft quantity is unreliable, nebulous, and
a function of variables not casily known or controlled. ~As an example,
consider a simple spring-mass arrangement. The mass and spring constants
are hard quantities and result in a hard, undamped natural frequency.
However, the damping ratio, although it certainly has a value that can be
measured, is difficult to compute and is soft quantity.

The most important asset of a servo system is stability, and therefore
stability should be based on hard quantitics. Indeed, the design of a
system car be judged by the number of hard quantitics on which its per-
formance depends. If a certain performance index depends on soft quan-
tities, correspondingly nebulous physical performance can be expected.
For example, the stability of single stage relief valves depends on, among
other things, the pressure sensitivity of the valve. This is a soft quantity
because it depends on valve geometry at null, valve wear, and sc on, and
these valves are well known for their ability to oscillate. In contrast, the
stability of an uncompensated electrohydraulic servo depends on hard
quantities such as valve flow gain and pistoﬁ area, and their stability is
virtually assured. Therefore, an intent of this book is to instill a sense of
judging the quality of quantities in addition to how quantities relate to
performance. This sort of engincering judgment is absolutely necessary
for the vational design of hydraulic controls. The designer should always
ask whether the required performance depends on soft quantities. [t is
certainly safe to conclude that better systems can be built if more emphasis
is placed on the quality of quantities and how this can be exploited to form
a design rather than on a precise mathematical solution of a given set of
equations which, supposedly, represents the system.

GENERAL REFERENCES ON HYDRAULIC CONTROL

{1} Biackburn, J. F., G. Reethof, and J. L. Shearer, Fluid Power Control. New York:
Technology Press of M.LT. and Wiley, 1960.

(2] Ernst, W., Oil Hydraulic Power and Its Industrial Applications, 2nd ed., New York:
McGraw-Hill, 1960.

[3] Lewis, E. E., and H. Stern. Design of Hydraulic Control Systems. New York:
McGraw-Hill, 1962.

{41 Morse, A. C., Electrohydraulic Servomechanisms. New York: McGraw-Hill, 1963.

{51 Pippenger,J. J., and T. G. Hicks, Industrial Hydraulics. New York: McGraw-Hill,
1962. :

{61 Pippenger, J. J., and R. M. Koff, Fluid-Power Controls. New York: McGraw-4ill.
1959.

[7] Fitch, Jr., E.C,, Fluid Power and Control Systems. New York: McGraw-Hill, 1966.
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Hydraulic Fluids

Fluids, both liquids and gases, are characterized by their continuous
deformation when a shear force, however smal., is applied. Liquids and
gases may be distinguished by their relative incompressibilities and the
fact that a liquid may have a free surface while a gas expands to fill its
confining container. In the field of controls, the term “hydraulic’ is used
to designate a system using a liquid and “pneumatic” applies to those
systems using a gas. Because the liquid is the medium of transmission of
power in a hydraulic system, knowledge of its characteristics is essential.

The purpose of this chapter is to define certain physical properties which
will prove useful and to discuss properties related to the chemical nature
of fluids, types of fluids available, nd selection of fluids. The English
system of units-~that is, force in pou.ads, length in inches, time in seconds,
and temperature in degrees Fahrenheit—is rormally used in this country
to measure performance characteristics of hydraulic systems. Although
any system of units is applicable, the English system is used in this book
to avoid confusion.

2-1 DENSITY AND RELATED QUANTITIES

Weight density is defined as the weight of a substance per unit of volume.
The symbol y is used for weight density and the units are Ib/in. For
petroleum bgse fluids the approximate weight density is y = 0.03 ib/in.2.
The weight dpnsity for a MIL-H-5606B hydraulic fluid is shown in Fig. 2-1.

Mass density is defined as mass per unit of volume. The symbol p is
used to desfgnate mass density with units of Ib-sec?/in.. The relation
between weight density and mass density is 4

_Y
p=1
‘ g
where g is the acceleration of gravity, g = 386 in./sect. For petroleum
base fluids, the approximate mass density is p = 0.78 X 104 Ib-sec¥/in 4,

6

(2-1)




EQUATION OF STATE FOR A LIQUID 7

Specific gravity is the ratio of the mass (or weight) density of a substance
at a certain temperature to the mass (or weight) density of water at the
same temperature. Specific gravity is dimensionless, and the symbols o
and SG are often used. However, the temperature must be specified.
The petroleum industry in the United States has selected 60°F as a standard
temperature for the specitic gravity of hydraulic fluids. Thus, the specific
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Figure 2-1. Absolute viscosity, bulk modulus, and weight density for a MIL-H-5606B
hydraulic fluid.

gravity of oil at 60°F compared to water at 60°F is often designated
660/60°F. The specific gravity of hydraulic fluids ranges from about 0.8
for petroleum base fluids to as high as 1.5 for the chlorinated hydrocarbons.

¥ 22 EQUATION OF STATE FOR A LIQUID

The density of a liquid is a function of both pressure and temperature.
A function relating density, pressure, and temperature of a fluid is, by
definition, the equation of state. The equation of state for a liquid cannot
be mathematically derived from physical principles. In contrast, the kinctic
theory of gases yields an equation of state for gases. However, because
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changes in density as a function of pressurc and temperature are small for

a liquid, the first three terms of a Taylor's series for two variables may
be used as an approximation. Therefore,

+(2) P+ (2) -1 (2-2)
= - P - —_ == -
P=FoT \or) 7 \or/p ’

where p, P, and T are the mass density, pressure, and temperature, respec-
tively, of the liquid about initial values of py, Py. and To. A more con-
venient form for (2-2) is

p= Po[l + %(P — Py — T — To)] (2-3)
where
aP) 1 ap)
= pol T d a=— —|
B Po(ap ” and « po(aT A

Equation 2-3 is the lincarized equation of state for a liquid. The mass
density increases as pressure is increased and decreases with temperature
increase. Because mass density is mass divided by volume. equivalent
expressions for # and x are

e . ap)

N = V.= -
_L.@!) | .
a_Vo(aT s ' (2-3)

where V is the total volume and V, is the initial total volume of the liquid.

The quantity § is the change in pressure divided by the fractional change
in volume at a constant temperature and is called the isothermal bulk
modulus or simply bulk modulus of the liquid. The bulk modulus is always
a positive quantity, for (9P|aV), is always negative, and has a valuc of
about 220,040 1bjin.2 for petroleum fluids. However, values this large are
rarely achiefed in practice because the bulk modulus decrcases sharply
with small 4mounts of air entrained in the liquid. As discussed in later
chapters, the bulk modulus is the most important fluid property in deter-
mining the [dynamic performance of hydraulic systems because it relates
to the “Niffness” of the liquid. An adiabatic bulk modulus, f.. may also
be defined.] However, it can be shown that the adiabatic and isothermal
bulk moduluses are related by

Ba=="5 (2-6)

o9

T
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where C,/C, is the ratio of specific heats. Because this ratio is only slightly
in excess of unity for a liquid (sce Scction 2-4), it is dithicult to justify the
distinction between adiabatic and isothermal bulk moduluses and especially
so in applications where entrained air and mechanical compliance are
significant. Scction 2-5 is devoted to the determination of practical values
for the bulk modulus of a system. The reciprocal of B is often designated
¢ and termed the compressibility of the liquid. The bulk modulus for a
MIL-H-5606B hydraulic fluid is shown in Fig. 2-1.

The quantity  is the fractional change in voiume due to a change in
temperature and is called the cubical expansion coefficient. The cubical
expansion coeflicient for petroleum base fluids is about « = 0.5 x 107?
(°F)7, that is, there is about a 57 increase in volume for each 100°F of
temperature increasc.

2-3 VISCOSITY AND RELATED QUANTITIES

Viscosity is an important property of any fluid. Tt is absolutely necessary
for hydrodynamic lubrication, and a suitable value is required for many

x

5 Y

Figure 2-2. Piston concentric in cylinder.

other purposes. Close-fitting.surfaces in relative motion occur in most
hydraulic components. If the viscosity of the fluid is too low, leakage
flows increase; if the viscosity is too large, component efficiencics decrease
because of additional power loss in fluid friction. Viscosity is of such
significance that it is common practice to designate the fluid by its viscosity
at a certain temperature, for example, oil with 150 SSU at 130°F might
be such a fluid designation.

Isaac Newton was the first to give a quantitative definition of viscosity.
Referring to the piston and cylinder of Fig. 2-2, in which the radial
clearance C, is filled with a fluid, Newton observed that a force was neces-
sary to cause relative motion. This force is a measure of the internal
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friction of the fluid or its resistance to shear and is proportional to the
area in contact and to the velocity and is mversely proportional to the film
thickness. Thercfore,
F=pd=
C,
The constant of proportionality x is known as the absolute viscosity (the
terms “dynamic viscosity” and “‘coefficient of viscosity™ are ulso used) of
the fluid. For this case, since 4 = 7 DL, we obtain
7DLu dx
F= ~ — (2-7)
C, dt
If the absolute viscosity at any given temperature is independent of
shear rate, the fluid is called Newtonian; if it varies with shear rate, the
fluid is termed non-Newtonian. Most hydraulic fluids, except for the
water-in-oil emulsions, are Newtonian. In the Enghsh system of units
absolute viscosity has units of Ib-sec/in.? and are cailed reyns; that is,

1 Ib-sec/in.? = 1 reyn
A reyn is a very large unit and a smaller unit, or microreyn, is often used.
I microreyn = 107% reyn

In the cgs system of units absolute viscosity has units of dyne-sec/cm?
called poiscs; that is,
1 dyne-sec/cm? = | poise

Again, this is a large unit and & smaller unit, or centipoise (cp), is often
used.
1 cp = 107% poise

Without difficulty it can be shown that conversion factors between the
two systems of units are 1.45 x 1077 reyn/cp and 1.45 X 10* reyn/poise.
Thus, if absolute viscosity is given in cgs units, it may be converted to
English units by multiplication of the appropriate factor.

The ratio of absolute viscosity to mass density occurs in many equations
(Navier-Stokes, Reynolds number, etc.) and is easily measured by many
viscometers, This ratio is, by definition, the kinematic viscosity v of the
fluid, that is,

y=£ (2-8)

p
In the cgs system of units kinematic viscosity has-units of cm?/sec called
stokes. Because this unit is large, the unit centistoke (cs) is often used:
1cs = 10-2stoke. In English units kinematic viscosity has units of
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in.%/sec, but it has not been named. The conversion factor is 1.55 x 1072
(in.%[sec)/cs.

Kinematic viscosity is easily measured using many instruments. The
most well known of these in the United States is the Saybolt Universal
Viscometer. Using this instrument, the time is measured for 60 cm® of
a sample to flow through a tube 0.176 cm in diameter and 1.225 cm long
at a constant temperature. The resulting time in seconds is called Saybolt
Universal Seconds and is abbreviated SSU or SUS. Similar instruments
(Redwood in England and Engler in Gerinany) are used in Europe but the
sample volumes are quite different, making conversion trotiblesome. SSU
is commonly used to designate liquid viscosities in the petroleum industry.
However, SSU does not have the appropriate units to be of use in enginicer-
ing computations and equations and must be converted to other measures.
The equivalent kinematic viscosity in centistokes » is closely approximated
by

v—-0216SSU——l£6-

SSuU
for SSU greater than 32 sec. The tables in ASTM D 446 53 shouid be con-
(;"',» sulted if very accurate conversion is desired.

It is unfortunate that the name viscosity is attached to the quantity
defined by (2-8), for it has confused the basic definition of viscosity and
made conversion between absolute and kinematic, with the many measures
of each, a trying experience. To this end a nomogram, Fig. 2-3, has been
prepared to facilitate conversion of measures of viscosity which are used
in this country. Because the English system of units is used in hydraulic
control systems the unit of the reyn is most convenient

viscosity vanatlon thh temperaturc is the more important and mdy be
approximated by an equation of the form [1]

U= Ho e-A(T To) (2_9)
where p = absolute viscosity at temperature 7, 1b-sec/in.?
o = viscosity at a reference temperature T, 1b-sec/in.?
A = a constant which depends on the liquid, (°F)?
T = temperature, °F
The most common method of presenting viscosity-temperature charac-

teristics of fluids, particularly by those working exiensively with fiuids,
is as in ASTM viscosity-temperature charts described in ASTM D 341.
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k .

The virtue of these charts is that plotted viscosity-temperature characteris-
tics are very nearly straight lines so that a reasonable curve can be obtained
from few test points.

Many measures of the variation in viscosity of a fluid with temperature
have been proposed. The simplest of these is the negative of the geometric
slope of the viscosity-temperature curve plotted on an ASTM churt; how-
ever, this slope has little physical meaning. The most common measure
of viscosity variation with temperature is the Dean and Davis Viscosity
Index. The viscosity index is an empirical number and is computed ac-
cording to tables given in ASTM D 567. The lower the viscosity index
of a liquid, the greater the variation in viscosity with temperature, and
vice versa. The viscosity index was originally conceived to range from
0 to 100. However, new fluid formulations and refining techniques have
resulted in fluids which have a viscosity index greater than 100. Another
measure of viscosity change with temperature is the Viscosity Temperature
Coeflicient, which is defined by

VTC = 200 — V210 __ 4 Yar0 (2-10)

Y100 V100

where v,,, and 4, are the kinematic viscosities of the liquid at 210°F and
100°F, respectively. None of these measures of the viscosity-temperature
gradient are satisfactory for large temperature ranges, so the complete
curve should be consulted.

Plots of weight density, absolute viscosity, and bulk modulus as a func-
tion of temperature for a MIL-H-5606B hydraulic fluid are shown in
Fig. 2-1.

424 THERMAL PROPERTIES

Two thermal properties of liquids, specific heat and thermal conduc-
tivity, are of importance, especially in the design of hydraulic power sup-
plies.

The specific heat of a liquid is the amount of heat required to raise the
temperature of a unit mass by 1°. The symbol C, is used to designate

‘specific heat, and a typical value for petroleum base fluids is C, = 0.5

Btu/lb-°F. The mechanical equivalent of hcat, 1 Btu = 9336 in.-ibs, may
be used for conversion of units. Specific heat at constant volume C, and
at constant pressure C, must be distinguished for gases. However, liquids
expand little with temperature so that the specific heats are nearly the same.
For liquids it can be shown from general thermodynamic relations that
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14 HYDRAULIC FLUIDS
the difference in specific heats is given by {2]

Ta’p
9339
Using values for petroleum base fluids of y = 0.03 Ib/in.%, § = 220,000 psi,
a = 0.5 x 103 (°F)", C, = 0.5 Btu/Ib-°F, and assuming a fluid teranera-
ture of 100°F, we obtain a specific heat ratio of C,/C, = 1.04. At higher
temperatures, the ratio of specific heats increase and may become signifi-
cant in some computations. However, this increase is offset somewhat
by the fact that the specific heat of liquids also increases with temperature.
Thermal conductivity is a measure of the rate of heat flow through an
area for a temperature gradient in the direction of heat low. For petrol-
eum base oils the thermal conductivity is about 0.08 Btu/hr-{t*-(°F/ft).

c,—C,=

(2-11)

7.5 EFFECTIVE BULK MODULUS

S

vl

Interaction of the spring cffect of a liquid and the mass of mechanical
parts gives a resonance in nearly all hydraulic components. In most cases
this resonance is the chief limitation to dynamic performance. The fluid
spring is characterized by the value for the bulk modutus. The bulk
modulus of a liquid can be substantially lowered by entrained air andjor
mechanical compliance, and the pur ~ose of this section is to develop equa-
tions and practical values for the rosulting bulk moduius of a system.

Let us consider a flexibte container filled with a flvid which is a mixture
of liquid and a vapor or gas as shown in Fig. 2-4c. The gas is shown
lumped, but in practice the gas could be entrained in the liquid in the form
of bubbles and/or a pocket of gas couid exist. Dissolved air in a liquid has
little or no effect on the bulk modulus of a liquid. Initially, the total
volume of the container V, can be written '

v Vi=V,+V, " (2-12)

where V, and ¥, are initial volumes of the liquid and gas, respectively.
As the piston is moved to the left (Fig. 2-4b), a pressure inciease AP is
exerted on fhe fluid mixture and the container. As seen by the piston,
there is a ddcrease in the initial volume of

] AV, = —AV, — AV, + AV, (2-13)

where the jubscripts g, /, and ¢ refer to the gas, liquid, and container,
respectivgly. Equation 2-13 is not to be confused with the physical volume
change in*the container. The effective or total bulk medulus £, may be
defined b
y 1 Ay,

5.~ VAP (2-14)
s t
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Combining (2-13) and (2-14) yields

Lk ALY B(_ LA (A_V) (2.15)
B. V.\ V,Ap/ " V\\ VAP V,AP

“Now, the bulk modulus of a liquid has been shown to be (see Section 2-2)

Bi=——— (2-19)

U
GaS, ‘/g S
_L_—.‘_—';_.":\
. . = _—é
Liquid, V; —.
A
(a) ]
A
i T A
Gas | Ugaiittic it
| —| AV,
—AVg | :;:_»'IT—__ b — == v
_____ 1) | )
' — 1) | A
1 . . b = r____ —
Liquid =
e Z AP 10002 1207
- )
v
(b) v

Figure 2-4. Flexible container filled with gas-liquid mixture under compression.

The bulk modulus of a gas may be defined by

V,AP
* = -4 2-17
b=—"%y @17
‘ The negative signs in (2-16) and (2-17) indicate a decrease in volume with

pressure increase. The quantity
V. AP

=i 2-18
B. AV, (2-18)

may be defined as the bulk modulus of the container with respect to the
total volume. Substituting (2-16), (2-17), and (2-18) into (2-15) gives the
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P
final result. Therefore -

A e

This is a general equ ation which gives the equivalent bulk modulus for a
liquid-gas mixture in a flexible container. Some approximations of (2-19)
are useful. Solving (2-12) for V, and substituting into (2-19),

1 1 1 V 1 1 .
—=— 4 -4 £ (2-20)
ﬁa ﬁc ﬁl v (Fa Pl}
Because 8, > B,, (2-20) becomes
1 V 1
== + -2 ) (2-21)
ﬁe ﬂc ﬁi Vi (60

Because this equation involves reciprocals, the effective bulk modalus will
be less than any one of the values f.. #,. or (V/V,),. This is analogous
to the total resistance of parallel resistors. If no vapor or entrapped air
is present, then

—_—=— 4 - (2-22)
B. B. B

The equations given are well and "good but require the determination of
many quantities. The total volume ¥, is easily computed frem geometric
considerations. The butk modulus of the liquid £, is obtained from manu-
facturers’ data. The isothermal bulk modulus of a gas is equal to the
pressure level P, and the adizbatic bulk modulus of 2 gas is equal to
(C,/C,)P. The adiabatic value should be used and for air, g, = 1.4P.
This leaves two quantities, ¥, and f,, to be determined.

Little work has been done on determining the bulk medulus of containers
due to mechanical compliance. In some cases the elasticity of structural
members, such as motor housings, can reduce the effective bulk modulus
appreciably. Probably the major source of mechanical compliance is the
hydraulic lines connecting valves and pumps to actuators. The radial
displacement  at the inner surface of a thick-walled cylinder due to an
internal pressure increase of AP is given by [3]

u =

2, p2 ADrs T
QA_’I(MH):DAP[\IH;DU (L= 9D (s

2E \Dg@ — D? 2E 2T(D, + D) i

where D is the inner diameter, D, is the outer diameter, T is the wall
thickness 27T = D, — D). E is the modulus of clasticity of the wall mate:-

ial, and » is Poisson’s ratio for the material. By usc of (2-18), the bulk
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modulus for a thick-walled cylindrical container then becomes

1 2_[(1 + D" + (1 — m)?] (2:24)

:‘3_0:5 2T(Dy + D)

For a thin-walled cylinder such that D, =~ D, and because v ~ } for metals,
(2-24) approximates to
TE
L= — 2-25
b= (2-25)
This formula is generally used for hydraulic tubing. For thick walled
metal pipes in which Dy >> D, then (2-24) approximates {0

E E

=R 2-26
=i +n 25 (2:26)
If the wall thickness is equal to the inside radius, that is, T = D/2 and
Dy = 2D then (2-24) becomes

3E E

=& — 2-27
. 25+ 3») 383 (2-27)

Thus there is not a great increase (about 50%) in the container bulk
modulus as the wall thickness is increased from DJ2 to infinite.

~ Many hydraulic lines are made of teflon or hard rubber with outside
+'. sheaths of a single or double jg[_eg_ié of stainless steel. Such flexible hoses
“have a comparatively low bulk moaulus with values in the range 10,000
to 50,000 psi common. The value for a particular hose can be readily
computed from cubic expansion coeflicients of the hosc under pressure.
These coefficients are available from hose manufacturers, and (2-18) is
used to determine the bulk modulus.

With reference to (2-21), a small amount of entrapped air can drastically
reduce the bulk modulus. For example, suppose that a fluid inside a steel
pipe is at a pressure of 500 psi and contains 1% (by volume) of entrapped
air. Let the pipe diameter be six times the wall thickness so that the bulk
modulus of the pipe becomes

B.=1%x30x10°=35Xx 108 psi

An average value for the bulk modulus of petroleum base fluids is B, =
2.2 x 10° psi. The bulk modulus of the entrapped air is f, = 1.4 X 500 =
700 psi. Substituting these numbers into (2-21) yields

| =

1 1 0.01
—— g — 4 —— =1.904 x 107°
, S X 108 2.2 x 10° 700

=

At A

e A4
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Therefore B, = 52,600 psi. In the absence of entrapped air the effective
bulk modulus would be 210,000 psi. Thus a smail percentage of airin a
liquid can decrcase the bulk modulus substantially. If the pressure level
were 1000 psi, the effective bulk modulus would be 84,100 psi. This is one
argument in favor of high pressure systems.

In any practical case it is difficult to determine the effective bulk medulus
other than by direct measurement. Estimates of entrapped air in hydraulic
systems runs as high as 209 when the fluid is at atmospheric pressure. As
pressure is increased, much of this air dissolves into the liquid and does not
affect the bulk modulus. In the author’s experience, an effective bulk
modulus of 100,000 psi has yiclded reliable results. Blind use of the bulk
modulus of the liquid alone without regard for entrapped air and structural

. elasticity can lead to gross errcrs in calculated resonances. Calculated

resonances in hydraulic systems at best are approximate.

Because entrained air reduces the bulk modulus, the natural frequency
of hydraulic actuators in servo systems may be lowered to such an extent
that system instability results. Thisis especially noticeable when a hydrau-
lic servo is first turned on after a period of shutdown has allowed air to
collect in the system. Noisy, unstable performance occurs for a shoit
time until the air is “washed out” of the system. Pumps often exhibit
a noisy start until air is flushed out by the action of the flowing fluid.
Antifoamants are usually added to hydraulic fluids to increase their ability
to release air without forming emulsions. However. a major source of
air entrainment is lack of adequate mechanical design of the fluid passages.
Blind holes, pockets, and tortuous passages will allow air to collect which
may not be flushed out by the moving fluid. Because of the lowered bulk
modulus, the result can be a permanent degradation in performance in
the form of lowered gains and bandwidths in servo loops and erratic
actuator velocities.

(/LZ-G CHEMICAL AND keLATED PROPERTIES

Fluids are subject to chemical reactions with their environment, and
many properties have been defined which relate to their chemical behavior.
Because of the complex nature of fluids, most of these properties are
rather loosely defined.

Lubricity refers to the performance of a fluid as a boundary layer

* Jubricant. Oil films should firmly attach to surfaces, commonlv called

oiliness, and have sufficient “durability to resist the intcrnal mechanical
stress due to surfaces in relative motion so that a low coeflicient of friction
results. Lack of adequate lubricating properties promotes wear and short-
ens component life. The increased clearances between surfaces due to
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wear results in degraded performance in the form of increased leakages,
loss in efficiency, and failure to build up pressures.

Thermal stability refers to the ability of fluids to resist chemical reactions
and/or decomposition at high temperatures. Fluids react more vigorously
as temperature is increased and may form solid reaction products which
can clog filters, valves, pumps, and motors.

Oxidative stability refers to the ability of fluids to resist reaction with
oxygen-containing materials, especially air. Solid reaction products, de-
posits, and acids may be formed which causes clogging. rusting, and cor-
rosion of system hardware.

Hydrolytic stability refers to the ability of fluids to resist reaction with
water. Undesirable formations of solids may result or a stable water-in-oil
emulsion may be formed which degrades lubricating ubility and promotes
rusting and corrosion. Demulsifier additives are often used to inhibit
emulsion formations.

Compatibility refers to the ability of fluids to resist reaction with mater-
ials commonly used in the systems. Some fluids tend to soften or liquify
paints and sealing materials so that caution must be exercised. Recom-
mendations of the fluid manufacturer should be followed in thi$ regard.

Foaming refers to the ability of liquids to combine with gases, principally
air, and form emulsions. Entrained air reduces the lubricating ability and
bulk modulus of a liquid. A reduction in . 1k modulus cap scverely fimit
dynamic performance (see Section 2-5). Fiuids should have the ability to
release air without forming emulsions, and antifoamant additives are used
to encourage this ability. \

Threc quantitative measures have been defined which relate to.the fire
hazard of flammable fluids. The flash point is the oil temperuture at which
sufficient vapors are formed to cause a transient flame when a test flame
is applied. The fire point is the oil temperature at which the transient flame
is self-sustaining for a period of 5sec and is usually about 30°F higher
than the flash point for petroleum base fluids [4].

The spontaneous or autogenous ignition temperature is the temperature
at which droplets ¢f heated liquid will ignite when impinging on a hot
surface in the presepce of air; however, this temperature varies consider-
ably with the exact|copditions of the test and must be interpreted accord-
ingly. ‘

The pour point if the lowest temperature at which a fluid will flow when
tested according\: an ASTM procedure. This is a limiting temperature,
and the Jowest system opcrational temperature must be considerabiy
higher. '

Handling properties refer to the toxicity, odor, color, and storags char-
acteristics of a fluid. Some fluids have highly toxic vapors and can cause
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skin irritations when in direct contact. Fluid odor should be pleasant or
absent and the color should facilitate identification. Storage of the flud
for reasonable periods without alteration in its properties is obvicusly
desirable.

2-7 TYPES OF HYDRAULIC FLUIDS

Two basic types of hydraulic fluids used in control systems can be
distinguished: petroleum base fluids and synthetic fluids. The synthetic
fluids may be subdivided into chemically compounded and, water base
fluids. Peciroleum base fluids are obtained from refining crude oil. The
major disadvantages of these fluids are their potential fire havard and
restricted operational temperature range. To overcome these difficulties,—
synthetic fluids have been formulated {rom compounds which arc chemi-
cally resistant to burning or by the addition of “snuffer” agents, usually
water, to flammable ccrapounds to form water base fluids. Water, some-
times with soluble oil additives to increase lubricity and reduce rusting,
is used in some industrial applications where large quantities of fluid are
required and performance is not @ premium. However. water is a poor
hydraulic fluid because of its restrictive liquid range, jow viscosity and
lubricity, and rusting ability.

The properties of some commer .lly available fluids are listed in Table
2-1. However, hydraulic fluids and their formulations are continually
changing, and the manufacturer should be consuited for latest data on
available fluids and their properties. The comparative properties of hy-
draulic fluid base stocks are shown in Table 2-2.

Petroleum Base Fluids

. \

Pétroleum base oils are by far the most commonly used hydraulic flutd.
Petroleum, a complex mixture of chiefly hydrocarbons, must be highiy
refined to produce a fluid with viscosity characteristics suitable for ty-
draulic coftrol systems. Such mineral, turbine, or light oils, as they are
often calicdl, have a long history of satisfactory performance as & working
fluid. Nedrly'ail petroleum suppliers offer a wide variety of hydrocarbon
fluids, ranking from straight refined peiroleum to high formulated fluids
containing additives to inhibit rust and oxidation, reduce fuaming, and
increasy, Yiscosity index and lubricity. A wide range of viscosity and
viscosity-temperature characteristics are available from numcrous manu-
facturers and should be consulted for specific properties. Military Speci-
fication MIL-H-56068 is the standard military specification for petroleum
base hydraulic fluids.
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TYPES OF HYDRAULIC FLUIDS 23
Synthetic Hydraulic Fluids

Synthetic fluids on the whole have excellent fire resistant properties.
Many of these fluids may be used at high temperatures, and some are
quite expensive. Such fluids ure named after their base stocks, that is, the
predominant material, and their formulations are chemically involved.

Phosphate ester basc fluids are used in both aircraft and industrial appli-
cations. Their thermal stability is rather poor for sustained operation at
temperatures in excess of 300°F, but their lubricity is excellent [4]. These
fluids are solvents for many types of paints and seals so that care must
be used to ensure compatibility with system materials. Examples of com-
mercially available fluids include Skydrel 500A. Pydraul F-9 and 150,
Cellulube 210, Houghto-Safe 1000 series, and Nyvac 200.

Silicate ester base fluids have excellent thermal stability which permits
their use as high temperature fluids, but they have poor hydrolytic stability.
Commercial fluids include Mensanto OS-45 and Oronite 8515.

The halogens of chlorine and fluorine are united with hydrocarbons to
form fluid base stocks of chlorinated hydrocarbons and ﬂuorinared hydro-
carbons. Such fluids have high thermal and oxidative stability required
for high temperature applications, but relatively high freezing points limit
their usc at low temperatures. Commercial chlorinated hydrocarbons
include Aroclor 1000 series and Pydraul A-200.

Silicone base fluids have excellent viscosity-temperature characteristics
but are limited by their lubricating ability. Examples of commercial sili-
cone fluids are Dow Corning F-60 ard Versilube F-50.

The water base fluids are fire resistant and compatible with standard
seal materials but have poor lubricating ability. Water glycols are a for-
mulation of water and a glycol, which thickens the fluid to increase vis-
cosity, with various additives to improve lubricity and corrosion resistance.
Commercial water glycols include Ucon Hydrolube 100 series, Houghto-
Safe 600 series, and Cellugard. Water-in-oil emulsions are formed by a
stable suspension of water particles in a hydrocarbon oil. However, the
water and oil does tend to separate and, if allowed to stand, agitation is
required to maintain the dispersion of water in the oil. Checking the fluid
while in use is desirable to cnsure that the water content is at a satisfactory
level. Commercial examples are Shell Irus 902, Sunsafe, and Houghto-Safe
5000 scries fluids. Although their high temperature range islimited because
of the water content, the water base fluids offer a satisfactory and econom-

ical industrial hydraulic fluid when properly used.

2-8 SELECTION OF THE HYDRAULIC FLUID

Many petroleum and synthetic fluids are available and more are being
formulated. The highly technical formulations of the fluids with their
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various pros and cons makes the sclection of such fluids difficult for those
who are not thoroughly acquainted with the latest improvements and new
formulations.

Generally, hydraulic fluids are chosen based on considerations of the
environment of the application and chemical properties of the fluid. Phys-
ical properties such as viscosity, density, and bulk modulus are not usually
basic considerations. Viscosity is very important, but usually a varicty of
viscosity characteristics are available in each fluid type. Bulk modulus
should be large, but this requirement usually yields to the high temperature
capability of the fluid. For example, the low bulk modulus of silicone
fluids is more than offset by their high temperature range.

A basic judgment in fluid selection is required concerning the fire and
explosion hiazard posed by the application. [f the environment and high
temperature limit of the application are wirhin the range of petroleum
base fluids, then any number of suitable oils are available from numerous
manufacturers. If the application requires a fire-resistant fluid, a choice
must be made between the chemically compounded and water base syn-
thetics. Factors to be considered are temperature range, cost. lubricity,
compatibility, chemical, and handling characteristics of the fluid. Once a
fluid type is selected, a number of viscosity and viscosity-temperature
characteristics are usually made available, and a suitable matching must
be made to the requirements of t! . system hardware. Consultation with
representatives of hardware and fluid manufacturers is essential to
ensure satisfactory compatibility and performance.
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Fluid Flow Fundamentals

Knowledge of the fundamental laws and equations which govern the flow
of fluids is essential for the rational design of hydraulic control compunents
and systems. This chapter will discuss the general equations of fluid mo-
tion, types of flow, and flow through conduits and orifices. The last section
will summarize those relations normally used in hydraulic control analysis
and design.

Fluids are made up of discrete particles—molecules. An accurate anal-
ysis would have to consider the motion of each particle, and this would
be hopeless analytically. For example, the density at any geometrical point
would depend on whether there exists a molecule at that point  Therefore,
we must rely on “continuous” theory and consider the statistical properties
of a fluid. This concept is in conflict with molecular theory, but it is
sufficiently accurate for engineering purposes. However, at low pressures
where there are large distances between molecules or when the distances
between molecules are comparable in magnitude to the significant dimen-
sions of the problem, the kinetic theory would be required.

3.1 GENERAL EQUATIONS

Analytic description of general fluid flow requires that the motion of a
small cube of fluid be defined. If such a cube can be sufficiently defined,
it would be possible to proceed to more complex situations. An infinitesi-
mally small volume of fluid can be completely defined using eight param-
eters. These are the z, y, and z coordinates of the element and the pressure,
témperature, density, and viscosity of the element and, of course, time.
Therefore seven independent equations are required in order that they may
be solved simultancously to obtain any of the parameters as 4 function of
another or, as is more usually the case, to find any parameter as a f unction
of time.

The first three of these equations result when Newton’s second iaw is
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applicd to the three directions of motion and are known as the Mavier-
Stokes ecuations.* They are

(au ou Ju au) ar <6° Py Cu )
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u, v, and w are vclocity components in x, y. and = directions of Cariesian
coordinates, and X, Y, and Z are body forces per unit volume in direction
of coordinate axes, 7 is time, P is pressure per unit of area, p is the mass
density, and u is the absolute viscosity of the fluid. These equations are
a result of the law of conservation of momentum. The terms on the left
side of these equations are a result of fluid inertia. The fast three terms
ontherightside result from viscousfriction. If the inertia ternisarc neglected,
the set of equations is called Stokes equations; if viscosity is neglected,
the equations are called Euler’s equations. The ratio of incrtia force over
viscous force is called Reynolds number and serves to weight the relative
effects of viscosity and inertia ter °s of the Navier-Stokes equations. A |
large Reynolds number indicates t at inertia terms are dominant, whereas *
a small number indicates the dominance of viscosity terms. —
The fourth cquation results from the law of conservation of mass.
Consider a control volume (Fig. 3-1) in which there are weighit flow rates
W into and from the volume. Let the volume be ¥ and the accumulated
or stored mass of fluid inside be m with a mass density of p. Since all
fluid must be accounted for, as the medium is assumed contnuous. the
rate.at which mass is stored must equal incoming mass flow rate minus
outgoing mass flow rate. Therefore,

. \ z Win — z Wout =

\ Ot +15—;+ _8—+ oz

r.:

(aw ow ow aw) =7 -

dm _ d(pVy)
. 8T
Equation 3-4 s called the continuity equation because it is based on con-
tinuous th¢ory, and the form given is convenient for the analysis of fluid
componens. .

The*{ifth cquation results from the law of conservation of energy and
is called\the first law of thermodynamics. Consider & volume (Fig. 3-2)
in which wWeighi flow rates in arc W, ib/sec and cuifiows are W, ib/sec.

(3-4)

* The Navier-Stokes equations given here assume constant densiiy and viscosity and
are thercfore a simplified form of the more generai Mavier-Stokes equaiions,
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Figure 3-1. Flows entering and leaving a control volume.

The fluid inside the volume is doing external work (expansion, shaft, and
shear) of dW /dt in-lb/sec, and heat is being transferred to the volume
at a rate of dQ,/dt in-lb/sec. The statement of the first law is that the
energy flow in minus the energy flow out must equal the rate at which
energy is stored inside the volume. Therefore

7
f%Q;L‘ - é‘% + z Winhom - Z Wouthoout = d:i‘Et' (3'5)
where hy = h + V?2g + z, total energy (internal, pressurc, kinetic, and
potential) per unit weight of fluid, in-1b/lb
E = total internal energy of fluid inside volume, in-Ib
u = internal (intrinsic) energy, in-1b/lb
P = pressure, Ib/in.?
y = weight density, 1bfin.?
V = velocity, in.[sec
g = acceleration due to gravity, 386 in.[sec?
2 = elevation, in.
W = weight flow rate, Ib/sec
h = u + P[y, enthalpy of the fluid, in-1b/lb
This equation assumes the absence of capiliary, electrical and magnetic
forces, and that such a volume can be defined. For a liquid, the iniernal
energy per pound is u = 9339C,T, where T is the liquid temperature, °F,

2, Win ho,
n % Wout hogu

dW,/dt dQn/dt

Figure 3-2. Energies entering and leaving a control volume.
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28 FLUID FLOW FUNDAMENTALS

C, is the specific heat, Btu/Ib-°F, and 9339 is the mechanical equivalent
of heat, in-1b/Btu. Therefore for steady flow of an incompressible liquid
(i.e:, no energy stored in the volume, dE/dt = 0. and y, = y, = y) which
enters and leaves a control volume at only one place with negligible
changes in clevation (I'ig. 3-3), (3-3) becomes

/

w ’2
dQy _ dw, + ”'1(9339(;‘)7*1 + Py + ‘_‘)
dt dt y 2g
; ( - P, !"22\
- u2(9339c312 4+ 224 ;—) =0 (3-6)
vy <8
dW,/dt
W Wa
Py Flow Py
Vi \ 2
n T2 \
l__%___il

Figure 3-3 Flow entering and Icaving a control volume with heat added and work
being done. ) '

The heat transferred to the volume would be determined by Fourier’s law
of heat conduction. This is not easy to define mathematically, and two
extreme cases are usually considered which bracket all possibilitics. Heat
can be transferred at such a rate that the temperature remgains constant.
This ¢ondition is called isothermal and, since temperature is constant, the
encrgy equation is not required. At the other extreme no heat is trans-
ferred, that is, dQ,/dt = 0, and this condition is called adiabatic. In
general, tenfperaturc changes have little effect on liquid flow because
cubical expahsion coefficients are small and cause negligible density change.
The sixthjequation is the equation of state and may be written

‘ p=fP,T) (37

For a l%{d (2-3) may be used. The seventh and last equation is that
required td define viscosity as a function of pressure and temperature.

p=hHPT) (3-8)

Equation 2-9 could be used as this function for a liquid.
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The equations which describe fluid flow are nonlinear partial differential
equations with complex boundary conditions. Needless te say, no general
solutions of these equations have been found. There is therefore no gencral
theoretical treatment of fluid motion. The general equations do serve to
define the scope of any problem involving fluids. In many instances cer-
tain approximations can be made which reduce the complexity of these
equations and permit solutions accurate enough for most purposcs.

32 TYPES OF FLUID FLOW

Since thcrc isno generul treatment of i’uid flow, eac‘n mrficulur situation
combination of experience and anal)sls for man) cases of pmuu.dl in-
(+“* terest and considerable judgment is often required n their applxcatlon
(' \* Flow in closed conduits is of particular interest and includes flow ini pipes,
- sudden enlargements and contractions in pipe sections, flow-through fit-
tings, and flow through restrictions in pipes such as orifices.
~ 1> Some general comments on fluid flow can be made. The forces which
"/ affect fluid flow are due to body forces such as gravity and bouyancy,
forces due to fluid inertia, forces arising from internal fluid friction (vis-
cosity), and forces due to surface tension, electric and magnetic ficlds. In
most cases, only those forces arising from fluid inertia and viscosity are
significant. The Navier-Stokes equations are so formidable that either
viscosity or inertia terms (not both) may be considered analytically. How-
ever, experience shows that flows in nature arc generally dominated cither
by viscosity or inertia of the fluid. It is indeed fortunate that nature co-
operates with our ability to anaiytically treat only simple flow cases.
Therefore, it is useful to deiine a quantity which describes the relative
significance of these two forces in a given flow situation. The dimension-
less ratio of inertia force to viscous force is called Reynolds number and
defined by

R =F% (3-9)
u

where p is fluid mass density, p is absolute viscosity, @ is the average
velocity of flow, and a is a characteristic dimension of the particular flow
‘situation. For each flow case, the characteristic length is agreed upon and
empirical values are obtained for the Reynolds number which describes
transition from viscosity to inertia dominated flows.

Flow dominated by viscosity forces is referred to as laninar or viscous
flow. Laminar flow is characterized by an orderly, smooth, parallel line
motion of the fluid. Inertia dominated flow is generally furbulent and
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characterized by irregular, erratic, eddylike paths of the fluid particles.
In some cases viscosity is important only in a layer, called the boundary
layer, next to a solid boundary while the main body of flow outside of the
boundary layer is inertia dominated and behaves in an orderly fashion
similar to that of laminur flow. If the boundary layer forces can be
neglected, the resulting flow is called potential or streamline flow, an
example of which is flow through an orifice. Potential flow is nonturbu-
lent, streamline, and {rictionless, so that the Reynolds number is infinite.
Thus inertia dominated flow may be either turbuicnt or potential: how-
ever, the term turbulent is generally used to designate flows at high
Reynolds numbers.

Assuming one-dimensional, steady, incompressible, frictionless (u = 0}
flow with no body forces, the Navier-Stokes equations reducc to

du_ _1or
o« p oxr
which may be integrated to yield
2 \
P + L - constant ! 3-10)
v 2

Equation 3-10 is Bernoulli’s equation with negligible gravity forces and is
applicable to a streamline of pot. tial flow. I{ the veiocity is uniform
across a flow section, then the constant is the same for all streamlines and
(3-10) becomes '

R

y 28 v 28
Note that if the velocity u at a section increases, the pressure must decrease
and vice versa, that is, the total head at any scction is a constant.

Generally, laminar flows can be solved from the Navicr-Stokes equatinas

if the geometry of the flow is simple. Potential flows can be described by
Bernoulli’s equation. However, turbulent flow relationships are almust
entirely empirical. Some specific cases of practical interest will be dis-
cussed in tlie following sections.

@G-1n
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Flow, in|pipes may be laminar or turbulent. The characteristic length
used for\Reynolds number is inside pipe diameter D, and the average flow

velocity is!volumetric flow raie divided by pipe area, that is,

Q_ 40
A

=

= 3-12)
wD*? ( ’
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Thercfore the Reynolds number is given by

R PAD _ 490 -13)
I nuD

Transition from laminar to turbulent flow has been experimentally observed
to occur in the range 2060 < R < 4000. Below R = 2000 the flow is
always laminar; ahove R = 4000 the flow is usually, but rot always,
turbulent. It is possible to have laminar flow at Reynolds number con-
siderably above 4000 if extreme care is taken to avoid disturbances which
would lead to turbulence. However, these instances are exceptional, and
the high limit of 4000 is a good rule.

Laminar Flow in Pipes

Let us first consider steady laminar flow in pipes. Such pipes are often
termed capillary tubes because the small diameters usualiy result in laminar

Laminar boundary

/ layer

Parabolic velocity profile

—

Py Py

Figure 3-4 Laminar flow in a pipe.

flow. However, it should be recognized that low velocities or large vis-
cosities can also result in laminar flow in pipes of larger diamcter. As
fluid enters a pipe (Fig. 3-4) the velacity profile is constant at & valve  if
there is rounding of the inlet. The fluid velocity at the pipe wall is zero,
and this layer of fluid exerts considerable shear forces on the inner ayers
whose velocities must exceed i to satisfy the law of continuity. The
boundary layer thus formed increases in thickness until the center of the
pipe is reached. The velocity profile then becomes parabolic und remains
parabolic throughout the length of pipe. Let u, denote the peak velocity
of the entrance velocity profiles. For a parabolic profile, the pesk velocity
is 2i1. The ratio uy/i then varies from unity at the entrance to two at the
length of pipe where a parabolic velocity profile is established. Langhaar
[1] has studied this casc in detail and the results are plotied in Fiz. 3-5.
Py is the pressure in the reservoir, and P, is the pressure after a lengih of
pipe L (L is usually tuken as the total length). The inlet length where the
peak velocity is within 1 % of the final peak velocity of 2d (i.e., uyfid = 1.28)
is cailed the transition length. From Fig. 3-5 the transition length for
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laminar flow is

, = 0.0575DR (3-14)

At the upper limit of laminar flow, that is, R = 2000, a transition length
of 115 pipe diameters is required to establish fully developed laminar
flow.

Both inertia and viscous forces affect the pressure drop in the transition
length. However, only viscous forces are significant once a parabolic

9 — I 2.00
e 0.0575 / / 175
/|

7} e 150 %
/ 7 L
6 < 125
Py~ P, /\SIODe=64

k]

fpuz 5 / 1.00

A \

=5

7 i Tk
3 vl {pi2
e
228 X
s /] -
1

0 0.02 0.04 0.06 0.08 0.10
L{1 '
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Figure 3-5 Pressure drop and peak velocity of steady laminar flow in a pipe.

i 0
velocity profile is achieved. For pipe lengths greater than the transition
length, the pressure drop shown in Fig. 3-5 can be approximated by

Po=P:_ 64 -L—(‘—) +228 319
3pt D\R
Combining {3-12), (3-13), and (3-15) yields

- 128L0/ , 220 DR)
\ aD' \ 64 L

The first tefm in (3-16) is the well-known Hagen-Poiseuille law for fully
developed laminar flow in pipes. The second term accounts for losses due
to fluid inertia because the inner layers are being accelerated in tne transi-
tion length. Entrance and exit losses are not acccunted for in (3-16) and

Po - Pg (3'16)
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must be added (see Section 3-5). For example, an agigp} square-edged
entrance from a large reservoir has a loss coefficient of 0.5. An abrupt
exit into a large reservoir hasa loss coefficient of I, which means that all the
kinetic energy of the issuing fluid is lost in the turbulent mixing with fluid
in the reservoir; hence, P, &~ P;. These losses can be factored into (3-16)
by replacing 2.28 by 2.78. Thus, the pressure drop in a capillary with
sharp-edged entrance and exit is

128uL

nD*

PO—P3=

(1 +0.0434 3 R) (3-17)

If the length of pipe is less than the transition length, then the pressure
drop is determined from the curve in Fig. 3-5. A trial and error solution
is required if the pressure drop is known and flow is desired. If flow is
known the abscissa may be directly computed and the corresponding
ordinate selected to determine the pressure drop. Again, the entrance
and exit losses must be added to the result.

Langhaar’s theory seems to deviate from experimental values for
L/DR < 0.00l. An investigation of this range by Shapiro, Siegel, and

Kline [2] gives
ﬂ’-’—f’—’ =1+ 1374 /—L— (3-18)
}pit DR

for a short tube with well-rounded entry. Including the loss coefficient
of 0.5 for a square-edged entry, assuming 2 square-edged exit such that
P, ~ P;, and because i = QfA4, we obtain

P, — Py = (1.5 + 13.74]%)2(%)2 (3-19)

This result is valid for short tubes with abrupt entrances and exits in the
range L{DR < 0.001.

The linearity of pressure drop and flow, a characteristic of all laminar
flows, is desirable in many circuits. Capillary tubes are often used to sta-
bilize pressure control valves, as upstream restrictors in hydrostatic bearing,
and placed across motor lines to improve damping. However, laminar flow
is temperature sensitive, as it depends on viscosity, and this disadvantage
must always be weighed.

Capillary tubes are usually formed by coiling small bore tubing or by
screw thread passages. Although the formulas given are for straight tubes,
computed results compare very well with test data for very tightly coiled
capillaries because the coil radius is usually much larger than the capillary
tube radius. A concern to the designer is the Jength of tube required for
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Q = voJumetric flow rate, in.3/scc h = passage height, in.

P, ~ P, = prpssure drop in direction of " r = tube radius, in.
figw, psi = radial clearance, in.

L =¥gssage length, in. e = eccentricity of shaft, in.

p# = flaid viscosity, Ib-sec/in.? a, b = axes of ellipse, in.

w = passage width, in. s = side of a triangle, in,

Figure 3-6 Laminar flow through various passages with cross szctions illustrated.
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laminar flow to be dominant. Tuking the extreme limit of laminar flow,
R == 2000 and sclecting a length to diameier ratio of 800, we find that the
parenthesis in (3-17) has a value of 1.11. Therefore ratios of L{D > 800
give no more than 11% error in pressure drop when computed from the
Hagen-Poiseuille law. If R < 2000, correspondingly shorter lengths can
be used. Using 109 error in pressure computation as a criterion and
referring to (3-17), we have design ratios given by

-’; > 0.434R (3-20)

that are satisfactory for engineering purposes. This relation insures that
the capillary is the dominant resistance when pressures are measured in
the end reservoirs. A conservative rule of thumb often used for capillary
design is L/D > 400. However, much smaller ratios are satisfactory at
lower Reynolds numbers.

Laminar flow in passages with other geometrical cross sections such as
elliptical, rectangular, triangular, and annular can be derived [3], and the
formulas are summarized in Fig. 3-6. The theoretical formulas for square
and triangular cross sections are useful in sizing screw thread capillaries.
However, experimental data is always preferred. 1t should be emphasized
that laminar flow rcsults only if the passage cross sections are compara-
tively small and/or have relatively iong length. Otherwise, turbulent flow
will exist. The Reynolds number, based on hydraulic diameter, should
be computed to obtain a rough idea of the type of flow. Referring to
Fig. 3-6, we note that flow through an annulus increases as the shaft
becomes more eccentric. In the extreme case in which the shaft touches the
cylinder wall, the eccentricity equals the radial clearance and the flow is
2.5 times that obtained with shaft and cylinder concentric. In practice
the eccentricity is not known and an average flow between the two ex-
tremes might be used. This relation is useful in establishing the radial

-clearance in a seal so that leakage flow requirements are not exceeded.

Turbulent Flow in Pipes

Flow patterns and equations for turbulent flow in pipes are based largely
on experimental observations. As flow enters the pipe (Fig. 3-7), the
initial boundary layer is laminar but becomes turbulent (except for a very
thin laminar sublayer) after a very short distance. This turbulent boundary
layer increases in thickness to the center of the pipe in a transition length
of about 25 to 40 pipe diameters [4]. A rather blunt velocity profile, with
a peak velocity of about 1.2, is then established and remains throughcut
the pipe length.
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The empirical equation giving the pressure drop for fully developed
turbulent flow is
L pii*
P, — Py=f—E- (3-21)
D 2
where fis the friction factor which depends on Reynoids number and pipe
rou: hness. The additional pressure drop due to the transition length is
about 0.09 pir?/2 and is negligibie in most computations. Pressure drops
due to entrance and exit losses are also usualiy negligibie.

Turbulent Fully develeped e

boundary fayer \, " velocity profile J
= P RN SR I - - — -—) -~
PE s e e e 2
Ly ———d |
L -

Figure 3-7 Turbulent flow in a pipe.

Equating (3-21) to the Hagen-Poiseuille law, the friction factor for
laminar flow is

64
= — 3-22
f== (3-22)

In the turbulent flow range Blasius experimentally determined the friction
factor to be

0.3164
f = R0.25

(3-23)

for smooth pipes and Reynolds numbers less than 100,000. Prandti’s
universal law of friction for smooth pipes (3-24) is applicable

1 ~
—= = 2 log,, (RJf) — 0.8 (3-24)
Jf v

for arbitrarily large Reynolds numbers but is somewhat difficult to ma-
nipulate mathematically. Fortunately (3-23; covers the cases in hydraulic
control becausc the pipes are smooth and the flow velocities arc normaily
kept below 15 ft/sec to avoid large pressure surges with sudden vaive
closures (see Section 3-7), and this results in Reynolds numbers beirg less
than 10°.

It is customary to plot friction factor versus Reynolds number for both
flow regimes (Fig. 3-8) but iteration is required to determine ficw for a
given pressure difference since the Reynolds number is initially unknown.
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If the flow is known and the pressure drop is required, then Reynolds
number can be directly computed and the friction factor selected fiom
Fig. 3-8. The pressure drop is then obtained from (3-213. However, 2
much more convenicai representation for laminar and turbulent flow can
be obtained as follows [5]: The Hagen-Poiseuille law, applicable to tully
developed laminar flow, can be written as

—_ 2 .
P, Pg — 128u 0 (3-25)
L aD}
00— Ty 7T T 11T
[~ R = 4000
L
I R=2000 /T\
T /A
Inside 1!
10__(1iameter L/ ! /

—D = 0.25 in

LA iith

AP/L-pressure drop per foot, psi/ft

L

1

0.01 =
/ Turbulent |
in. Laminar T
Transition N
region
ootk 1A vl el
1 10 100 100C

Q-flow, gpm

Figure 3-9 Pressure drop per foot for smooth pipe. Fluid density is 0.0307 Ib/in® and
viscosity is 4 x 1073 Ib-sec/in.?
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For fully developed turbulent flow (3-13), (3-21), and (3-23) may be com-
bined to yield

_ 0.25 075
Py~ Py = 0.242 !i_'.i’“ o (3-26)

where P, — P, = pressure drop, psi

Q == volumetric flow rate, in.3/sec

L = pipe leagth, in.

D = pipe inside diameter, in.

p = fluid mass density, Ib-sec?/in.}

u = fluid absolute viscosity. Ib-sec/in 2
}<or a given fluid and sclected inside diameters (3-25) is plotted for R <
2000, and (3-26) is plotted for R > 4000 as illustrated in Fig. 3-9. Such
plots are very useful in design since flow, pressure drop, and pipe size are
read directly without explicit computation of Reynolds number. Note the
increase in the rate of pressure gradient along the pipe with flow in the
turbulent region. For this reason laminar flow is desirable; however,
the resulting pipe is usuaily unnecessarily large. Usually the flow is
determined from load velocity requirements, and the pipe sizd is selected
so that the pressure drop is moderate. Pipe sclection criteria of 15 fi/sec
maximum flow velocity and 1 psi/ft pressure drop are common.

Turbulent flow in closed conduits of oncircular cross section may be

approximately computed from formulas ziven if the diameter is considered
to be the hydraulic diameter. The hydraulic diamcter i» defined by

D, S o (3-27)
where A is the flow section area and S is the flow section perimeter. For
a circular section the hydraulic diameter becomes the instde pipe diameter.
The concept of hydraulic diameter cannot be used for laminar flows be-
causc such flows are highly dependent on passage geometry, Transition
Reynolds number may be approximately determined based on the hydraulic
radius.

#3-4 FLOW THROUGH ORIFICES

Orifices are afbasic means for the control of fluid power. Flow char-
acteristics of ¥rifices plays a major role in the design of many hydraulic
control devices.i An orifice is a sudden restriction of short length (ideally
zero length for a sharp-edged orifice) in a flow passage and may have a
fixed or variable arca. Two types of flow regime exist (Fig. 3-10), depend-
ing on whether inertia or viscous forces dominatc. The flow veiocity
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through an orifice must increase above that in the upstream region o
satisfy the law of continuity. At high Reynolds numbers, the presiure
drop across the orifice is caused by the acceleration of the fluid putticles
from the upsircam velocity to the higher jet velocity. At fow Reynoids
numbers, the pressure drop is cuused by the internal shear forces resulting
from fluid viscosity.

‘:__::::_,\ U/______A_-..__:'

- Y

T R T

:—'—“"’//”L‘“ =
(a)

| St

()

Figure 3-10 Flow through an orifice: (a) laminar flow; (b) turbulent flow,

Turbulent Qrifice Flow

Since most orifice flows occur at high Reynolds numbsers, this regica is of
greater importance. Such flows are often referred to s “turbuicnt”, bus
the term does not have quite the same meaning as in pipe flow. Referrin
to Fig. 3-10b, the fluid particles are accelerated to the Jet velocity between
points I and 2. The flow between these points is streamline or patential
flow and experience justifies the nse of Bernoulli’s equation in this region.
The area of the issuing jet is smaller than the orifice area becausc the
fluid particles have inertia and are moving in a curved path at the orifice
opening. The point along the jet where the jet area becomes a niinimum
is called the vena contracta. The ratio of stream area at the vena contracta
A, to the orifice area A4, is called the contraction coeificient C,.

A, = CA, (3-28)
For round orifices, the vena contracts occurs at approximately half an
orifice diameter downstream and point 1 is about the same distance up-
stream (for a slit type orifice, these same distances are about b/2). Thus,
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the fluid is accelerated in a total distance of about one orifice diameter [6].
Between points 2 and 3 of Fig. 3-105 there is turbulence and violent mixing
of the issuing jet with the fluid in the downstream region. The kinetic
energy of the Jet is converted into an increase m internal e energy (lepCLl-
ture) of the fluid by the turbulence. Since the kinetic energy of the jet is
not recovered, pressures P, and P, are approximately equal. This may be
shown by analyzing the section between 2 and 3 as a sudden cxpansion
(see Section 3-3).

The pressure difference required to accelerate the fluid parti(‘ es frem
the lower upstream velocity 1, to the higher jet velocity w, is found by
applying Bernoulli’s equation between points | and 2. Therefore

2 2 2 AQ
U” — Uy = ;(Px — Py (3-29)
Applying the continuity equation for incompressible flow yields
Ay = Aguy, = Agig (3-30)
Combining (3-29) and (3-30) gives \
P T S PO
Ao \* 2 p
=@—Fﬂ}¢4m—m (32
Ay P

Because of viscous friction, the jet velocity - slightly less than that given
by (3-31), and an empirical factor called the velocity coefficient C, is
introduced to account for this discrepancy. C, is usually around 0.98 and
is approximated by unity in most computations. Since () = Aqug, the
volumetric flow rate at the vena contracta then becomes

0= —Sf /%h—m) (3-32)
V1= () p *

Because it is more convenient to use orifice area rather than vena contracta
area, (3-32) and (3-28) can be combined to yield

| Q= Culo /2 (P, ~ Py (3-33)
| P

where C,, called the discharge coefficient, is given by

\ C, = ___C_C____ (3-34)
| VI = CHAAP

Since C, =~ 1 and A, is usually much less than A, the discharge coeilicient
is approximately equal to ihe contraction coeflicient. The contraction
coeflicient is difficult to compute but solutions have been inade for round

\
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and slit-type sharp-edged orifices [6, 7] and are plotted in Fig. 3-11. Exper-
ience shows that the theoretical value of C, = #/(m + 2) = 0.611] can be
used for all sharp-edged orifices, regardless of the particular geometry, if
the flow is turbulent und A, < A,. For this reason a discharge coefficient
of C, =~ 0.60 is often assumed tor ali orifices and, since C,/ 2’ = 100 .2/
\/—b-sec, the crifice equation takes the familiar form

D t
0 = 1004,/ P, — P, (3-35)
where pressures are in psi, orifice arca is in in.2, and volumetric flow rate

is in in.%/sec.

T T T T T ]
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09— - /
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b Siot 1s b wide and w /
1 | _long, where w>> b /
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Cc = ! a

WL G N
//
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]

.//

w/(m+2)— | —"
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Figure 3-11 Contraction cccfficients for round and slot type orifices.

Sharp-cdged orifices are desirable for their predictable characteristics
and insensitivity to temperature changes. However, cost frequently pro-
hibits their use, especially as fixed restrictors, and orifices with length are
often employed. An average discharge coeflicient for such short tube
orifices can be obtained as follows {2, 8]: Comparing (3-33) with (3-19)
and (3-15), respectively, the discharge coefficient can be identified as

L% DR
C,= [1.5 13.74(—-) ] for — > 50
a + DR L

14
DR
C, = ( 28 + 64 ) for 2X < 50
BT o T <
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Figure 3-12 Discharge coeflicient for a short tube orifice.

These relations are plotted in Fig. 3-12. Although this discharge ccefficient
is approximate, it is sufticient for design purposes. However, experimental

- data is always preferable. \

Laminar Flow Through Orifices

At low temperatures, low orifice presst > drops, and/or small orifice
openings, the Reynolds number may become sufficiently low to permit
laminar flow. Reynolds number for an orifice is defined by

R = p(Q/A40) D,
n

where Q/A, is the jet velocity at the orifice opening and D, is the hvdraulic
diameter of the opcning. For a circular orifice of diameter  the hydraulic
diameter is D, = d. For a rectangular slit orifice of width w and height &

where w > b, the hydraulic diameter, defined by (3-27), becomes
D, = 2% o (3-37)

2(b + w)

Although the anfalysis leading to (3-33) is not valid at low Reynolds
numbers, attempts fhave been made to extend this cquation to the laminar
region by plotting flischarge coefficient as a function of Reynolds number.
A typical plot \ij such data is shown in Fig. 3-13. For R < 10 many
investigators havei found the discharge coefficient to be directly propor-
tional to the squarc root of Reynolds number; that is,

C, = oVR (3-38)

©(3-36)
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The quantity 0 depends on geometry and is called the laminar flow co-
efficicnt. Substituting (3-36) and (3-38) into (3-33) yields

26°D, 4
Q= —‘ui—" (P, — Py (3-39)

for low Reynolds numbers. Note that flow is directly related to pressure
difference and, since mass density is absent, dominated by fluid viscosity.

08
maa—
\J
06 =
04
Cq
0.2
o ) L
0 10 20 30 40 50
R

Figure 3-13 Typical plot of discharge coeflicicnt versus Reynolds number for an orifice.

Wuest [9] has theoretically determined expressions for laminar flow throngh
sharp-edged orifices. For a circular orifice in an infinitc plane (i.e., d < D
in Fig. 3-11), the result is
wd®
== (P,— P 3-40
Y 50, 4;;( 11— Py (3-40)
For a rectangular slit of height b and width w in an infinite plane (i.e.,
b K Bin Fig. 3-11) with w > b, the result is
2
0="2%®, _py (3-41)
32u
Equating (3-39) to (3-40) and to (3-41) gives d = 0.2 for a sharp-edged
round orifice and & = 0.157 for a sharp-edged slit orifice. Viersma {10}
represents the discharge coefficient by asymptotes defined by (3-38) in the
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laminar and C, = 0.611 in the turbulent regions as shown in Fig. 3-14.
The transition Reynolds number R, is defined by the intersection point of

the two asymptotes, that is
2
R = 0__'2“) (3-42)

For § = 0.2, the transition Reynolds number is R, = 9.3 and increases
as 4 is increased.

08

06]- =F—F—T—F———= e T T T
e ~f / o/
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0.2 77-/ }

0 10 20 30 40 50
/3

Figure 3-14  Asymptotic approximation of discharge ceefficient,

In many instances it is desirable to evaluate the flow coefficient, AQ/
A(P, — P,), of an orifice with no initial pressure drop. If turbulent flow is
assumed, this coeflicient is infinite as seen by differentiation of (3-33).
However, the flow becomes laminar when the pressure drop is small and
the flow coeflicient has a finite value which can bc estimated from (3-40)
and (3-41).

In summary, orifice flow is laminar for R < R, with flow rates directly
related to pressure drop as given by (3-39). In the vicinity of R,, both
inertia and viscosity are important. For R > R,, the flow can be treated
as turbulent and described by the orifice equation (3-33). The orifice equa-
tion is commonly used for all situations with a total disregard for the
types of flow that can be encountered. This is justitied in the majority of
cascs but can lead to gross errors in certain instances.
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3.5 MINOR LOSSES

The term minor losses refers to those energy losses caused by bends.
fittings, and sudden changes in flow cross secticn. These losses are cm-
pirically described by @ KOV

H,=K% = —{—) (3-43)

2g  2g7\A
where u is the fluid velocity. Q is the volumetric flow rate. and 4 is the
passage area (if two areas are involved, the area of the smaller cress s=ctinn

L_ @/,/.__ 3

I

d T —> dy K =(1 - di*/ds%)*

Sudden enlargement

I S—
d)  ————— 4 K=4(1-dy/dp)

—— —
T T
I L/b '

]
Sudden contraction

Resistarce coefficient due to the geometry of pipe entrances
and exits with large reservoirs, that is dy/da ~0

S
S D
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K =005 K =025 K =050 K =080
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Rounded Sharp-edged Projecting
exit exit pine exit

Figure 3-15 Resistance coefficients due to abrupt changes in pipe cross section and due
to the geometry of pipe entrances and exits.
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is used); K is called the resistance or loss coeflicient, and values are given
in Fig. 3-15 for many cases of interest.

Bernoulli’s equation applied between points 2 and 3 of the abrupt exit
in Fig. 3-15 would predict a pressure increase. However, there is a loss
in energy which must be taken into account. Because K = 1torall reason-
ably abrupt exits into a large reservoir (i.e.. dyfd, 3 1), the head loss is
u2[2g. This means that the entire kinetic energy of the fluid entering the
reservoir is converted into heat energy by the turbulent mixing which takes
piace. Hence, there is littie or no recovery in pressure during the expansion
so that P, ~ P, The exit must be smooth and diverge gradually to achieve
significant pressure recovery. For most cases in hydraulic control it is
sufficient to assume that P, = P, for an exit into a large chamber.

When fluid flow encounters a sudden contraction, a vena contracta is
formed between approximately one half to one pipe diameters downstream.
Because the conversion of pressure energy into kinetic energy at the inlet
is very efficient, most of the energy loss occurs due to the expansion of the
fluid stream from the vena contracta. Application of Bernoulli's equation
to points 0 and 2 of the sudden contraction in Fig. 3-15 yields

N T
y 28 v 2g 2g

where K is given in Fig. 3-15 for different inlet geometries. Because
ty & Us, 1y can be neglected and we obtain

Py— Py=(1 + K)‘-;u;

Although point 2 is downstream of the vena contracta, the distinction
between points 1 and 2 is often overlooked and (P, — P,) is referred to
as the inlet pressure drop.

Centrifugal forces and secondary flow patterns result in a pressure drop
in pipe bends. There is much variation in test data for resistance coefficients
of bends and those values given in Fig. 3-16 should be considered approxi-
mate [4, 5]. Because the fluid velocitics at points | and 2 in Fig. 3-16 are
the same, application of Bernoulli’s equation yields

- p(QV
P,—P =I\-—(-—-)
1 2 2A

as the pressure drop due to the bend. The pressure drop for the length
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Figure 3-16 Resistance cocfficients of pipe bends (from J. J. Taborek, “Fundamentals
of Linc Flow,” Machine Design Magazine, April 16, 1959).

of the bend is determined from (3-21) and added to that due to the bend.
Pressure drops in fittings and valves vary widely and data should be ob-
tained from component manufacturers or by direct measurement.

3-6 POWER LOSS AND TEMPERATURE RISE

Hydrauhc horsepower is the product of pressure drop and flow APQ,
and in many instances this power is consumed by fluid friction and in-
creases the internal cnergy of the fluid. The power used by all hydmuhc
resistances such as orifices, valves, pipes, capiilaries, and minor losses, is
converted into a temperature increase of the fluid. Most of the horsepower
produced by hydraulic motors is used as shaft work, but power used by
internal and cross leakages is converted into heat.
~ The power converted -into heat energy by a hydraulic resistance is
9339C,ATQy. Equating this to the supplicd h)dravlr horsepower of
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APQ yiclds a temperature rise in the direction of flow of

T=_AP (3-44)
9339C,y

Thus there is about a 1°F rise in temperature across any hydraulic resist-

ance (orifice, pipe, etc.) for cach 140 psi drop if the fluid has a petroleum

base for which 3 = 0.03 Ib/in.3.

Equation 3-44 may be derived in a more rigorous manner from (3-6).
If there is no heat added or work done and the flow is steady (i.e., B =
W,) then (3-6) becomes

9339C,T, + n + L 9339C,T, + i +
Y 2 4

Ve
—= (3-45)
2g
In most cases the inlet and outlet is about the same size so that V; ~ V,
and (3-45) reduces to (3-44).

The temperature rise given by (3-44) is useful in determining the heat
generated in hydraulic systems (see Section 12-6).

3-7 PRESSURE TRANSIENTS IN HYDRAULIC CONDUITS

When fluid flowing in a conduit is suddenly stopped due to a rapid valve
closure at the end of the conduit, a very large pressure transient may result.
This phenomenon is called warerhammer because it is usually accompanied
by considerable noise. The fluid adjacent to the valve is stopped initially
and a pressure wave, which heads the increasing amount of fluid being
brought to a standstill, travels back to the fluid source at velocity ¢ given

by 3 \ e
c= (ti) (3-46)
p

where ¢ = velocity of sound in the fluid, in./sec

B, = effective bulk modulus (includes fluid and mechanical com-

pliance), 1bfin.?

p = mass density of fluid, Ib-sec?/in.t
Values of ¢ in the range 35,000 to 50,000 in./sec are common. When the
pressure wave arrives at the source end of the conduit (in L/c¢ seconds
where L is the conduit length), then the kinetic energy of the moving mass
of fluid has been completely stored as potential energy in the elasticity of
conduit and fluid and the pressure of the compressed iluid, ., is a maxi-
mum. At this time a decompression wave forms and travels back to the
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valve. These waves continue to travel back aud forth with the associated
interchanges of kinetic and potential energies until friction expends the
energy involved.

At the instant of valve closure the kinctic energy of the moving fluid is

KE = 1M1 = ipLAvg? (3-47)
where A is the conduit area and r, is the initial velocity of the fluid. The
potential energy stored in the compressed fluid is

1LA
PE = -— P,/} (3-48)
2 p.
where P, is the pressure rise due to the instant valve closure. Equating
these energies yields an expression for pressure rise.

PIC = pCly (3~49)

Using typical values for p and ¢, this expression becomes P, =~ S0t psi
where v, has units of ft/sec.

Jt is apparent from (3-49) that the most effective and only way, since
p and ¢ are fixed, to reduce this pressure surge is to design pipe systems
to have low original fluid velocities by keeping pipe arcas large. If fluid
velocities are limited to a maximum of 15 ft/sec, then the instant closure
pressure rise (above the steady state level) is about 750 psi, which is gener-
ally considered a safe design value and is a criterion for conduit selection.
It is interesting to note that P, is independent of line length.

Equation 3-49 is valid and the closure is considered instantancous if the
valve closure time T is less than that required for onc round trip of the
pressure wave, that is,

TLT,=— (3-50)

where T, is commonly called the critical closure time. For short lines this
incquality is generally not satisfied. In this event the pressurc rise will
depend on line length, steady state pressure level, and valve ¢'»surc time
in addition to £;.. The mathematical equations which describe this situs-
tion are unwieldy but solutions can be made and expressed in graphical
form. Quick’s chart [11] assumes uniform valve closure and is the most
convenient graphical technique (Fig. 3-17). To use Quick’s chart f{irst
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Figure 3-17 Quick’s Chart showing maximum pressure rise with uniform valve ciosure
(from Applicd Fluid Mechanics by M. P. O'Brien and G. H. Hickox, Copyright ), 1937
and used by permission of the McGraw-Hill Bo¢' Co.).

compute the quantitics K and M-in which

P . . .
=10 = pipe line constant, dimensionless

1]

N = }— = number of critical closure time intervals, dimensionless
fe | 3

P, = steady state pressure in conduit, psi

2L . .
T, = — = crftical closure time, sec
c

. ! . ! .
T = time requirtd for uniform valve closure, sec

Prmax = pressurg risc in conduit above P, dic to uniform valve closure
(for\s ant closure, Ppax = P;), psi
Now, from the' chart obtain the value of Ppax/P,.. from which, since

Pyo is computed from (3-49), Phax is computed. Note that Ppax will
always be less than P,
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In summary, the most severe pressure surge in a single pipe is that caused
by an instantaneous valve closure (i.e., T < T,) and is given by (3-49). If
the valve closure is not instantaneous (i.e., 7 > T,) then uniform valve
closure should be assumed and Puax obtained from Quick’s chart. This
- latter case is typical for short lines (less than 10 ftif 7> 0.005 sec). How-
ever, because P, is the maximum surge pressure, instant valve closure is
usually assumed for design purposes.

3-8 SUMMARY

There is always the possibility of confusion when many equations are
presented. Therefore, a summary of those basic equations ordinarily used
in the analysis of hydraulic controls is in order.

At the outset it was dctermined that seven equations are required to
define a situation involving fluids. These seven eguations raduce con-
siderably if the fluid is a liquid. The first three equations, the Navier-
Stokes equations, are reduced to the application of certain formulas which
were discussed in Sections 3-3, 3-4 and 3-5. As a general rule, only those
equations that describe intentionally inserted hydraulic resistances are used
in a dynamic analysis because these are usually the dominznt restrictors.
Resistances of flow passages such as pipes. bends, and fittings. are often
neglected. Therefore the formulas most often used are the orifice equation,
(3-33) and those given in Fig. 3-6.

Because cubical expansion coeflicients are small for liquids, the direct
effect of temperature on fluid density and, consequently, on iluid fiow is
often negligible. This is not to say that thermal gradients never exist. It
is simply that these gradients have little influence on flow conditions.
Therefore it is usually sufliciert to include temperature by evaluating fluid
properties at the operating temperature. It is generally assumed that
isothermal cenditions exist in liquid flow. The assumption of constint
temperature eliminates the nexd for the energy equation and reduces the
equation of state to the simpie form

p=p+ % P G-51)

where p; and g are the mass density and bulk modulus at zero pressure.
The continuity equation (3-4) can be written

o d(pV, 1V, 1 .
S Wi SWou =g 200 _ oy p 2 sy
dt di dt

Noting that weight flow rate can be written W = gpQ, we can combine
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(3-51) and (3-52) to yicld

dVy, V,dP

ZQin EQout di + ﬂ di
Thus the continuity equation and the equation of state are combined into
the more useful form given by (3-53). The first term on the right side is the
flow consumed by expansion of the control volume; if the volume is fixed,
this term is zero. The second term is the compressibility flow and describes
the flow resulting from pressure changes.

Need for the seventh equation is eliminated by assuming that viscosity is
constant. Therefore all seven of the initial equations have been accounted
for. In pneumatic systems the temperature may vary and a slightly
different reduction of the initial equations is required.

(3-53)
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Hydraulic Pumps and Motors

Hydraulic pumps and motors are used to convert mecharical energy into
hydraulic energy and vice versa, respectively. These machines may be
broadly classified as hydrodvnamic or positive displacement. In hydro-
dynamic machines, such as turbine, centrifugal, and jet pumps, the flow is
continuous from inlet to outlet and results from energy being airectly
imparted to the fluid stream. These machines are basically low pressure
with high volume output. They are quite inefficient and not suited to
control purposes butare used for auxiliary functions such as coolant pumps.

In the positive displacement machine fluid passes through the inlet into
a chamber which expands in volume and fiils with fluid. The volume
expansion causes shaft rotation  a motor in centrast to a pump where the
volume expansion is caused by shaft rotation. The volume of trapped
fluid is then sealed from the inlet by some mechanical mears and then
transported to the outlet side where it is discharged. A succession of small
volumes of fluid transported in this manner gives a fairly uniform flow.
Thus a positive or definite amount of fluid is displaced or transported
through the machine per unit of shaft revolution. Positive displacement
machines are quite efficient and find extensive use in control systems.

‘In this chapter we discuss types of positive displacement machines with
particular emphasis on steady-state performance parameters and charac-
teristics. A meaningful dynamic analysis cannot be made without in.iud-
ing the dpntrol clements associated with the pump or motor. Chapter 3
treats the steady-state performance of valves. Valves and pumps and
motors jre' then combined to form basic hydraulic power clements in-
Chapter|6 dind dynamic analyses are made.

IC TYPES AND CONSTRUCTIONS

Positive displacement machines may be broadly classified as cither /im-
ited or continuous travel devices. Examples of limited travel actuators are
" the common piston (Fig. 4-1) and the limited rotation motor (Fig. 4-2j.

54
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These machines are simple in construction and are availuble in a wide
sclection of rod or shaft configurations and types of mounting.

Any continuous travel (i.c., rotating) positive displacement machine must
have a mechanical element (such as a gear tooth, vane, or piston head) on
which pressure acts, a lever arm mechanism (gear radius, eccentric rotor.
bent piston axis, wobble plate, or cam) to convert this force to shaft
torque (or convert shaft torque to a force in the case of a pump), some

i

b)
Figure 4-1 Schematic diagrams of double-acting piston actuators: (a) single rod;
{b) double rod.

method of sealing inlet from outlet, and some method of porting fluid to
the mechanical elements on which the pressure acts. Continuous travel
positive displacement machines are usuaily classified by mechanical con-
struction and at least five basic types can be distinguished: screw, gear.
vane, rotary abutment, and piston. With certain restrictions, all types can
be operated as either pumps or motors.

Screw-type machines consist of two or three screws intermeshed and
suitably housed. Fluid is propelied axially in the sealed enclosures formed
by the: meshing of the screws. These units are quiet in operation 2nd
deliver a smooth flow. The volumetric displacement cannot be varied and
pressure range is limited to under 1000 psi.

Gear machines may be subdivided into external and internal gear con-
figurations. External gear machines are further subdivided by the type of
gear teeth employed: spur, helical, and herringbone. A gear pump of
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motor consists of two meshed gears (Fig. 4-3), suitably housed with a shaft
to one of the gears. Close tolerances are held between the housing and
the gear sides and periphery to prevent excess leakage. Fluid is trunsported
in the spaces between the teeth in the periphery of both gears, and the
meshed scgment of the gears serve as a seal between iniet and outlet. The

* % Snaft aad vanes

&

()]

Figure 4-2 Limited rotation actuators: {a) single vane; () double vane.

basic hydrostatic unbalance of these devices results in considerable friction
and weaf which limits performunce to the lower pressures (up to 100 psi).
Howcver, hydrostaticaily calunced anits can be operated at higner pres-
surcs anjd is a desir:ible feature i units which must function as motors.

Twy fypes of internal gear machines can be distinguished: cresecenr seal
and gerotor. - The crescent seul unit (Fig. 4-4) consists of un inner and
outer gear scparated by a crescent or moon-shaped piece which acts as a
seal. Both gears rotate in the same direction, but the inner gear speed s
faster than that of the outer gear. Hewever, the relative spoed of the geurs
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Figure 4-3  Schematic of a spur gear purap.

is low. Fluid enters where the gears begin to unmesh and is trapped in
the spaces between the teeth of both gears and carried past both sides of
the crescent to the outlet port where the gears begin to mesh. The gerotor

pump or motor (i'ig. 4-5) consists of a
pair of gear shaped elements ingeniously
mated so that each tooth of the inner
gear is always in sliding contact with the
outer gear to form sealed pockets of
fluid. Both gears rotate in the same di-
rection at low relative speeds with the
inner gear being faster. Fluid enters
the chamber with increasing volume, is
trapped in the spaces between the
teeth, and is transported to the outlet.
Frictional torques due to hydraulic
unbalance restrict internal gear ma-
chines to the lower pressures. It is not
possible to vary the displacement of
gear type pumps and motors.

HOUSING

Figure 4-4 Crescent scal internal
gear pump (courtesy of Tuthill Pump
Company, Chicage, 1llinois).

Vane pumps and motors, illustrated in Fig. 4-6, are usually classified
by the type of vane design: sliding vane, swingng vane, rolling vane, and
so on. The sliding vans machine, by far the most common design, has
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vanes which fit into slots in the rotor periphery and are held in contact
with the housing by springs. centrifugal force, and/or pressure. The swing-
ing vane design has vane members hinged in the rotor and rotated by
centrifugal force to contact the housing. In both units, vane wear is
automatically compensated. The vanes of the roller vane pump are semi-
cylindrical in shape and are rotated by gearing to the shaft to heep them

Inner element
Outer element

Discharge port Intake port

(a)

(®) (c)

Figure 4-5  Operating principle of the generated-rotor pump or motor. The nner and
outer elements travel in the same direction with the inner clement moving slighily faster.
Note how the pocket formed by teeth 1, 2, 3, and 4 is filled with fluid and transported
from intake to discharge as the shaft rotates.

parallel as the rotor turns. In all of these machines the rotor is mounted
eccentrically in the housing. Fluid enters the chamber with increasing
volume and is trapped between the vane elements and transported to the
chamber with decreasing volume. The displacement of these devices can
be varied by changing the rotor eccentricity, and operation is generally
limited to low to medium working pressures (up to 1500 psi) because of
the basic hydrostatic unbalance. Hydraulically balanced units arc pre-
ferred for operation at higher pressures or as motors. In the balunced
design (Fig. 4-7) the vanes run in an oval-shaped bore witk the rotor
centered. Two regions of changing volumes are thus formed around the




BASIC TYPES AND CONSTRUCTIONS 59

rotor periphery through which fluid is transported. The displacement of
hydraulicaily balanced machines is not variable.

Rotary abutment pumps and motors arc basically limited rotation actu-
ators, such as those shown in Fig. 4-2, but with the abutments properly
shaped and frec to rotate so that they can move around the rotor vanes and

Figure 4-6 Vane type pumps and motors: (a) sliding vane; (b) rolling vane; (¢}
swinging vane.

permit continuous rotation. Single and double vane designs can be dis-
tinguished. The unit in Fig. 4-8 is basically a single vare device because
rotary pistons P, and P, alternate as the active vane with each being effec-
tive for one-half revolution. The center member V, called a rotary abut-
ment, provides a rolling contact on the active piston to seal between inlet
and outlet. All three members are geared to rotate in a :1 ratio, and
power is taken from a shaft on the rotary abutment. No sealing contact is
required as the inactive vane passes in the recess of the rotary abutment
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Figure 4-7 Vickers balanced-vane type pump or motor (courtesy of Vickers, Inc.,
Machincry Hydraulics Division, Fernd;i , Michigan).

Figure 4-8 :Rotary abutment pump or motor (courtesy of Tyrone Hydraulics, Division
of Oliver Tyrone Corp., Corinth, Mississippi).
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because pressure is equalized around the vane. Rotary abutinent motors
have constant volumetric displacement and operate smoothly at lower
speeds.

Piston type pumps and motors are classified by the motion of the pistons
relative to the shaft axis as avicl, bent-axis, and radial, as illustrated in
Figs. 4-9 to 4-12. These units can be distinguished also by the type of

INLET OR OUTLET PORT BARNEL PISTON KEEPER PLATE

ORAIN PORT i R PISTON SHCE

L THRUST CAM
SQUARE KEY
N A
VALVE HEAD 43 e \
BEARING ~ | - \
SN sHarT
\\ oL
R WIPER SEAL
WvE HEAD” | S SHAFT BEARING
MOUNTING FLANGE
INLET OR OUTLET PORT BARREL BEARING

Figure 4-9  Axial piston pump or motor (courtesy of the Dynex Company, Division
of Applicd Power Industries, Inc., Pewaukee, Wisconsin).

lever arm mechanism employed to convert force to torque and by the
basic mechanism used for porting flow to the pistons. Common lever
mechanisms are wobble plate, bent axis, cam, and eccentric rotor. Three
basic porting arrangements are in use: valve plate, pintle, and piston, as
illustrated in Figs. 4-10, 4-11, and 4-12, respectively. Piston-type machincs
can be used at working pressures in excess of 3000 psi and the displacement
can be varied. These devices are quite rugged, versatile, and efficient and
are used extensively for hydrauiic control in both aircraft and industrial
systems.

Figure 4-9 shows an axial piston pump or motor having a stationary
wobble plate and using valve plate porting. The valve plate ports the
inlet fluid to half of the cylinder barrel, and the pistons receiving this
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Figure 4-10 Bent-axis pump ot motor (courtesy of Vickers, Ing., Machinery H ydraulics
Division, Ferndale, Michigan).

ROTOR

CYLINDER BLOCK
CENTERLINE CENTERLINE
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Figure X-11 Radial piston, pintle ported pump or moter (courtesy of Vickers, Inc,,
Machine Hydraulics Division, Ferndale, Michigan).
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fluid are forced against the inclined wobble plate. Because the plate is
stationary, the cylinder barrel must rotate and is connected with the drive
shaft. Variable displacement can be achieved by varying the angle of the
inclined plate. Some axial piston motors have a stationary cylinder barrel
and a rotating wobble plate that turns the drive shaft as a result of piston
motion.

+ U7 weer
CUTLET

N\
NN\

NN

AN
NN

Figure 4-12 Radial piston cam-roller hydraulic motor using piston porting (courtesy
of the Cincinnati Milling Machine Company, Cincinnati, Ohio).

The bent-axis machine (Fig. 4-10) also uses valve plate porting. Fluid
is ported by the valve plate to one half of the cylinder barrel and forces
the pistons in that portion of the barrel away from the valve plate. These
pistons rotate the drive shaft as they move to the maximum distance from
the valve plate because the piston axis is bent from that of the drive shait.
The cylinder barrel is driven through a universal joint shaft from the drive
shaft.
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A radial piston machine is ilfustrated in Fig. 4-11. The cylinder block
is eccentric in the housing, and fluid from the pintle enters half of the
cylinder block bores and forces the pistons outward radially. However,
the pistons can move radially only by revolving the cylinder block which
then rotates the output shaft. The pistons ported by the pinle o the
outlet move in a manner to decrease the chamber volume, thereby expelling
fluid to the outlet.

The radial piston motor in Fig. 4-12 uses an oval-shaped cam to convert
the pressure force on the pistons to shaft torque. The cam is shaped so
that the volumetric displacement of the motor is absolutely constant. The
displacement of most piston motors varies periodically a fow percent at a
frequency, depending on the number of pistons and shaft speed. This
displacement variation causes undesirable velocity variations. Each piston
in Fig. 4-12 is ported to inlet or outiet by the adjacent piston. This motor
is basically a low speed and high torque device.

Of all the positive displacement machines discussed, only the vane and
piston units are capable of variable displacement. This feature is quite
desirable in pumps because it is possible to adjust the delivery ro meet the
circuit needs and thus improves efliciency. Howevér, this feature is of
limited usefulness in units used as motors. In both vane and piston units
the displacement is varied by altering the lever arm. When operated as a
motor the reduction in lever . ‘m is limited by internal friction because
binding will occur. As a practical limit, motor displacement can be reduced
to only about one quarter of the maximum displacement.

4-2 IDEAL PUMP AND MOTOR ANALYSIS

An ideal pump or motor is defined as having no power losses due to
friction and leakages and, consequently, has an eﬁicicmy of 100%;. Al-
though this is certainly not true in practice, hydraulic machines are quite
efficient, and system design is often based on ideal machines. Consider
an ideal hydraulic motor. The mechanical power output is

hp 'out = Taom {4-1)
where T, = torque generated by motor and delivered to load, in.-lb

m = shaft speed of motor, rad/sec
The hydraulic power supplied to the motor is

hp | = PO 4-2)

where P, = pressure differcnce across motor lines, psi
Q@ = flow through the motor, in.3/sec
Because the motor is assumed to be 1009 efficient, these expressions can
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be equated to yicld

T, = g—-" PL | @3
Now, by definition, "
Q.
b, = '9-" (44

where D,, == volumetric dispiacement (or simply displacement) of ne
motor, in.?frad. Combining equations gives

T,= D,P, (43

Equations 4-4 and 4-5 are the fundamental relations for an ideal motor
(or pump). Only one parameter (D,,) is required to dcefine the ideal
machine, and this quantity is also the singlc most important parameter
for practical machines. In fact, hydraulic motor sizes are designated by
the ideal theoretical displacement. This analysis also holds for the ideal
pump, except that the power flow is reversed, that is, mechanical power
is transformed into hydraulic power. Pump sizes are customarily desig-
nated by the flow obtained at a certain shaft speed. The ratio of these
quantities is the volumetric displacement.

A similar analysis can be made for an ideal piston type actvating device.
The piston area is then the parameter analogous to the displacement of a
rotary device.

4-3 PRACTICAL PUMF AND MOTOR ANALYSIS

Leakage flows and friction arc the sources of losses in hydraulic machines.
Let us now examine these losses and include them in an analysis of steady
state performance. Consider the axial piston motor ilfustrated in Fig. 4-13.
This motor has a stationary wobble plate to convert piston motion into
rotary motion and uses valve plate porting. Onlv two pistons, one sach
from the two chambers, are drawn to simplify the illustration. The leakage
and friction losses of all pistons are lumped at these pistons.

From Fig. 4-13 it is apparent that two types of leakage flow can exist:
internal or cross-port leakage between the lines and external leakage from
each motor chamber past the pistons to casc drain. Because all mating
clearances in a motor are intentionally made small to reduce losses, these
leakage flows are laminar and, therefore, propertional to the first pow :
of pressure. The internal leakage is proportional to motor pressure dif-
ference and may be written

Oim = CinbL (4-6)
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where C,,, = internal or cross-port leakage coefficient, in.see/psi
Py = Py — P, = pressure difference azross moter, psi

The external leakage in each chamber is proportional to the particular

chamber pressure (assuming negligible drain pressure) and may be writien

Qeml = Ccmpl (4'7)
Q¢m2 = Cempz {4'8)
where C,, = external leakage cocificient (assumed 1o be the same for each
chamber), in.3/sec/psi
Py = pressure in forward chamber, psi
P, = pressure in return chamber, psi

Rotating cylinder barre! Piston shoes
and drive shaft \ slide on plare\
A Y

[ *‘\\ Stationary
—

cam plate
L at fixed angle

-~ P,

Fluid lines

-— Q) Py

Stationary ___|
valving plate

Case drain line Y\Housmg

Qrml + Qem2

Figure 4-13  Schematic diagram of a fixed displacement axial piston motor.

The steady-state continuity equation (i.e., without compressibility flow)
for the motor chambers are

Ql - C'emPl - Cim(l'l - 2) - Dntom =0 (4-9)
Db + Cin(Py — P) — C,, P, ~ Q=9 (4-10)
where D,, = ideal volumetric dispiacement of motor, in.%/rad
0,, = motor shaft speed, rad/sec

m
0, = forward flow to motor, in.3/sec
Q. = return flow from motor, mn.?/sec
These two equations completely describe the flows in the motor. jf
coefficients are zerc then Q, = Q, = D,0.,, which was the resul
ideal motor. '

feakage

~
i for the
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Subtracting (4-10) from (4-9) yiclds

Qb=uﬂf+km+%ﬁm; @11)
where by definition
0= &b @12)

The quantity @, commonly called the load flow, represents the average
of the flows in the two motor lines; Q, cquals the flow in each line only
if external leakage is zero. The concept of load flow is useful because it
permits reduction of the two flow equations to a single equation which
relates load flow to motor pressure difference and speed only. Very often
(4-11) is written directly and Q, is interpreted as the flow in each line;
however, this is valid only if C,,, = 0. Defining Q, as the average flow
avoids this restriction and properly shows that external leakage acts like
internal leakage as far as pressure difference is concerned. We shall see
in Chapter 6, in which the dynamic case is treated, that external leakage
also contributes to motor damping.
Let us now consider the torques which act in a motor. The ideal gen-
erated torque is
T, = D,(P; — Py) (4-13)

However, there are at least three sources of torque losses which detract
from the generated torque:

1. A torque proportional to motor speed exists because torque is re-
quired to shear the fluid in the small clcarances between mechanical ele-
ments in relative motion. This damping torque can be written as

T, = Bplp = C,Dmitbn (4-14)

where B,, = C,D,u = viscous damping coeflicient, in-lb-sec

C, = dimensionless damping cocfficient

p = absolute viscosity of fluid, ib-sec/in.?
Pressure drop in internal passages and rotor windage also result in torque
losses which depend on speed, but these are less significant.

2. In piston motors some sort of lever mechanism is required to trans-
late piston motion into rotary shaft motion. An examination of the forces
on cach piston will show a friction force opposing motion of the piston in
its bore that is proportional to the pressurc acting on the piston area. Other
motor elements, such as bearings, are also loaded proportional to the
motor pressures and cause friction torques. Therefore, there results an
opposing friction torque proportional to the motor dispiacement and to
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the sum of the motor pressures, as illustrated in Fig. 4-14. For steady
state performance the stiction portion of the curve is usually ignored and

the torque loss is written as

0 .
Ty = 22 CDo(Py + Py) (@15)
.t

where  C, = internal friction cocflicient, dimensionless
C,, = internal static friction coeflicicnt, dimensionless

Cy
T
Dn(Py + Py)

G

Motor speed 6,,. rad/sec

Y

N

; -Cfs
'

_Cf

Figurc 4-14 Starting and running friction torque due to pressures in motor chambers.

3. There is also a small torque required to overcome seal friction that
is constant but reverses direction with speed. This torque will be denoted
(0,10, )T, but can be neglected altogether in most instances.

These torques can now be summed so that the net torque deiivered to
the load is

Ty, = D, (P, — Py) — C,D,ul,, — I%m—l C,D, (P, + P, — lgml T, (4-16)
where T, =/ external load torque on motor shaft, in.-lbs. For a pump,
the negativel signs become positive and T;, would represent the torque
applied to the shaft.

Equations 4t9, 4-10, and 4-16 define the static performance of the motor.
Howeve?\t ere are six variables (Q,, Q,, Py, P,. T;, and 6,,) but only
three equations. It is apparent then that three quantities must be specified
in order to find the other three by simultancous solution. The forward
flow Q, and the load torque T, are arbitrary quantities which should
properly be regarded as inputs and as such they must be specified. One
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other quantity must also be specified or another equation must be found. *
Although a given load torque requires a certain pressure difference across
the motor, there are an infinite number of individual pressures which can
have that difference. Therefore the final bit of information required is
obtained by specifying P, or P, or by obtaining a relation between these
quantities. It is quite important to realize that the individual chamber
pressures are not established solely by conditions within the moter and
load but also depend on the circuit in which the motor is placed. Thus
one of the motor pressures can be correctly considered an input and must
be specified.

Two common technigues of controlling a motor involve the use of a
pump or a servovalve. With pump control, one linc isata very fow pressure
(replenish pressure) while the other line pressure modulates to handle the
load. With this type of control the return pressure may be neglected;
that is, P, ~ 0. When servovalve control is used, both motor pressures
vary equal but opposite amounts above and below one half of supply
pressure to match the load. With this type of control the sum of the line
pressures is approximately equal to the supply pressure. Therefore

Py+4 P, = P, 4-17)

Because Py =: P, — P, these relations can be solved simultaneously to

yicld

P, = Pt P, (4-18)
2
Py DR @19)

Thus with servovalve control each pressure may be defined in terms of P,
and the pressure variables have been reduced from two to one. It should
be emphasized that these two control techniques are by no means the oaly
possibilities. In some cases it is desirable to place a rate valve in the return
line of the motor to control speed. This control technique would establish
a constant return pressure which may not be negligible.

However, it is possible to completely specify motor performance with
P, = 0 and this condition is generally assumed in the interests of uniform-
ity of data presentation and simplicity of analysis. But it should be
recognized that once motor paramcters are established from tests, then

* This situation is avoided in some treatments by letting P, be zcro or by erroncously
leiting ihe internal motor friction he proportional to pressure ditference rather than

* suin 50 that the motor pressures are completely characterized by their dificrence,
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performance can be computed for any combination of line pressures. With
P, = 0, (4-9), (4-10), and (4-16) become

Ql - (Cem + Cim)Pl - Dm()m =0 (4'20)
Dm()m + Cimpl - Q2 =0 (4"2l)
TL = DmP] - C,sz,u(}m o C{Dmpl - Tc (4'22)

The quantity 0./ 10,,] , which determines the sign of the fricticn terms,
has a value of +1 beecause the rotation would be in one direction.

It is possible to obtain some well-defined expressions for slip and effici-
ency with the condition that P, = 0. Referring to (4-20), the slip flow may
ne defined as

Qs = (Cem + Cim)Pl (4'23)

and represents the flow supplied to the motor that is not converted into
shaft rotation. Some authors assume no external leakage and define slip
flow as the internal leakage. However, the definition given here is logical
and well defined since P, = 0. If P, % 0, then slip could be defined as
Qim + Q.. (see Fig. 4-13), but this is a function of both forward pressute
and pressure difference and would be difficult to compute and identify
physicaily.

The slip flow is usually laminar and, therefore, inversely proportioral to
viscosity. Test results also indicate that the slip flow is related to motor
displacement. Therefore

0,=c2=p (4-24)
U

where C, = Dl (Cem + Cyp) = coefficient of slip, dimensionless
’ m
1 = absolute viscosity of fluid, Ib-sec/in.2
The volumetric efficiency is defined as the ratio of flow which results in
motor speed (the ideal flow) to the flow supplied to the motor. Therefore
by definition

N = — (4-25)
Obtaining Q, from Eq. (4-20), the volumetric efficiency becouies

' Cﬁ‘)_l (4-26)

=114 ==
v ( ﬂom
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The torque or mechanical efficiency is defined as the ratio of actual to ideal
torque delivered by the motor.

T,
N, = —- -
Te D,.P, (4-27)
By obtaining T, from (4-22) and ueglecting T, the torque efficiency be-
comes

C.i0,, .
=1, (4-28)
1
ol
S Ne

8 ,
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Figure 4-15  Typical efficier 2y curves for a motor.

The over-all efficiency is defined as the ratio of actual horsepower outpui
to the hydraulic horsepower supplied. :

h T, 0 T, D,
Do = pIOUt — LYm — 1A x mim N . (4_29)
'hP'in 0,P, D,pP, o :
Thus the'over-all efficiency is simply the product of the volumetric and
torque efficiencies. Combining with (4-26) and (4-28), the over-all effici-
ency becomes
1 - (Cd‘uomlpl) - Cf
1 + (C:Pl//“om)
Therefore, static pe;‘formance of a motor with zero return pressure carn be
defined by the parameters Co Cy C;, and the dimensionless quantity
40,,/P,. Typica] efficiency curves for a motor are illustrated in Fig. 4-15.
Although the [discussion has been concerned with motors, it should ke
apparent that an analogous discussion can be mada for pumps. There will
be only one continuity equaiion (for the high pressure side), and the power
source driving the pump must overcome the internal torque and leakage

Noa = N7y = (4'30)
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losses. The pressure at the inlet side can be neglected so that only one
pressure variable would be involved. The resulting over-all efficiency
would be

— 1 = (C,Py[uXN,)
T T F (CauN P + G
where N, = pump speed, rad/sec

P, = output pressure, psi .

(4-31)

4-4 PERFORMANCE CURVES AND PARAMETERS

Sc far we have analyzed the steady-state behavior of motors and pumps
and defined certain useful performance parameters such as C,,,, C, ., Cy,,
Cy, and C,. The problem now at hand is to define the series of tests
necessary to establish these parameters. Because efficiencies are often
high, it is apparent that accurate instrumentation would be required if the
motor is externally loaded because a few percent error in measurement of
input or output horsepower may be iarger than the losses involved. Hence,
it is far better to measure the losses and then cempute motor performance
with external loads.

The motor leakage characteristics are easily determined by locking the
motor shaft and letting the return iine be vented to atmosphere (i.c.,
Py = 0). Pressure P, is then applied to the forward chamber and the flows
in the return and drain lines are measured, taking care te aveid silting.
Under these conditions the return line flow is the internal leakage flow
Q... and the drain line flow is the external leakage flow Q@,,,, of the forward
chamber. The external leakage of the return chamber couid also be ob-
tained but is usually not necessary because the two chambers are nearly
identical. Typical leakage curves are illustrated in Fig. 4-16. The leakagn
flows at any two motor pressurcs can be determined from these curves by
interpreting P, as pressure difference to obtain cross-port leakage and by
interpreting P; as the particular chamber pressure to obtain each externai
leakage flow. The slopes of the curves in Fig. 4-16 give the lcakage co-
efficients C,,, and C,,,.

The coefficients C,, and C; which define the friction torque caused by
pressure (Fig. 4-14) may be determined by measuring the pressure differ-
ence required to initiate rotation AP, of the unloaded motor at various
return pressure levels. Once rotation is achieved, the pressure difference
is gradually decreased until rotation ceases to determine the run ‘ng fric-
tion level. Thus, the curves ittustrated in Fig. 4-17 will result. Because
0, =0, T, =0,and 0,/10,,] = 1 for the test conditions, (4-16) becomes

DmAPc = Cj Dm(”)l + P2) + Tc (4'32)
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Figure 4-16 Leakage flows with shaft locked.
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Figurc 4-17 Pressure differences required to overcome starting and running friction
at various return pressure levels.
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where AP, = pressure difference required to overcome running friction
(i.e., internal coulomb friction). psi
AP, = pressure difference required to overcome starting friction
(i.e., internal static friction), psi
Because P, = AP, + P, by definition, {4-32) becomes

26, T,

AP, =  t ———
1—C, ' D(—C)p

{4-33)

which is the equation for the runring friction curve in Fig. 4-17. The
slope value gives C, and the intercept value gives 7..* Since C; s ustally
small, the slope is approximately 2C,. Using similar reasoning, the starting
pressure difference is (neglecting T)

P, (4-39)

and C,, is determined from the slope of the starting friction curve.

The torque losses which depend on speed arc found by measuring the
forward pressure required to run the unloaded motor at various speeds
with no (i.e., negligible) return pressure. A typical curve is iilustrated in
Fig. 4-18. Because (4-22) applies and T, = 0, then the pressure required
to run is :

Cd/‘ 3 Tc

t')m + = PR l. (4‘35)
1 - Cf Dm(l - Cl)

P, =

Thits, the parameter C, is obtained from the slope of the curve in Fig. 4-18
because C, and p are known. This curve may sweep upward for some
motors indicating that the pressure depends on higher powers of 6,,. This
type,of characteristic is due to the flow resistance of internal passages.
The curves in Figs. 4-16, 4-17, and 4-18 completely define the perform:
ance parameters of a motor. These parameters can be used in (4-9), (4-10C,
and (4-16) {o compute the steady-state running characteristics, such as ali

* An alternafe method of measuring internal friction is to connect a line between both
motor ports and apply a test pressurc £, In this manner the same pressure is applicd
to both motér pbrls (i.e., P, = P, = P,) and no pressure drop exists across the motor.
A load torgjic is then applied with a spring scale to rotate thc shaft slowly. Because
P; — P \= ¢ and 0~ 0, Eq. (4-16) reduces to

—-T,=2C;D,P + T
A series of readings of — T and P, will give a plot from which C;and 7. can be obtained

from the slope and intercept. If the static breakaway torque is measured, then C;, can
be found.
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1.P,=0
2. Yernperature constant
3. No ivad on roter

Forward pressure Py, psi

/

I
:‘ Dy (1=Cy)

(=]

Motor speed t;,,,, rad/sec

Figure 4-18 Pressure difference required to run motor with no load or return pressure.

efficiencies, flow, and pressure required to yield a desired speed and torque
output, and internal and external leakage flows for any given application.
The breakaway or starting pressure is often of interest in the static accuracy
of servo systems and can be obtained from Fig. 4-17.
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Hydr‘auiic Control VYalves

Hydraulic control valves are devices th nt use mecianical moticn to control
a source of fimd power, They vary in arrargement and complexity. de
pending upon their func ton Because control valves
~{or electrical) to fluid interfuce in hydraulic systems, their mm,rn-‘

o/ under scrutiny, especially when system difticulties secur. The
ledge of the pe rfor nnce charucteristics of valves is essentinl.
of this chupter is to discuss the characterisics and ¢ """;
principai {ypes of hydraulic controi valves. Altnough e i
on valves for serva control, the principles invoived ¢ ‘rpx cquaily well
valves used in other applications, such as solenoid valves. pressure
valves. and fiow control vaives.

ve the mechn

mm!

5-1 VALVE CONFIGURATICNS

Valves may be divided into three classifications: shding. seaiing. 2ng
flow dividing. Examples of these are spool, flzpper. and jet pipe
respectively, which are shown schematicaliv in Fig. 5-1.

The most widely used valve is the Jhd-r* valve ¢ ‘mpiayin
construction. Typical spool valve configurations are shown g 3
b, and c. Spool valves are classified by ta) the number of **v 2ys” flow
can enter and leave the valve, (b) the number of fands, and {c) the typ
center when the valve spool is in neutrai posurm Because ul! 3
require a lp} ly. a return, and at least one line to tie load, valves are
either thre dV or four-way.* A three-way valve (Fig. 5-1d) reqQuires o
bias prossy

V Lli\./{:»\.

re ‘acting on one side of an un:.nmi area piston far direction
reversal. i! ually the head-sidz area is iwice the rod-mm aieq, and supply

pressuge acts on the smaller srea to nrovide the bias force {-‘-" aversal.
A fou.-»\ valve wouid have two hines to th2 load. The number )!~ fands
on a spoul vary from oue in a prinitive voive to the usual th or four,

* Thete are, of course, two-way vaives. However, two-vay valves cannot provide a

reversal in the direction of flow.
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Figure 5-1 Typical hydraulic servovalves: (@) two-land-four-way spool valve; (9)
three-land-four-way spool valve; (¢) four-land-four-way spool valve; (d) two-land-
three-way spool valve with pisten load; (c) two-jet flapper valve; (f) jet pipe vaive.

and special valves may have as many as six lands. If the width of the land
is smaller than ihe port in the valve siceve, the valve is said to have an
open center or to be vnderlapped. A critical center or Zere lapped valve nas
a land width identical to the port width and is a condition approached by
practical machining. Ciosed center or overlupped valves have a land widih
greater than the port width when the spool is ai neutral.
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Certain characteristics of a valve may be directly related to the type of
valve center. The most important of these characteristics is the flow gamn
which has the shape shown in Fiz. 5-2 for the three types of center. In
fact, it is better to define the type of valve ceater from the shape of the
flow gain neur neutral rather than irom geometricid considerations. A
critical center valve may be defined as the gesmetrical fit required to achicve
a linear flow gain in the vicinity of neutral und usually necessitates a s.mht

ﬁ-———:

overlap to ofiset the cmct ot ra-iml clearance. Lo
Load flow, Q1 open center\)/
/ .\Cr’xfigal
/ ceater
Underlap region<
] Closed
> center
1 Spoc stroke, x,
o o e —— poc ke,

Qveriap region

Flow gain doutles near nuii
~~ because all four (rather than
two) orifices are active

}jigurc 5-2  Flow gain of diffcrent center typss.

"

i

The vast majorlty of four-way valves are manufuctured with a critical

. » ¢ center because of the emphasis on the linear flow dm Closed center

valves are not desiiible because of the deadband characteristic in the flow
gain. Deadband results in steady state error and. in some cases, can cause

v’ v backlash which may lead to stability problems. Open center valves are

used in apphcatnom which require a continuous ilow to maiftain reason-
able fluid temperaturcs and aiso in constant flow systems. However, the
large power | loss at neutral position, the decrease in flow gain outside the
underlap remon and the decreased pressure S“nsm\lt\' of open center
valves restrict their use to special Lapplications. The gain of svsiems using
open center valves must be ddﬁﬂtid with the valve at n&ﬁtr 1i because of
the increased flow gain near/null. Therefore the Mrrer and bund-
width are adversely affccted when the valve is away from neutral because
of the decreased flow gain. This aspect of open center valves is most un-
desirable.
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Spool valve manufacture requires that close and matching tolerances

be held so that such valves are relatively expensive and sensitive to {luid

contamination. Tolerances required for flapper valves are not us stringent.
which makes them attractive with regard to these two aspects.  However,
the relatively large leakage flows limit their application to fow power
levels. Flapper valves are used extensively as the first stage valve in two- .
stage electrohydmuhc dud hydromechanical servovalves.  Poppet-type
valves are basically two way valves and therefore are restricted to applica-
tions such as check and relief valves, in which reversal in {low direction
is not required

The jet pipe valve is not as widely used as the flapper valve because of
large null tlow, charucteristics not easily predicted, and slower response.
The main advantage of jet pipe valves is their insensitivity to dirty fluids.
However, the mere predictable flapper valve has similar performance
characteristics and is usually preferred.

5-2 GENERAL VALVE ANALYSIS

In this section we define some general performance characteristics, such
as pressure-flow curves and valve coefficients, which are applicable to a!l
types of valves. Aithough the analysis is illustrated with a spool type of
valve, the principles involved are quite general. The general relations
derived in this section are applied to particular valve configurations in
future sections.

General Flow Equations

Consider the four-way spool valve shown in Fig. 5-3. The four orifices
are completely analogous to the four arms of a wheatstone bridge, and
this analogy is often helpful in visualizing valve operation. Arrows at the
ports indicate the assumed directions of flows, and the numbers at poits
refer to the subscripts of the flow and the area at the ports. Let the spool
be given a positive displacement from the null or neutral position, that is,
the position «, = 0, which is chosen to be the symmetrical position of the
spool in its slecve. -+

Because we arc interested only in the steady-state characteristics, the
compressibility lows are zero and the continuity equations for the two
valve chambers are 0, =0, — 0, (5-1)

0,=0,—- 0, (5-2)

A dynamic analysis woald require inclusion of the compressibility fiows
which depend on the valve chamber velumes. However, this is best
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Supply
P,

Return
Po==20

Figure 5-3 Three-land-four-way spocl valve.

achieved by considering the combination of valve and motor, because the
motor and lines contribute appreciable volumes; this is the subject of
Chapter 6. Now, by definition,

Po=F " (5-3)

@, is the tlow through the load and P, is the pressure drop across the
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Joad. Flows through the valving orifices are described by the onfice equa-
tion (3-33). Therefore

0= Cutn 2P - Py (5-4)
p
" |
Q2 = CdAz,/_- (Ps - pz) (5'5)
P
2 -
Q= C,_zAu,\, =P, (5-6)
P
/ 2 ~
Q,=¢C A"\/ (5-7)

V’i‘he return linc pressure P, is ncmlcued because it is usucily much smaller

than the other pressures involved If the return pressure is appreciable,
then P, can be interpreted as the pressure difference. that is, supply pressure
minus return pressure, across the valve. The orifice areas depend on vahe
geometry and four equations are required to define the urcas 4, H,, Ay,
and A, as a function of valve displacement. Therefore,

A= Ae)  Arm Ad—r) A= Agr)  Ay= A(—r) (55)

Thus a total of 11 equations is required to de! ae the pressure-fiow behavior
of a general four-way valve. These 11 equations can be solved: simui-
taneously to yield load flow as a function of valve positicn and load
pressure;* that is, '

Q.= Q,(x,, P) : (5-9)

The plot of (5-9) is known as the pressure-flow curves for the valve and is
a complete description of steady-state valve performance. All of the per-
formance parameters, such as valve cocflicients, can be obtained from
these curves.

Although (5-9) can be found theoretically, simultancous solution for
the general case is t¢dious because the algebraic cquations involved are
norlinear. Howevc' this is no serious obstacle because valves are never
so complex as to have all four orifice areas differently described. In the
vast majority of cages the valving orifices are mar(/wd and symmetrical.
Matched orifices require that

Ay = A,y {5-10)

i A = A, (5-11)

* For example, sclecting a value for =, will numerically determine all the orifice arcas.
Then choosc a series of valucs for Q; and solve (5-1) und (5-2) for ', and P, respec ively,
for each Q, value. Thus it is possible to tabulate &, @y, £y, P, and also P,
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and symmetrical orifices require that
Ax,) = A —rx) (5-12)
Ay(x) = A(—r) (5-13)
Therefore, at the neutral position of the spool, all four orifice arcas are
equal. A0) = 4,0) = 4, (5-14)

With these restrictions on the orifice areas only one orifice area need be
defined because the other areas follow from it. in fact, if the orifice arcas
are linear with valve stroke, as is usually the case. only one defining
parameter is required: the width of the siot in the valve sleeve w. The
rate of change of orifice area with stroke is called the opening or area
gradient of the valve. If the valve is linear, then the arca gradient of cach
orifice (and so the whole valve) is w in.%/in. and is the single most important
parameter for such a valve.

#-Ht should be emphasized that great care is taken in manufacture to
ensure that orifices are matched and symmetrical, otherwise the valve will
exhibit peculiar valve coeflicients near neutral.  However, it is possible
that certain applications may require special valve fits, but these instunces
are exceptional. If the orifices are both matched and symmetrical, the
flows in diagonally opposite arms of the bridge in Fig. 5-3 arc equal; that

® 0, =0, RNERE
0, =0, (5-16)

Substituting (5-4), (5-6), and (5-10) into (5-15) yields
P,=P, + P, (5-17

Equation 5-16 may be similarly treated to give the same result. Equations
5-3 and 5-17 may be solved simultaneously to obtain

P
p=tt e (5-18)
2
P,—P
P, = —5——’ (5-19)

Thus for a matched and symmetrical valve with no load (i.e., P, = 0),
the pressure in each motor line is 1P, As lead is applied, th - pressure
in one line increases as the pressure in the other line decreases by the same
amount. Thus the pressure drop across orvifices ! and 3 in Fie. 5-3 are
identical and, becausc the areas are the same. (5-15) 15 verificd. A similir
argument can be used for the validity of (5-16).

o
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One other genera! relation will prove useful in the study of vaives.
Referring to Fig. 5-3, note that the total supply flow can be written

0, =0+ 0O, (5-20)
0,=0a+ 0, (5-21)

In summary, for a matched and symmetrical valve (5-15), (5-16), (5-18),
and (5-19) are applicable, and (5-1) and (5-2) both become

Q. = C.A, /—-(P—P)—C 4°J (P, + P;) (5-22)

A Slml]dr treatment ylclda

Q, = Cu4, (P — P+ CAy J (Py+ Pp) (5-23)
for (5-20) and (5-21).

Linearized Analysis of Valves—Valve Coefficients
\

In making a dynumic analysis it is necessary that the nonlinear algebraic
equations which describe the pressure-flow curves be lincarized. Equation
5-9 is a general cxpression for the foad flov, and we can express this
function as a Taylor’s series about a pamcul L operating point 9, = Q.
Therefore -

L 20,, aQJ

If we confine ourselves to the vicinity of the operating point, the hwbcr
order infinitesimals are negligibly small, and we may write

Q. 9,
Az, + ==
alv 1 a I
The partial derivativps required are obtained by differentiation of . the
equation for the pregsure-flow curves or graphically from a plot of the
curves. These partiafs define the two most important parameters for a
valve. The flow gainlis defined by

\ K, = 90, ' (5-25)

ox,
The flow-pressure coefficient is defined by

Ap,,

1

AP, (5-24)

1

Q:. —Qu=A40,=

K,=— ?ﬁé - (5-26)
0P,
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It can be shown (see page 90) that 0Q, /0P, is negative for any valve
configuration which makes the flow-pressure coefficient always a positive
number. Another useful quantity is the pressure sensitivity dcfined by

K, =21 (5-27)
oz,
and which is related to the other quantities by the well-known relation from
Calculus ‘

Oy _ _ 0Qufoz, K, = X (5-28)
oz, 9Q, /0P,

With these definitions, the linsarized equation of the pressure-flow curve
becomes AQ, = K, Az, — K, AP, (5-29)

and is applicable to all valves whether spool. flapper, or otherwise. The
coefficients K, X, and K, are called valve coefficients and are extremely
important in detcrmining stability, frequency response, and other dvnamic
characteristics. The flow gain directly affects the open loop gain constant
in a system and therefore has a direct influence on system stability. The
flow-pressure coefficient directly affects the damping ratio of valve-motor
combinations. The pressure sensitivity of valves is quite large, whick
accounts for the ability of valve-motor combinations to breakaway large
friction loads with little error.

The values of the valve cocfficients vary with the operating point. The
most important operating point is the origin of the pressure-flow curves
(i.e., where Q; = P; = z, = 0) because system operation usually occurs
near this region, the valve flow gain is largest, giving high system gain,
and the flow-pressure coefficient is smallest, giving 2 iow damping ratio.
Hence this operating point is the most critical fiomn a stability viewpeint,
and a system stabie at this point is usually stable at ail operating points.
The valve coefficients evaluated at the operating point are called the riull
valve cocfficienis.

5-3 CRITICAL CENTER SPOOL VALVE ANALYSIS

In this section we derive and/or define the pressure-flow curves, valve
coefficients, leakage flow curves, and stroking forces for critical center
spool valves.

It is useful to classify the critical center valve as having either ideal or
practical geometry. Idcal geometry implies that the orifice edges are pei-
fectly square with no rounding and that there is nc radiai clearance between
the spool and sleeve. Aithougn these’ geometrical perfections are not

[

,®
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possible in practice, it is possible to construct & valve with a relatively
lincar flow gain near nuli position. us deseribed in Section 5-1. Such a
critical center valve w.th practical geometry. that is, with radial clearance,
is in many respects an optimum valve because leakage flows are mirimum,
flow gain is linear, and design procedures are usually based on such @
valve, Because the vast majority of four-way spool vulves are of this type,
a detailed discussion of its characteristics is warranted.

Pressure-Flow Cuarves

Referring to Fig. 5-3, let us use the general equations davcioped in
Section 5-2 to derive the pressurc-ﬁow curves for an idgal critical center
valve with matched and symmetrical vnitices. The leakage flows (O, and
Q,whenz, is positive; Oy and Q, when «, is negative) forsucha vabve are
zero because the geometry is assumed ideal. Thercfore by substituting -
(5-18) and (5-4) into (5-1) we obtain

[2(P.— P,
0, = CaAi 2(-—’————1) for x,>0 {5-30)
pr 2
Equation 5-2 may be similarly treated to give this result. For n‘eg'ltive
valve displacements Oy = -~ 0,, and (5-18) . d (5-7) may be used to give
0, = —chzjg(ﬂt;:ﬁ) for z,<0 (531
py 2

N

As before, (5-2) will give the same result. Because the valve is assumed
symmetrical, (5-12) is applicable and (5-30) and (5-31) can be combined
into a single relation: :

0 = Caldil %A/ l(:", - P;,) (5-32)

P EA

This is the general cquation for the pressure-flow curves of an ideal critical
center valve with mfitched and symmetrical orifices. If rectangular ports
arc used with an aréa gradient of w for cach port, (5-32) becomes

-\ QL= de:ruJ i( P, - 31 !’;At) (5-33)

fent

and is plotted in a normalized manner in Fig. 5-4. The quantity =, i
the maximuin valve stroke. it is possible to be in quadrants 1T and 1V of
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Figure 5}4  Pressurc-flow curves of critical center four-wa_y spooi valve.

i
the pressure-flow curves only during transient conditions. For instance. a
sudden change m 2, could reverse the pressure m the lass to the load
but, becadse|of the incrtia of the fluid and lead, the oag could rernzin in
the same dhrection; that is, the flow instantaneously remains in the wame
direction.

For petroleum base fluids, » ~ 0.78 x 10-* r-sectfingd, and. becausce

ol s g N
Cy ~ 0.61 {sce Section 3-4), CN'1jp = 70 in%/vib-sec and 2 common forn
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of (5-33) is

0, = 70wxw\/ P, — l_z_l P, (5-34)

where English units are used. This equation is the basis for most design
procedures involving hydraulic servovalves.
Valve Coeflicients

The valve coeflicients for the important casc of an idcal critical center
valve can be obtained by differentiation of (5-33). The flow gain is

1

K,= deJ— (P,— Pp) (5-35)
P

The flow-pressure coefficient is

_ Cwr(Up)P = P1)

K, = 5-36
2P, — PL) ( )
and by (5-33) the pressure sensitivity is
K, = 2P = i) (5-37)
x

v

As discussed in Section 5-2, the null operating point is most important.
Evaluation of these coefficients at the point O, =P, =2,= 0 gives the
null coefficients for the ideal critical center valve. Therefore

Kgo = Ca® J—F- (5-38)
P

Ko=0 (5-39)

K, = (5-40)

in English units with usual values for p and C, the null flow gain is com-
monly written as

Ko = T0wy/P, in3secfin. (5-41)

and is a simple function of two well-known and easily measured quantities:
the valve area gradient and the system supply pressure. The computed
null flow gain has been amply verified by tests of practical critical center
valves and may be used with confidence. We are fortunate indecd that
system stability depends on this quantity which is easily computed ard
controlled. This is cne of the major reusons why hydraulic servos enjoy
a reputation for dependable stabiiity. . However, the computed vaiues for
K,y and K, are far from that obtained in tests of practical center vaives.
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It is possible to compute more realistic values for these two null coeflicients
once the leakage characteristics for such valves have been investigated.
We shall return to this problem after such an investigation.

Leakage Characteristics of Practicai Critical Center Spool Valves

It is the leakage characteristics which actually differentiate a practical
from an ideal critical center valve. The ideal valve has perfect gzometry
so that leakage flows are zero. The practical valve has radial clearance and

Py — —_—

Load pressure
difference, P,

Kpo

Vaive stroke, x,

= — P,

Figure 5-5 Block-line pressure sensitivity curve.

perhaps minute under or overlap of well under 0.001 in. The leakage
performance of such valves dominates their behavior and the associated
pressure-flow curves for these small valve openings (say |r,| < 0.001 in.).
Outside this region the theoretical equation (5-33) fits very well.
Consider the bridge circuit of a valve, assumed to have matched and
symmetrical orifices, shown in Fig. 5-3. Let us further assume that the
motor lines are blocked, perhaps with pressurc ganges for measurement
purposes, so that the load flow Q is zero. We can now define and measure
three characteristic curves for this valve. By stroking the valve and record-
ing load pressure P, and total supply flow Q, (which is actually a leakage
flow since load flow is zero) for a given supply pressure, we can plot the
blocked-line pressure sensitivity and the leakage flow curves shown in Figs.
5-5 and 5-6, respectively. The load pressure difference P, quickly increases
to full supply pressure after a very small spool displacement. An experi-
mental value for the null pressure sensitivity can be obtained from Fig.
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Leakage
fiow, Q Q.
(<

Valve stroke, x,

Figure 5-6 Typical leakage curve.

5-5 and is the reason for the importance of this curve. The leakage flow
is maximum at valve neutral and decreases rapidly with valve stroke
because the «pool lands overlap the return valve orifices. This curve is a
measure of hydraulic power loss and has little significance otherwise.

A third characteristic is obtained by measuring the total flow through
the valve with the spool centered (i.c., ail four orifice areas equal) as
supply pressure is varied. This flow is cailed the center flow @, and the
resulting curve is called the ccater flow curve. To avoid confusion of sym-
bols, the center flow Q, is simply the particular supply flow Q, when the
spool is centered. The center flow curve for a valve is iilustrated in Fig.
5-7 and reveals the flow is laminar for a new valve and becomes orifice
flow after some length of service because abrasive materials in the fluid
erode the orifice edges increasing their areas. The center flow for a par-
ticular supply pressure can be selected from this curve and is identica! to
the maximum leakage flow in Fig. 5-6 for the same supply pressure. The
center flow curve is useful because the shape of the curve (whether linear
or square root) indicates the quality of valve fit, a single value for center

Worn valve —

Center flow, Q.

|
|
I
|
|
New valve ~\ |

{ Particutar supply
i .~ pressure

Supply pressure, P,

Figure 5-7 Typical center flow curves.
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flow at a selected pressure can be used as a manufacturing tolerance, and
the null flow-pressurc coefficient for the valve can be obtained from this
curve. This latter aspect will now be investigated.

Assuming that the valve orifices are matched and symmetrical, (3-22)
and (5-23) give the load and supply flows, respectively, for the valve,
Differentiation of (5-22) yields*

§&=_ _ C,4, _ ,C"A‘-’ (5_4)\)
L WGP, —~ P 2N(pKP, + Py

Now, differentiation of (5-23; with respect to P, gives the negative of
(5-42). Therefore we conciude that

aQs aQL
== XD = KC 5-43
oP, oP, (5-43)

This result is valid for any matched and symmetrical valve and whether
the flow is laminar or orifice type.

Now, we are interested in obtaining the null flow-pressure cocflicient.
Because the center flow curve is made with Qi =P,=x,=0, (543)
justifies taking the slope of this curve at the particular operating pressuie
as the null flow-pressure coeflicient. This is a simple step to perform
and avoids a difficult direct measurement of —0dQ,/0P,. Comparing
this coefficient for a new and a worn valve (Fig. 5-7), we note that
although the center flow at a particular pressure may increase drastically,
the slope increase is considerably less. Hence the null flow-pressure
coeflicient and, consequently, the null pressure sensitivity do not vary
greatly (perhaps by a factor of 2 to 3) as the valve wears. This is fortunate;
otherwise relatively sluggish system performance would result in compara-
tively short order with contaminated fluids.

Because the center flow is laminar for a new valive, we can use (3-41)
to describe the flow through the sharp-edged orifices due to radial clear-
ance when the valve spool is centered. The pressure drop and flow

* Because the areas are always positive, we note that 9Q, /2P, is always a negative
quantity. This may also be concluded from an examination of the flows in Fig. 5-3.
If P, is increased, letting orifice areas be fixed, the flow through orifice 1 is decreased and
the flow through orifice 4, increased. Under these circumstances the continuity equation
at this node is satisfied only if the load flow is in a direction opposite to thai indicated,
Hence the load flow direction is toward the point of higéer pressure and 2Q,/27, is not
a leakage coefficient, as it is sometimes considered, because leakage flows seck a point
of lower pressure. The name flow-pressure (rather than leakage) coeflicient is used to
emphasize this special distinction. It should be noted that as P, is increased, P is
decreased, and compatible behavior takes place at the other node.
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associated with one orifice are P2 and Q2. respectively. Therefore (3-41)
becomes
2
Q. =", (5-44)
Ru
where w = area gradient of valve, in.%/in.
r, = radial clearance between spool and sleeve, in.
p = absolute viscosity, lb-sec/in.?
P, = supply pressure to valve, pst
Q. = center flow (i.c,, flow threugh valve with blecked load ports
and centered spool), in.?/sec
K., = null flow-pressure coefficient, in.%/sec/psi
Using (5-43) and (5-26), we obtain

W

5.45)
o (5-45)

Kco::

This expression gives an approximate value for the null flow-pressure

* coefficicnt of a practical critical center vaive and is considerably more

correct than the theoretical value of K,, = 0. A more or less standard
radial clearance is r, = 0.0002 in. and this value may be used in prelimin-
ary calculations of K. It is important to note that K,, varies directly
with valve area gradient and, therefore, wit « valve size.

An approximate expression for the null pressure sensitivity of a practi-
cal critical center valve can be obtained by dividing (5-38) by {5-45).

Therefore —
_ 3CAPp

arl

K0 (5-46)

Using typical valuesof g = 2 x 1078 Ib-secfin 2, CN1jp = 70in2/Vib-sec
and r, = 2 X 10~*in., we can get a feel for this quantity. Therefore

K,o = 35,700/ P, psifin. (5-47)

Thus with P, = 1040 psi, one might expect a null piessure sensitivity of
1.13 x 108 psifin. Indeed, practice confirms that values of 108 pst/in. are
easily achicved witlf supply pressures of 1000 psi, and this value is com-
monly used as a r fe-of-thumb for all critical center spool valves. This
is somewhat justifi¢d, for the null pressure sensitivity indicated by (5-406)
is independent §i\ alve area gradient and therefore independent of valve
size. It is perhaps worth emphasizing that (5-45) and (5-46) wre not
rigorous relations and must be considered accordingly. However. ihe
resulting values have compared well with test data in the authot's
expericnce.
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Stroking Forces

+" So far we have been concerned with the pressure-flow behavior of

critical center valves. Let us now examine the forces on the spool of such
a valve. The most important of these forces are the flow forces discussed
in Section 5-6. :
With reference to Fig. 5-3, only two orifices (1 and 2 for +x,; 2 and 4
for —x,) are active at one time in an ideal critical center valve. If we
assume a positive spool displacement, {5-90) and (5-93) can be applied to
orifices 1 and 3 (hoth have the same urea) to give the total fow force,
steady-state and transient, opposing the spool motion. Therefore

Fp = 2C,Ccos Owa (P, — P;) — Llp dQ‘
an
+ 2C,C(cos O)ywx P, + L,p —=° (5-4%)

Assuming that the valve is matched and symmetrical, (5-18) and (5-19)
can be used and the derivative of (5-4) and (5-6) can be substituted into
(5-48) to yield

e du

Fp = 2C,C w(cos O)(P, — P)x, + (L, — L)Cwv p(P — PL)
(5-49}
The pressure derivative P, /dt terms are neglected because there is little

evidence to indicate they play any substantial role in valve performance.
The equation of motion of the valve spool in Fig. 5-3 can now be written

F, = M,‘: + B, 11 + Kz, (5-50)
at

where M, = spool mass, 1b- scc~/m

>
i

(Ly — L)C WV p(P, — P;) = damping coeflicient duc to
transient flow force, Ib-sec/in.
K, = 2C,C w(cos ) (P, — P;) =~ 0.43w(P, — P;) = flow foica
spring rate, Ib/in.

Thus we see that the steady-state flow force acts as a centering spring
on the valve, and the transient flow force behaves like a viscous damping.
Both quantities are somewhat nonlinear because of changes in #,. If
L; < L,, the transient flow force is negative and may cause valve iastability.
Therefore such a valve should be designed so chat L, > L, to prevent this
possibility. This is easily done because it is simply a matter of location
of the two load lines.
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We can obtain an idea of the significance of the transient fiow force
coefficient B, by coraputing the damping ratio in (5-50). The damping
ratio for the quadratic involved is

B, (L, = L:)CaV;;A/_W___

(5-31)

5, =
YAk M, 2V 0.43

and is independent of the pressure P, — P,. Assuming some geometrical
proportions for the spool in Fig. 5-3, we can determine values for 4.
The spool length is usually six times the diameter, that is,

L~ 6d (5-52)
The total damping length is about one third of the spocl length
L+ L~ §’= 2 (5-53)
and the spool rod diameter is usually
d
d, ~ -2 \(5-54)

By subtracting the two annular valve chamber volunie from the spool
cylinder volume, the spool volume is found to be

T T s ’ I\ 3
T L — 2(— P — —d,"’) L+ Ly = (-)— PL= T8 (555
4 7 g JhF Lo =10 PEE

If the spool material is steel (weight density of 0.3 Ib/in.?), then the spool
mass is .

3
, = OIC/DE _ 4 83 x 107 4 1b-sec?/in. (5-56)
386 .‘ -
Assuming that C, = 0.61 and p = 0.78 x 107* Ib-sec®/in.%, (5-51) becomes
L,— L\ [w
5, = 0.34(-—‘———‘) J » 5.57
Ly + Ly/N nd ( )

using the assumed gepmetrical proportions. Now the maximum value for
wis !
w=mnd (5-58)

and occurs when\th¢ ports are the full periphery of the spool. Thus, the
maximum value for{</w/=d is unity.

With full periphery ports and one damping length 5077 greater than
the other (say L, = 1.5L,), a damping ratio of 3, = 0.068 would result;
if L, = 1.5L,, 6, would be negative but with the same value. The nature
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of (5-57) is such that 0, can never be greater than 0.34( w/md but obvious
physical constraints on L, and L, would limit d, to a much lesser amount
of perhaps no more than 0.1V u/r.l In practice, valve designs are such
that L, &~ L,, and there is little attempt to exploit the transient flow force
as a source of damping because of its very limited potential, especially
when the valve area gradient is considerably less than »d.

Both the viscous damping coefficient and the spring rate due to the
flow forces are maximum when P, = 0. Thus, null values tor these
quantities can be defined, and the null ilow force spring rate is

Ky, = 0.43wP, (5-39)
Therefore, a ] in. diameter spool with full periphery poris and cperaiing
with 1000 psi supply pressure wouid have a spring rate of 0.437(3}16C0 ==

€75 Ib/in. which is certainly a sizable value. Thus, a valve stroke of 0.020
in. would require a theoretical force of 13 1b to overcome the flow foree.
In addition, as explained in Section 5-6, the measured low force spring
rate near null is often nearly twice that computed by (35-39). This {act
causes the flow force to be somewhat higher than predicted when the valve
is off from null, even though the flow torce spring approaches that of
theory for larger valve strokesn practice, the source stroking the valve
should have a force capability imuch in excess of the flow ferce so that there
is force potential to shear dirt particles which might lodge in the crifices.

Flow forces are normally quite large and are the major contributor
to the total force required to stroke spool valves. Several compensation
schemes to reduce or eliminate such flow forces have been investizated
(see Section 5-6) but none have met with general acceptance because of
manufacturing cost and the nonlinear flow force which results from im-
perfect compensation. The practical solution to this probiem has been the
two-stage servovalve in which a hydraulic first stage, usually a- flipper
valve, provides a quite adequatc force te stroke the second-stage spool
valve.

It should bz btorne in mind throughout this discussion of (5-30) thut the
mass, damping, and spring constants of the source driving the spool (¢.g..
an electric torque motor) must be added to that of the spool itsell and the
coefficients Af,, B,, and K, must be interpreted accordingly. In many
instances the source coeflicients may be larger than those of the valve.

5.4 OPEN CENTER SPOOL VALVE ANALYSIS

In Section 5-2 performance parameters and characteristics were dxfined
for valves in general. "The rcmlta were then applied in Scetion 5-3 o the
particular case of a criticai center spooi valve which was considered
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detail. In this section a similar discussion will be given for the open
center spool valve. Although this type valve is more limited in application,
knowledge of its characteristics will broaden our understanding of valves.
Also, the critical center valve behaves somewhat like an open center vaive
for small valve strokes.

Return Supply

Py= P

\ Q
To foad

Figure 5-8 Four-land-four-way open center spool valve.

Consider the four-wuy spool valve shown in Fig. 5-8. When the valve
is centered, the underlap of the supply and return ports arc identicai with
a value of U. The case where the supply and return ports have ditferent
underlap is treated elsewhere [1]. Arrows at the ports indicate flow direc-
tions and the numbers at the ports refer to the subscripts of the flow and
the area at the port. It is assumed that the valve is matched and symmetri-
cal and that its operation remains within the underlap region; that is,
jz,| < U. The orificq areas therefore are :

Ay =w(U 4 z) = A4, (5-60)
| Ay =w(U — z,) = 4, (5-61)

Substituting (5-6Q) gnd (5-61) into the general equation (5-22), we obtuin
%1 151
—-—Q—L—/: x1+1")(1—fl) (l——)(l + =L ) (5-62)
ChUNPp urs P, U

This is the equation for the pressure-flow curves of an epen center four-way
spool valve for operation within the underlap region and may be plotted
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Figure 5-9 Pressure-flow curves of open center four-way speoi valve.
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in a normalized manner as shown in Fig. 5-9. These curves are quite linear
compared with those for a critical center valve. Outside the underlap
region the valve acts as a critical center valve, because only two orifices
are active at a time, with pressure-flow curves shaped like those in Fig. 5-4.

The null valve coefficients can be obtained by differentiating (5-62} and
evaluating the derivatives at 9, = P, = x, = 0. Therefore

Ky = 2Cqw J P, (5-63)
P
cwUVPJp
N (564
P,
2P,
Koo = =" (5-65)

As discussed in Section 5-2, the null operating point is most important.
The null coefficients are useful in system dynamic analysis and valve
design. The flow gain is most important, and note that it is twice that for
a critical center valve. Note further that K, depends on w, and K, is
independent of the valve area gradient w. This strengthens similar con-
clusions made for the critical center valve from a study of its leakage
curves. g

Leakage flow curves similar to those defined for the critical center valve
can be made for the open center valve. The total center flow through
the valve is useful because it gives the power losc at the null operating
point. At this point, P, =z, =0 so that 4, = A, = wl, and (5-23)
gives the total center flow as

\ JP' ‘
- Q. =2CwU, /- (5-66)
P

The final item of interest is the force equation for the open center valve,
and this requires a determination of the total flow force which reacts on
the spool to oppose[the driving force F;. The steady-state flow force is
found by applying (§-90) te each of the valve ports in Fig. 5-8 and adding
the result. Signs ar¢ determined from the fact that the steady-state How
force at a particula port acts on the valve in such a dircction as to close
the particular part.| Thus, the steady-state flow force is

[4)(Py — P)) + AsPp — Ay(P, — o) — APy} (5-67)

Fg,, = 2C,C(cos 8,
Combining with Egs. (5-60), (5-61), and (5-3) yields
Fp,s = 4C,C(cos 0)(P, — P )wz, = 0.86uw(P, — Pp)z, (5-68)
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Using (5-93) and following the rule given in section 5-6 to determine
signs of the terms, we can write the transient flow force
1 d d 10
F potransy = ply ""—Ql — pL,; Q—-- "‘Q—" + plL, s (5-69)
dt dt dt di
Using (5-15) and (5-16) and combining with (5-18) and (5-19), we can
write the flows through the orifices

t

Y

5 ke
0,=0, = C,lAl[: (P, — Pl)} = (U + J‘,.)[—l (P, — I’,‘)l (5-70)
Lp P 2

i

2 ' . 1 .
0= 0= 2 - p)| "= conw =L )T sy
p P

The transient flow force can now be written
1 d .
FR(!nms) = P(Ll - L'J) ‘dQl (Ll - Lg) Q (5-72)

The required flow derivatives are found by differentiation of (5-70) and
(5-71). Neglecting the pressure derivative (dPjdr) terms, the final expres-
sion for the transient flow force becomes’

T el LTI 73)
I;R(tr'ms) (Ll - Z)Caw\/ L\ P + P[ + N\ P PL at (575

In most dynamic analysis it is sufficient to consider 7, ~ 0. This value
also gives the largest flow forces. Therefore, by combining the flow forces
with the spool inertia force the force balance equation for the spool in
Fig. 5-8 becomes

d*z dr,
F-—M-———-i-B—~+1\r 5-74
d 2 s di ! ( )
where
K, = 4C,C w(cos 0)P, = 0.86wP,
B, = 2L, — L)Cpw pP,

and symbol definition is the same as that in (5-50). As with the critical
center valve, the steady-state flow force acts as a centering spring, and
the transient flow force acts as a viscous damping. However, it is interest-
ing to note that both the spring rate and viscous damping coeflicient are
twice that of a critical center valve. The open center valve should be
designed so that L, > L, in Fig. 5-8 to prevent valve instability due to
transient flow forces. A discussion of this phenomenon similar to that
given in Section 5-3 can be made.
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5.5 THREE-WAY SPOOL VALVE ANALYSIS

The two most common types of four-way spool vaives were analyzed
in Sections 5-3 and 5-4. The preseat section will give a brief discussion
of the two types, critical center and open center, of three-way spool valves.
Since many of the comments in the last two sections are applicable, we

Return Po==0

Supply  Ps

Figure 5-10 Three-way spool valve with piston load.
'

v

shall merely outline the principal features and equations of three-way
valves. The combination of three-way valve and a piston will be treated
in Section 6-3. \
Three-way spool vhlves must be used with an unequal area piston, Fig.
5-10, to provide dirdction reversal. The requirement prevents the use of
threc-way valves with rotary type motors. The rod and head side areas
of the piston should be such that a steady-state control pressure of about

P,J2: thatis \
P,
) Po= _2— (5-75)

acts on the head arca. This design relation ailows tiie control pressure
P, to rise or fall and io provide cqual acceleration and deceleration
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capability. With no foads on the piston. (5-75) is satisficd by making the
head area twice the rod area; thatis,

A, = 24, (5-76)

and this rule is generally used for piston sizing even with load forces.
However, the areas should be sized to savisfy (5-75) if there are unidiree-
tional force load components.

As explained in Section 6-3, three-way vaives find greatest use in hydrot
mechanical position servos, and the critical center type is usually preferred.
Referring to Fig. 5-10, let us first consider the critical center case in which
either orifice 1 or 2 (not both) is active at one time. Letting [/ =G 15
achiave a critical center, the equations for the pressure-flow curves can
be written directly. Therefore

QL = CdAl[_ (P.s - Pc)] = dexv[— (P« - Pr)J for T, Z 0
P P

2] v
Q.= —CdAz[-z- P,] = C,,,w:tcril:2 PC] for z,<0
P P

(5-717)
A normalized plot of these equations is identical to Fig. 5-4 except that
the abscissa scale must be altered so that P./P, = 0 at Py [P, = —I and
PP, = 1at P[P, = L.

The null operating point for a three-way valve is definedby @, = 2, =0
and P, == P /2. Evaluating the derivatives of (5-77) at this point, we find
that the null coefficicnts for the critical center three-way valve become

/P .
qu — aQL =de s (5—78)
axv 0 P
0L _ 2CwxPJp _
Ko= — i o el 1 A =0 5-79
« aPc 0 Pl Zo=0 ( )
Kyo= CLicY I i (5-80)
axv L] Ly Zy=0

Comparing the null coefficients, we note that the flow gain is the same but
the pressure sensitivity is half that of a four-way critical center valve.
Therefore constant and friction load forces will cause twice the static efror
in systems with three-way valves. In Section 6-3 it is shown that dynamic
errors are also about doubled. This is the most serious objecuon to the
use of three-way valves and offsets to a large extent their manufacturing
simplicity. Thus three-way valves are best suited to hydromechanical
servos which have little or no loads or can toleratc the error.
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Leakage flows and practical values for null coefficients for the critical
center threc-way valve may be treated similar to that in Section 5-3.

For operation within the underlap region (open center three-way valve),
the pressure flow curves given by

it (0 30-E (-2 o

CovUN2PJp U 3 u/\p.
and the null coeflicicnts are
! i/ p ¢
Ky = 9.1 _ 2de(’3—') (5-82)
axv 0 4
20, l 2CwUNP,Jp
=—T"= """ 5-83
° aPc |0 P: ( )
or P
Kyy=—-"|=~* 5-84
it (5-84)
\
The leakage or center flow at null is given by
14 '
Q.= CwU (5) (5-85)
P .

Since three-way valves are usually used in hydromechanical servos, the
source positioning the spool is mechanical and quite stiff compared with
the force loads imposed by the spool. For this reason the force equaticn
describing the spool motion is usually unimportant and flow forces are
not of interest.

5-6 FLO“"FORCES ON SPOOL VALVES

These forces are also referred to as flow induced forces, Rernoulli Sforces,
or hydraulic reaction|forces. These names refer to those forces acting on
a valve as a result of fluid flowing in the valve chambers and through the
valve orifices. - |

Let us first invesfigate the sready-state flow Sforce. The inberent fluid
accelerating property of an orifice results in a jet force of

\ ace
. inass

A—-—? )0‘.’. 2
! F, = pV—Q——z—- —_ ﬂ‘é_:_ = _._sz . (5-86)

acting normal to the plane of fluid at the vena contracta in Fig. 5-11.
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The following symbcis are defined:

0, = volumetric flow rate through crifice, in.?/sec
¥V = volume of fluid being accelerated, in.?
Ay = wx, = orifice area, in.?

C, = contraction coeflicient, dimensionless
p = mass density of fluid, Ib-sec?/in.*

w = area gradient of oritice, in.%/in.
A, = area of the valve land, in.2

6 = jet angle, degrees

Vena contracta

Figure 5-11 Flow forces on a spool valve due to flow leaving a valve chamber.

By Newton’s third law this jet force has an equal and opposite reaction
force which may be resolved into 1two components:

F, = —F;cos ) (axial component) (5-87)
F, = —F;sin0 (lateral compenent) {5-88)

The lateral component tends to push the valve spool sideways against the
sleeve and cause sticking. However, it is compensated in practice by locat-
ing the valve ports symmetrically around the spool. The axial force is
not compensated and acts in a direction to close the valve port. as may be
seen by a comparison of the pressure distribution on faces a and & in
Fig. 5-11. Neglecting compressibility in the small valve chambers (ie.,
assuming the fluid to be incompressible), continuity requires that 0, = O,
and the orifice equation (3-33) can be used to describe the flow. Therefore

g
I
4
which may be combined with Eq. (5-86) to yicld the steady-state axial flow

) Nk 2 _
=0, = (4‘40[; (P, — Pz)} = CchAo[‘ (P, — Py) (5-89)
P
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force acting on the valve spool in Fig. 5-11. Hence
F, = 2C,C, AP, — P;) cos 0 (5-90)

If the orifice is rectangular and the peripheral width is large compared
with its axial length, then the flow can be considered two-dimensional and
LaPlace’s equation can be soived to determine the jet angle 0 if the flow
is assumed irrotational, nonviscous, and incompressible. This solution
was performed by Von Mises and f turns out to be 69° if there is no

10 ' :69“"""‘ "‘-—-T—-—-—-70°
s S ]
‘ 0.935 /(‘ - ;
09 P N 4 | 60°
Wl o, T EL
T 2
- v Ve .
08 l\('&“f 50
. HHIT 7
‘ AN 10
0.7 —- cos § ’ —-—{40°
b \& )
° - |
0.6 —\- Equation of curve: 1 30°
\ 5y _ 1+ (x/2)5in0  log, tan 55(r = )] cos8 ‘
05[-2L Cr — 1+(x/2)cos€ 4 logltan S(x /2 ~ isind_ |,
\\ .
03 ) 0°
0 4 8 12 lo 20
x,/C;

Figure 5-12  Effect of radical clearance on the jet angle.

%

radial clearance between the valve spool and slecve. Using C, = 0.61,
C, = 0.98, cos 69" = 0.358, and defining AP = P; — Py, (5-90) becomes

» F, = 043w APz, = Kz, (5-91)

which is the usual form of the steady-state flow force equation. Thus, the
steady-state flow force is directly proportional to orifice area gradient,
pressure drop, and ypool displacement and always acts in a direction to
close the orifice. Bekause this force depends on valve position, it is com-
pletely analogous td a/ centering spring on the vaive. At smail orifice
openings the jet angle becomes 21° because of radial clearance C,, and the

steady-state ﬂova\fo ce is given by [2]
L= 2C,C(APWT,E + C2cos 0 (5-92)

with cos 0 obtained from Fig. 5-12. Note that the factor cos § varies by
0.933/0.358 = 2.6 so that large deviations from (5-91), due to radial clear-
ance, are possible at short valve strokes.
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Experimentally, the flow force is somewhat larger than that computed
from (5-91). Typically, the curve of force versus valve displacement has
a higher slope at null, perhaps 1.6K, to 2K,, and the curve bends over with
a slope aporoaching K, as the valve is opened a few thousandths. There
are two reasons for the higher slope at null: (1) when the valve is near
null the radial clearance becomes more significant and the jet angle is
reduced; theretore, a multipiicative factor of cos 21° = 0.933 should be
used in (5-90) instead of 0.358, and (2) critical center (zero lapped) four-
way spool valves usually have a slight underlap; therefore, since open
center valves have twice the flow force of critical center vulves—compare
(5-68) with the first term in (5-49)—a higher flow force spring rate shouid
be expected near null.

Thus far the discussion has considered only the steady-state flow force.
If the slug of fluid in the valve chamber is accelerated, then u force is
produced which reacts on the face of the spool valve lands. The direction
of this force can be scen by considering the acceleration of a small element
of fluid (Fig. 5-11) in the direction of flow. If the Auid element is being
accelerated, the pressure on the left side of the element must be greater
than the pressure on the right side. Therefore, the pressure on face a must
be greater than the pressure on face A. Thus, the transient flow force is
due to acceleration of the fluid in the annular valve chamber. The direction
of this force for the case in Fig. 5-11 is such that it iends to close the
valve port; however, this is not the general rule.

The magnitude of the transient fow force is given by Newton's second
law as

Fy=Ma = pLAvM = pLiI—Ql (5-93)
dt dt

Obtaining dQ,/dt from (5-89), the transient flow force becomes

Fy = LCo /2Py — Py 9% 4 - LCavr, (P, — Py)
- Nelpr - py  dt

Thus we note that the transient flow force is proportional to spool velocity
and pressure changes. The velocity term is the more significant because
it represents a damping force. There is little direct evidence to indicate
that the pressure rate term contributes substantially to valve dynamics, and
therefore it is usually neglected. The quantity Z is the axial length between
incoming and outgoing flows and is cailed the damping length.* The

(5-94)

* All damping lengths are considered positive quantitics: however, the associate . flow
forces can be positive or negative. In the literature, however. the signs of the forces
are usually assigned to the damaping lengths so thac positive or negative damping
lengths are possible, The concept of a negative iength is somewhat confusing and clouds
the physics of the forces. Therefore this practice is not loilowed in this book.
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damping length comes about because the fluid mass in the annular valve
chamber is proportional to L. For the case in Fig. 5-11 the transient flow
force is stabilizing because it opposes valve motion. For the reverse flow
arrangement where fluid enters the valve chamber through an orifice
(Fig. 5-13) the transient flow force is desiabil:zing.

In general, a valve consists of a series-parilel combination of several
orifices and establishing the sign of the various transient flow force terms
can become confusing. A recommended metiod is that used in this
discussion and consists of analvzing the reaction ferce on the valve lands
due to the fluid being accelerated in the annular valve chambers whose

h \

Figure 5-13  Flow entering a valve chamber.

lengths are the damping lengths. The transient flow force is stabilizing
if the reaction force acts on the valve lands to oppose the force stroking
the valve. For example, orifices 3 and 4 in Fig. 5-3 and i and 4 in Fig. 5-8
are associated with stabilizing forces while those of the remaining orifices
are destabilizing. The total steady-state and transient flow forces for more
complex valve spool configurations are discussed in Sections 5-3 and 5-4.

Steady State Flow Force Compensation

As discussed with regard to (5-59) .the steady-state flow force is a signifi-
cant contributor to tie force required to stroke spool valves. For larger
valves (four-way, 1 inf diumeter spool, 0.020 in. stroke, and P, = 1000 psi),
this force can exceed|20,1b. There is no particular difticulty if such forces
are available from tHe stroking source. This is usually the case in hydro-
mechanical secvovalbes because the valve is stroked from a mechanical
source with ample force. However, the trouble arises when a valve is
stroked from an cldctromagnetic device, such as a torque motor ot solenoid
which has distinct force limitations (usually on the oraer of 10 to 20 ib).
Such force limitations in turn limit the largest size possible for single-stage
electrohydraulic servovalves, as discussed in Section 7-3. To obtmin farger
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valve sizes, one must resort 1o a two-stage configuration or use some tech-
nique to reduce or compensate the steady-state flow force. The fwo-stiue
solution to this problem is almost universally used in spite of the additiona!
complexity and cost.

Methods of compensating steady-state flow forces are costly in manu-
facture, not very effective, or result in a nonlinear flow force versus stroke
characteristic which is undesirable - Although no method of compensation
has found wide acceptance, a brief” description of four investigated tech-
niques is warranted [2. 3).

Return ’ Supply
PO Pl

VT
To load

Figure 5-14  Four-way spool valve using pressure drop flow force compensation,

The steady-state flow force equation (5-90) states that the force is zera
if the jet angle ) is 90°. Such a condition can be approximated by using
many small holes symmetrically placed around the skeove to make the
orifice area. For each hole the jet angle is 697 for small openings and
reaches 90° when the hole is completely uncovered. The combined resuits
of many radial hole orifices gives a substantially reduced Jow force but
the expensc of valve linearity at small openings because of the round holes.

A second method of compensation is to increase the shank diameter of
the spool at the spoot ends (Fiz. 5-14). Because the annular passage is
reduced. a pressure drop is required for large flows which reacts on the
vaive lands to oppose the centering action of the steady-state fow force.
Although pressure drop compensation is quite simple, it is effective onty
at large flows. It is not effective with partial periphery ports because the
fluid jets tend to spread after leaving the orifices and it becomes ditficu!
to restrict the flows.

If the fluid that leaves a valve chamber can be dirccivd back oa ihe
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Return Supply
Py

{

To load

Figure 5-15  Four-way spool valve using recirculation iands for flow force compensa-
tion.

spool, then an opening force will exist which compensates the steady-statc
flow force. This is the principle of the recirculation lands in Fig. 5-15.
This method of compensation is more effective at higher flows because
considerabie fluid is recirculated, making the net force versus stroke char-
acteristic quite nonlinear.

A method of compensation similar to that of the recirculation lands is
that duc to negative force ports (Fig. 5-16). The returning flow in a motor

Return Supply

(" P,

To load
Figure 5-16 Four-way speol valve using negative force ports {or compensation.
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line impinges directly on the valve spool, creating an opening force. Use
of negative force ports provide nearly perfect compensation at manufac-
turing expense.

The design of a particular compensation scheme should be worked out
empirically following the suggestions given by the original investigators.
Results to be expected are iflustrated in Fig. 5-17. The saturation type
characteristic of the compensated curve is typical because most schemes in-
crease in effectiveness at higher flows. This makes the compensated curve

Uncompensated

=]

[

e

O \

- Compensated

]

Overcompensated

w stroke, in.

Figure 5-17 Typica! flow force curves.

nonlincar and, consequently, undesirable in many systems, especially single

“stage servovalves. Itis possible to overcompcensate with any of the schemes

to the point where the slope of the curve is negative. This may be undes:r-
able because of the adverse atfect on stability in some systems. With
recirculation lands or negative force ports it is possible to overcompensate
even further to the point at which the curve actually crosses the abscissa
(Fig. 5-17) and the force becomes an opening rather than closing force.
This feature is also undesirable becausc of stability considerations.

5-7 LATERAL FORCES ON SPOOL VALVES

In the last section we were concerned with steady-state flow forces on
spool valves. These forces could be resolved into axial and lateral com-
ponents. The lateral component of the steady-state flow force is compen-
sated by placing the ports symmetrically around the spool. However,
another source of lateral forces results from leakage flow (usually laminar)
across the valve lands. These forces cause excessive friction and can result
in the spool being held securety against the sleeve-—a condition referred to
as hydraulic lock. These forces are the subject of this section.
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There is no net lateral force on a perfectly cylindrical piston in a per-
fectly cylindrical bore (the axes of piston and bore need not be coincident)
because of leakage flow past the piston. However, it is not possible to
achieve such a precision fit in practice. Usually there is a small clearance
between the piston and cylinder and some taper in either the piston or
cylinder, as illustrated in Fig. 5-18. The clearance permits leakage across
the piston, and the taper causes a lateral force to be exerted on the piston.

P, s Parallel duct
~

t Bore

Figure 5-18 Tapered piston decentered in bore.

An examination of Fig. 5-18 provides insight concerning the generation
of the lateral force. As the piston moves upward the top duct decreases
in area, increasing the flow resistance. The area is smallest at the lip,
causing a large initial negative pressure gradient. The pressure gradient is
more uniform throughout the remaining piston lengih because the flow
resistance is uniformly decrcased. The initial negative pressure gradient
is smaller in the fower duct because the entrance area is larger. Because
the pressure is greater in the lower duct, there is a net laieral force on the
piston, tending to push the piston to the top wall. The expression for thi-
lateral force can be shown to be [4]

e (5-95
b LV@EC+ 1 -4 >
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where C is the radial clearance at the large end with the piston centered.
This force acts to decenier the pision and drive it to a wall. Substituting
b = C in (5-95) and simplifying, the force holding the piston against the
sleeve is -
F _zri][ 24+ 0 ‘J
ld(Py — Py)  4LCILJ4(1/C) + (£/C)

and is plotted in Fig. 3-19. From the curve we note that the right side of |
(5-96) has a maximum value of 0.27 occurring when ¢/C = 0.9. Thus the

(3-96)

2.3 T T
E 0 \\_“____‘_
I D
&
il
E 0.1 —_—
00 1 2 3 4 5

t/C
Figure 5-19 Normalized lateral force.

hvdraulic locking force becomes

F < 0.27ld(P, — P,) (5-97)
and is extremely large for reasonable parameter values (if AP = 1000 psi
and / = d = lin., then F < 2701b). Therefore t/C « 1 to prevent large

lateral forces. Because this is difficult to achieve it is reasonably safe to
conclude that dimensional control of the taper is an impractical method
of reducing and controlling lateral forces.

If the higher pressure is at the small end of the piston (Fig. 5-18) the
lateral force acts to center the piston. If there is a distinct high pressure
side on the piston, an intentional taper to that side could be used to obtain
a centering force to prevent hydraulic lock. However, this is not practical,
especially on spool valves, because the taper direction would be different
on the various valve lands, making manufacture most difficult.

These lateral forces are commonly compensated by cutting peripheral
grooves on the lands of valve spools and on pistons. Thesc grooves allow
flow around the spool periphery from high to low pressure arcas, thereby
tending to equalize these pressures (Fig. 5-20) and center the piston. These
balancing, equalizing, or centering grooves, as they are often called, in
effect short circuit any localized pressure buildup.
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Sweeaey [5, 6] reports that one groove at the pisten center reduces the
lateral force to 409, of that for an ungrooved piston. Thires grocves
equally spaced reduce the force to 6% and seven grooves, to 2.7°/. Botk
the depth and width of the groaves siiouid be at least ten times the chear-
ance, and the sides of the grooves should be perpendicular to the bore to
prevent wedging of dirt particles. The grooves should be placed at the

Py With groove

Py

Py ) !

(Without groove P
Figure 5-20 Effect of pressure equalizing grooves.

high pressure side of the land or piston and a minimum of three grooves
used. If there.is no distinct high pressure side, the grooves should be
equally SpdCCd across the valve land or piston.

Unless the land or piston is purposely tapered in the proper direction,
these grooves should always be used on close fitting pistons oc valves
because their cost is megligible at the time of manufacture and. in addition
to reducing lateral forces, they provide a reservoir for any dirt particles
which might cause jsticking or friction between the valve or piston and
sleeve or cylinder. [Centering grooves are recommended for use in any
fluid such as aig, fiiel, or oil becausc the lateral forces discussed are in-
dependent of the bricating properties of the fluid.

As discussed m'Qect»on 3-3, the laminar leakage flow past a piston
touching the cyiinder wall is 2.5 times that of a centered piston. Because
equalizing grooves tend to center the piston, the leakage flow is also
reduced and is another reason for the use of such grooves.
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5.8 SPOOL VALVE DESIGN

Referring to Fig. 5-la, there are several critical dimensions that must be
maintained in the manufacture of spooi vaives. The widths of the poriing
lands must match the corresponding widins in the sleeve, and the distance
between the lands must match the corresponding dimensions in the sleeve.
]n addition, close tolerances must be held on the radial dimension betwceen
spool and sleeve and on the Qqui\l‘ulesb of the land cdg’cs These five
dimensions are held to tolerances of £0.0001 in. or better in high per-
formance valves, but in some cases tolerances on the order of 0.0003 in.

may be acceptable. These tolerances are important because They have a

< ' pronounce d effect on the flow gain and pressure sensitivity near nuil,

"One of the first choices to be made is whether a three- or four-way valve

s required. Three-way valves have advantages of only thiee critical di-

U

- ings if the ports consume a major portion of the [)chphPrv of the spool.

|

mensions and only one actuator line. However, such valves are restricted
to use with pistons and have about half the pressure sensitivity and haif
the motor-load resonant frequency of a four-way combination, as dis-
cussed in Section 5-5. The particular application usually dictates the
choice, and four-way valves are used in the majority of cases.

Another factor to be considered is that of the number of lands to be
placed on the spool. Referringto Figs. 5-fa,b.and ¢, itis app.mnf that the
number of critical dimensions are the sams in each case. The two-iand
valve has the advantage of being shorter in length and somewhat simpler
in construction due to the absence of additional lands. Howcver, it has
two disadvantages, the first being that the valve is statically unbalnced.
Referring to Fig. 5-1a, imagine that an vrifice is inserted in the top return
line to illustrate that the resistance to flow of the two retura lines are not
identical. When such a valve is displaced from null, the pressures acting
on the outside faces of the two lands will be different because of the fluid
flowing, and the resultant force will apen the valve {urther. For such a
valve, the center position actually represents an unstable condition. The
second disadvantage is that the valve lands may lodge in the sleeve open-

. The two-land type of construction should be avoidad unless its drawbacks

are well understood. It is possible to correct both of these diszdvantages
by placing two additional lands on the spool, Fig. 5-1¢, to provide sealing
and centering functions; however, these lands lengthen the spool. The
three-land valve of Fig. 5-15 is also statically balanced and, because it has
an mtcrmcdmc number ot lands, s the most widely used

The shape of the ports depend on svstem requiremcats, ln some special
cases it is desirable to shape the puits o obtuin a particuiar flow gatn
curve, as illustrated in Fig. 5 -21. Round ports, although simpic to macning,
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Load flow, @,

Valve stroke, xp

Figure 5-21 Nonlinear fiow gain characteristic.

have the characteristic shown in Fig. 5-22 and are quitc nonlinear. With
such ports the flow gain near aull is very low and increases away from null.
However, nonlinear flow gain characteristics should be avoided because
they offer little benefit when balanced against the many drawbacks. One
should bear in mind that for a system to be stab . in all modes of operation
the system must be initially designed and adjusted to be stable in the region
where the valve flow gain is largest. Because all servo performance param-
eters (error, bandwidth, stiffness. etc.) become worse with lower gain, it
is apparent that servo performance is sacrificed in regions where the flow
gain is less than maximum. This sacrifice in performance is unnecessary
if the flow gain is reasonably linear. In most high performance systems
performance carinot be sacrificed and use of rectangular ports to ‘obtain
a linear flow gain is essential. Therefore lin¢ar ports are optimum from
‘the viewpoint of maintaining good servo performance over a broad operat-
ing range. Systems thaf use a nonlinear flow gain curve and are adjusted
for stability in the low ghin region near nuil usually become unstable when
the valve is displaced fo give larger flows. System instability at larger
flows (i.e., at higher piqtor or motor velocities) is typical of systems using
circular ports. The effeet of nonlinear ports on system performance should
be well understood.before they are used in a system.

If system require}Q nts dictate linear ports, which is usually the case,
then the type of valvé center (Fig. 5-2) must be established. Because a
linear flow gain is desirable, the critical center valve is the usual choice.
However, as discussed in Section 5-1, open center valves are useful in
applications where the valve must be at the null position in u high tempera-
ture environment for extended periods of time and a continuous flow is
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0.2 0<x<D
/ AAJA=1 x>D
AAJA=0 1<0

LA (8/m) \[5/D = (</D)?
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\
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Figure 5-22 Orifice area versus valve displacement for a circular port in a flat piatc,

required to maintain reasonable fluid temperatures. Open center valves
are rcqu.rcd in constant flow (as opposed o constant pressure) systems.
The major disadvaniage of open center vaives is the increased flow gain
near null. Because systems using such valves must be adjusied for stability
at null, servo puformancn is reduced away from nuil because of the lowered
flow gain. Another disadvantage is the power foss at null due to center
flow.

Closed center valves are seldom desirable because of the deadband
characteristic at null. Such a region of very fow gain results in lack of
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control and a tendency for the output device to w.maer in position. I
the output wanders to the edge of the deadband region, the loop will
begin to have gain and initiate corrective action. In some cases this
behavior may appear as a very low frequency of oscillation or periodic
wandering and as such might be classitied as unstable. However, this
phenomenon should not be contuscd with the conventional definition of
stability, that is, in the sense of Nyquist’s or Routh’s criterion, where the
system is unstable usually because of excess {rather than luck of) gain.
Once again we note the desirability of a linear How g,

A critical center four-was spool valve with rectangular poits is by far
the most common servo valve. Such a valve is chaructenizad by 1ts ares
gradient w and maximum stroke r,,. These valves cre umu‘rsdllv rated
by the load flow obtainable at maximum stroke with a soccified valve
pressure drop (usualiy 1000 psi). This rated load flow can be computed
from (5-33). Therefore

r— 7
QL‘meed = C:thz-m;\/ - P, !mted - (5-9%)
P
i
Using values of of p = 0.78 x 10~ Ib-sec?/in.* for petroleum base fluids,
C,; ~ 0.61, and assuming the standard valve drop of 1000 psi, we find thut
the valve flow rating in gpm becomes

01 hratea = 574 W, galjiiin (3-99)
where w = valve area gradient, in.%/in.
z,,, = maximum valve strol\c, n.

It should be understood that various values for load flow and valve
pressure drop (P, — P,) are possible as shown by the pressure-flow curves
in Fig. 5-4. The rated load flow is simply an attempi to represent the
valve capacity by d single number. A better way to rate such valves weuald
be to give the area gradient and maximum stroke because all important
performance pd.dﬂ]CtC"a follow from these two quantities. The maximum
valve area wz,,, would also make a more meaningful valve rating because
it does not requxre choosing a “rated” valve drop, as in the conventional
method. When selecting a valve the pressure-flow curve for maximum
stroke, that is, «,/z,,, = | in Fig. 5-4, should ¢ncompass all load flow and
pressurcs encountered infoperation. The maximum load flow occurs when
stroke is maximum and|full supply pressure is dropped across the valve
(te., P;, = 0). \

Valve size is related té maximum orifice area, wr,,,. It should be cleusr
that wx,, is the maximum area ol each orifice and as such is an attribute
of the valv e_as a whole. [t is apparent that many combinations s of area
gradient and maximum stroke can result in a given maximum area. The
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question naturally arises as to what particular values of and x,,, make
the best combination. Therefore, let us discuss what values are desirabic
and the physical limitations on these quantitics.

The valve area gradient is the principal parameter in the null flow gain
(5-41) and, consequently. has « direct infiucnce on system stability. The
null flow gain can be computed with confidence and usually ranges from
10 to 5000 (or more) infsec/in. Fundument;ﬁl}a the flow gain must be
compatible with guins of other compenents i a system o yield the required

loop gaia. The null flow gain must be determined in this sentext. The

required area gradient is then found from (5-41). Establishing the fow
gain is vary important if itis the inost convenient method of varying system
loop gain. In hydromechanicai servos it is often the only method of gain
control in the loop. In such systems a change in loop gain level requires
a new vilve with a difterent gradient and can hecome an expensive method
of achieving system stability if trial ang error adjusiments are made. Supply
pressure can be adjusted to make smali changes in flow gain; however,
large changes 1n supply pressure for loop gain adjustment purposes is not
recommended pecause this presstre shouid be chosen from load considera-
tions. In electrohydraulic servos a change in electronic amplifier gain is
most convenient to alter loop gain level so that therc is less emphasis on
the valve gain. The electronic amplifier is usvally designed o have 2 gain
range compatiblc with a selected servo valve and other components 10
achieve loop gain requirements.

Once the area gradient w is selected, the minimum value of the spool
diameter is determined because ports may be at most fuli periphery of
the spool. Use of two or four rectangular ports symmetrically placed in
the spool sleeve periphery is the most commonly used method of obtaining
very low area gradients. The arca gradient is then the total width of all
slots at a particular orifice. Notched or beveled spools are less frequently
used methods of obtaining low area gradmf(fg, 7 -

The maximum valve stroke can also be used o vary valve size. Eiectro-
hydraulic servovalves have strokes ranging from 0.005 to 0.010 in. for
small valves up to 10 gpm capacity to 0.015 to 0.030 in. for 50 gpm valves
and may be as long as 0.10 to 0.15 . Tor large 100 to 200 gpm three-stage
valvesgHydromechanical servovalves have much longer strokes in the
same flow capacitics because ot the tonger strohe capability of stroking
sources and the reguirement for fow area gradients to gei system stability.
In general. the longer the stroke the better. Loneer sirokes give teiter
resolution neac null and improved performance with dirty fluids vecase
the valve is open a larger percentage of the tume. increased opcraiing

iime away from null position atluws dirt particies to be tlushbed from the
orifices and reduces siiting problems. Siiting is @ condition where divi

e
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particles in the fluid collect or dam up at the orifices and, especially at
small openings, mey cventually block them. The servo then loses control
for lack of gain and the output wanders from position. The increase in
error may stroke the valve enough to open the particle dam. The servo
loop will then regain control, but the process may repeat as the valve silts
up again. The time for a valve (o silt depends on the particle size and
quantity in relation to the orifice opening and will vary from a fraction
of a minute to an hour or more if the valve is held at null.

B I B Y e O
e i

d a,

d

i

| r |
Figure 5-23 Typical passage in spool vaives.

It is possible to obtain a design relation between w and r,,, from a
consideration of flow saturation and valve strength. With reference to
Fig. 5-23, the spool rod diameter should be at least }d for adequate strength
in the spool. The spool passage areas should be at least four times the
maximum orifice areas to prevent flow saturation and to ensure that the
orifices are the controlling restrictions; that is, :

\

: 7@ —dh > aua,,

Letting d, = }d and simplifying, the criterion for maximum stroke becomes

2
z,,, < 0.147 4 (5-100)

| w
The condition is hardest to meet when full periphery ports arc used. The
area gradient for.such ports is w = md and the maximum valve stroke to
prevent flow satura{ign becomes 0.0474 or about 59, of the spool diameter.
In summary, the haximum valve area wr,,, shouid be large enough to
give the required maximum flow and horsepower to the loud. The pressure-
flow curve for z,,, should include ali values of ¢ and &, in the system
duty cycle. If the area gradicent is too large (wide ports), the valve siroke
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is short and will encourage silting, sticking, and other problems related
to a dirty fluid. On the other hand, large strokes have larger flow forces
and are limited by the force and travel capability of driving units. This
is especially so in electrohydraulic servou!\u in which strokes are limited
by the torque motor displacement capability to values usuaily less than
0.020 in. The area gradient should be given more attention than stroke
in determining valve size for systems in which valve gain is used to vary
system gain.

59 FLAPPER VALVE ANALYSIS AND DESIGN

Relatively loose tolerances with the corresponding reduction in cost and
insensitivity to dirt makes the flapper valve attractive in low power appli-
cations in which the power loss due to leakage is permissible. Neurly all
two-stage valves have a flapper-valve first stage which constitutes their
major application. The pressure-flow curves of flapper valves are relatively
linear, and the performance of these devices are quite predictable and
dependable. The purpose of this section is to determine the pressure-flow
curves, null cocflicients, and flow forces for both single and doubie jet
configurations and to develop relations useful in design.

Single-Jet Flapper Valve

Let us first consider the single-jet or three-way flapper valve (Fig. 5-24).
A fixed upstream orifice 4, is used to cause a control pressure #, which
can be modulated by moving the flapper. A capillary could also be used
for this purpose, but the valve would be sensitive to temperature because
of viscosity changes. An orifice is universally used for this rcason. The
curtain area rather than the nozzle area is the controlling restriction at
the flapper. It is convenient to first establish the working range of the
control pressure by obtaining the blocked-load characteristic. By con-
tinuity of flow

0=+ Q. - (5-100)

where the flow are given by the orifice equation as

\= P, ,‘ Pc):l% = 3 D 2c,,0[ s c)] ; (5-102)

Y,
ICdf[ c:l = 7D y(xp — x!)caf(; Pc) (5-103)

The quantity z, is the equilibrium flapper position about which the flapper
is displaced an amount z,. If there is no flow to the load, that is, the load
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Supply, P, —>Q1 P,
Ay, Do [

S ‘ﬁj?

Figure 5-24 Single jet flapper valve with piston load.

is blocked, then Q; = Q, and the orifice flows can be equated and the
result simplified to yield

271
Pe_ [1 + (—CJ'—”J) ] (5-104)
P: Cdvo’

This equation for the blocked-load characteristic is plotted in Fig. 5-25,
and it is quite apparent from the curve that adequate modulation of the
control pressure requires an equilibrium value of about 0.5 to 5.6P,.
Furthermore, it can be shown that maximum pressure sensitivity is achieved

10

08 N

0.6
Pc/P,

04

0.2

o 04 08 1.2 16 20 24 28
CafAj/CaoAo

Figure 5-25 Blocked load characteristic of single jet flapper valve.
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if P, = 0.5P,. Thercfore an equilibrium control pressure of 0.5P, is con-
sidered a design criterion. This criterion requires that the orifice ratio at
the null point be
CoyAy _ | = CarmDyZpo (5-105)
CuoAs Caody
and is a good design objective for both three- and four-way flapper valves.
This criterion also requircs that the pistons used with three-way valves
have an arca ratio of 2.
The equation for the pressure-flow curves is obtained by substituting
(5-102) and (5-103) into (5-101). After algebraic simplification, the result is

14 ; \ 4
S ) S (1 _ 5\) _ CymDys (1 _ ) (5) (5-166)
Cgvo\/(Zf PP, Py Cao4o xg/ VP

If the design criterion of (5-105) is followed. and it should be, then

C“’A°‘/Q(;/ PP, (l - %:)% B (1 - ﬂ) (%)x (5-107)

Zyo ]

which is the final expression for the pressure-flow curves for a singie-jet

fiapper valve and is plotted on a nondimensional basis in Fig. 5-26.
Equation (5-107) may be differentiated and the partials evaluated at

z,= Q@ =0and P, = {P,to obtain the null coefficients. Therefore,

16
Koo = % = cd,nvy(ﬂ‘) (5-108)
xl 0 P .
oP P
_ 0P| _ P 5109
K= — 28| _ 2CumDxn (5-110)
aPc 0 \/pP,

The leakage or center flow at null is given by

0. = Cd,nDNxm(-—‘) (5-111)
P,

and constitutes a power loss.
The fluid flow striking the flapper causes an unbalanced force on the
flapper. The expression for this force is given by (5-130) witk: P, replaced
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by P.. Therefore

16C,° 2
Fo= Pty 14 55 oy — 2] (5-112)
Dy
where Ay = (7/4)D)\? is the nozzle area. The term (x,, — ,) is simply
the clearance between flapper face and nozzle. For small clearances the
force on the flapper duc to flow impingement is approximately the static
pressure P, acting on the projected nozzle area. As the flupper clearance
increases, the velocity pressure increases giving a greater force. It can be
shown [2] that the force on the flapper will approach twice the blocked
nozzle force, thatis, 2P 4y, when the flapper is moved a large distance from
the nozzle. However, such large clearances are not ¢encountered in flapper
valves because good design requires that x,/Dy < ,'s and this criterion
makes the second term in the bracket of (5-112) much less than unity.

.Evaluating the derivative of (5-112) at the null point x, = 0 and P, =
1P,, we obtain

d—F-li = —47C, Pz (5-113)

dr,lo \
which is the spring gradient of the flow force. Thus, we see that flow
impingement on the flapper acts as a negative spring. This has a de-
stabilizing effect and requires that the srurce driving the flapper have a
larger positive gradient to compensate. This negative gradient is quite
small and usually causes no difficulty because three-way flapper valves are
normally used in hydromechanical servos where the source Actuatmg the
flapper is quite stiff.

Because the flow {orce acts to statically unbalance the ﬂdppcr 4 small
steady-state system error is required to provide a balancing force. It is
usual practice to balance this force either with a spring or a small piston
on the opposite side of the flapper with P, acting on the piston area to
prevent the error.

Double-Jet Fiapper Valve

The double-jetfor four-way flapper valve is shown in Figs. 5-27 and 5-30.
The flow equatigns are

: 171 14
Q0.=0, = 0l = Cdvo[z (P, — Pl)] Coym Da(2, — ) (f Pl)

\ ’ (5-114)

2 Y Y, 1
0L=04— Q3 = CymDp(x4o + -"’r)(; Pz) - CdUAO[; (P, — P?)J

(5-115)
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Using Equation 5-105, these equations reduce to

. 1y \ 21
0r _ _ [2( _ f’_x)] _(1 _ f_)(&) (5-116)
Cavo\/P Slp P g P,

\ g ’, \ 14
. 2 0\/2 2
———QL‘/_:= (1 + —”—’)(—-&) - [2(1 - 52” (5-117)
CaoAoV P,[p ’ g’ \ Py P,
These two equations combined with the relation
P, =P —P, (5-118)

completely define the pressure-flow curves for the two-jet flapper valve.

T
Supply, P, —> —Q h
1l P,
Ao = (r/4)D}/
xf
PiVOt\C o~ \»QLT To load
(o] } > 10 l0a
xmﬁ'l T Qs
Dy
Ao\ P;
NJ
Supply, Pe  ——>Q - Q

P

Figure 5-27 Doublc jet flapper valve.

Unfortunately, these equations cannot be combined into a single relation
in a simple manner, but must be solved in the manner indicated in the
footnote on page 81. The nondimensional plot in Fig. 5-28 will result,
and as can be seen, the curves are quite linear. The blocked-load charac-
teristic is given by (5-104) for each side of the valve by interpreting P, as
P, or P, and subtracting to get P,;. The resulting curve is shown in Fig.
5-29. As before, equilibrium values for P, and P, should be 0.5P, with
the design criterion given by (5-105).
The leakage or center flow at null is given by

0, = zcd,ﬂpl\,x,o(ﬁ) (5-119)
. \p

which is twice that of a single-jet flapper valve.




bl L my s ot W AR 1 e — N~ Ve R FR AN e g Fon et Siang | Thge® e TR ¢ Al - acmthic e Py . 2y N
LT TN AT e Dl Ry et s B SRS e Mg g g N gl Tt G IR g T i i T e I S T a5 WS AR o T 50

g,

1 HYDRAULIC CONTROL VALVES

NN

12 AN \\ \\ —
TR
FAINRNAN

NAVY

Q
& 02 \
2 \
3 o0
S
\ —02

-02 y !

NN
-0.4 N 0.6

\{0;&

~06 =10 AN AV
-08 \

-12

-14
~10 -08 -06 =04 =02 0

P /P,

Figure 5-28 Pressure-flow curves of double jet flapper valve.

Let us now determine the valve coefficients at null, that is, at the point
where x, = Q; = P, =0 and P, = P, = P,[2. The linearized form of
(5-116) is

= Brp, 4 Wupp (5-120)

A
O oz, P,

Evaluating the derivatives of (5-116) at null and using (5-105), we fird that
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QQ—I' l = Cd!”D.\'(}—)g)/
P

oz, lo

]
= — DTy

0 VoP,

20, \
aP,

(5-121)

(5-122

In a similar fashion (5-117) may be lincarized about null to obyain

(5-123)

P\ 2C X,
AQ,, = Cd,nDN(—&\) Az, + ™D g p,
P V'/PPs
Addition of (5-120) and (5-123) and combining with AP, = AP, - AP,
yields .
“
D+
AQ, = Cd,er‘\.(}—)?) Az, — gi’ﬁ-“—xmAPL (5-124)
P VeP,
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Figure 5-29 Blocked load characteristic for double jet flapper valve.
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This is the linearized form of the pressure-flow equation of the two-jz
flapper vaive for operation at null. The null coetlicients are obtained
directly from this equation.

K, = 20s = C,7D. (f’— (5-125)
f
Ax, iapy e \p
é’fd b (5-126)
AT, IA()L- Lo
K”’ = AQL Cir” Q}:‘I 0 15_127)
AP, lazp-0 V ,;P

Comparing these relations with those of the single-jet flapper valve, we
note that the flow gains are identical but the pressure sens itivity is doubied.
It is apparent that increased pressure sensitivity is achieved at the expense
of increased null leakage. The physical symmetry of the double-jet fupper
valve results in reduced null shift due to temperature and supply pressure
variations. Another advantage over the singlc-ju arrangement is the fact
that the pressure force acting on the flapper is balanced af nuli. This
force for the two-jet flapper valve is approximately given (neglecting the
velocity pressure) by P;Ay. This force does result in inherent feedback
proportloml to load pressure, but it is small without special attention and
is usually neglected.

Flow Forces on Flapper Valves

Thus far it has been stated that the significant force on the flapper is
that resulting from the static pressure acting on the nozzle area projected
onto the flapper. The velocity or dynamic pressure also acts on the flapper,
and it is of interest to include this effect. Consider the flapp ser-nozzle
configuration in Fig. 5-30 in which the flapper is mounted on a torsion
rod (torsion spring) with a torsion gradient of K, in. -Ib/rad. This is the case
when the flapper is driven by a torque motor where the torque radgtor
armature also sfrves as the flapper. If the flapper is driven from some other
source, then K}, can be considered the equivalent torsion spring constant
of the flapper ifnd;its driving source. Using Bernoulli’s equation, we give

the force Ijl b Fl = (Pl + %Pulz)A,\' (5‘128)

where u, is\the fluid velocity at the plane of the nozzle diameter and is
given by

1 ————— e e =n

9, - CyymDy(xy — x,)\f(ljp)p}_ — ‘_1_(_{4_{?'.!0 TN ‘&, #P
Ay wDy*[4 Dy

U, =
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Combining these two equations, we obtain

16C, (x 0 —
F, = Pl[l + .——‘?’—%’“—g—ﬂ)—z]/ay (5-130)
N

Similar reasoning leads to the cquaticn for the force F:.

16C,,* (210 + ﬂ)_r

A 5-131
Dy’ |4y ( )

F2=P2[1+

Torsion spring, Xa

Py

Figure 5-30 Enlarged view of nozzles.

Now the net force acting on the flapper is the difference of these forces.

Fy— F,= (P, — P)Ay + 4nCuP(z0 — 2Py — (Zg0 + z,)*P,) (5-132)

Using (5-118) and approximating P, &~ P ~ P,[2, the steady-state value,

we obtain the relation

F,— Fy =P Ay + 4nCyltx*Pr + 47 C, 22 2P — 8mCylfx P 2y

(5-133)

Good flapper valve design requires that 2,0/ Dy < ', Which makes the

second term negligible compared with the first term. The third term can

also be neglected because Py, ~ z, ~ 0 near null where most operation
occurs. Thus (5-133) can be approximated by

Fy — F, = PrAy — (87C, P X10)%; (5-134)

Now, the equation of motion of the flapper in Fig. 5-30 can be written
ae . - <
T,=J,— + K9 + (F1 — F)r (5-135)

dt’
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where T, is the driving torque on the flapper such as that which would be
obtained from a torque motor. For small angles

tan0 = 2 ~ 0 (5-136)
r

A combination of the last three equations yields

b 2

7= ded
- r

3 K
-—i—? + rPpAy + [_: - (SW('afzsz’in)]r’! (3-137)
de* re

“

the flapper. To get a feel for values, this negative spring rate is about
30 Ib/in. if the supply pressure is 1000 psi and the null flapper clearance is
0.003 in.* The stiffness of the source driving the flapper, K,/r?, must be
greater than this negative spring rate to prevent the possibility of flapper
instability. However, this is not the only criterion for stability. The ex-
pression for P, should also be included in (5-137), and Routh’s stability
criterion applied [7]. However, because P, depends on the load on the
flapper valve, over-all stability must be determined from an analysis of the
system in which the valve is placed.

Flapper Valve Design

The design of flapper-valves is straightforward. The flow gain is deter-
mined from system requirements, as discussed in Section 5-8. Oncc the
null flow gain is established, the nozzle diameter is found from (5-125).
Therefore ‘ ‘

’ DN = ——}\—’L_
LN ‘"’Cd/\/P:/P !

'

The null flapper clearance z,, should be as small as possible to achicve
largest pressure sensitivity and smallest null leakage. However, it must
be large egough to permit passage of the dirt particle sizes expected in the
fluid. Values in the range of 0.001 to 0.005 in. are used. A maximum
value for[the null clearunce can be established by requiring the curtain -
area to bq less than one fourth the nozzle area. This criterion ensures that

(5-133)

* One.soujce [8] reports the experimental negative spring rate to be three times the
theoretigalf value. Rounding of the inside edge of the nozzle or reattachment of the
radial jetdnto the land of the nozzle face or a large land in relation to flapper clearance
(see Fig. 5:31) could increase the contraction coetflicient and give a discharge cocflicicnt
of Cy4 = 0.85 to 1 instead of the usual 0.61 or so. This could increase the negative
spring rate substantially since it is proportional to C,* Definitive investigations of
flapper flow forces, and especially of the negative spring rate, are needed.
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the curtain area is the controlling orifice. Therefore,

1\nD,?
D.x (— M\
mONTse < 4) 2

Simplifying, we obtain

Dy
16
Thus the maximuin null clearance is D\/16. Once Dy and =,, are deter-
mined, the value for D, may be solved from (5-105) if the discharge
coefficients are known. Therefore*

T <

(5-139)

C" 121
D, = 2(C— DNxﬂ,> (5-140)

[

The upstream orifice is usually of the “short tube™ type because length
to diameter ratios of 2 to 4 are common. Consequently, the discharge
coeflicient C,, is greater than that of a sharp-edged orifice and usually is
in the range 0.8 to 0.9. The discharge coefficient C,, of the annular curtain
area between nozzle and flapper is more difficult to establish because
the gcometry is more complex. Experimental results of Lichtarowicz and
Markland [9] (Fig. 5-31) indicate that the land-length to gap ratio should
be less than 2, that is, / < 2z, for this orifice to be considered sharp
edged with a discharge coefficient of about 0.6. However, Feng [7] reports
a discharge coeflicient of about this vilue with much less favorable geom-
etry (Dy = 0.0208 in., / = 0.0251 in., and Ty < 0€Q032 in.). Land lengths
up to 0.010 in. are in common use despite warnings to scek a sharp-edged
orifice. A sharp-edged orifice is preferred at the flapper because it is less
influenced by temperature, has more nredictable behavior, and is less sus-
ceptible to flow instabilities caused by fiow reattaching to a longer land
length. The bevel angle x is not critical if greater than 30° because it does
not materially affect the discharge coefficient. It has been the author’s
experience to expect a discharge coefficient ratio Cuy/Cyo of about 0.8, and_
thi}z value is recgmmended for preliminary design purpomgrthc
discharge coefficients are measured, some minor adjustments in the orifice
diameters may be necessary.

* This value of D, is based on selecting the equilibrium value of 2, {or P, and F, for
the 2-jet valve) to be P., = 0.5P, (see page 1i9). This value gives maximum pressure
sensitivity and has been used in deriving most relations in this section. Actually,
satisfactory performance can be achieved for equilibrium values in the range 0.3P, to
0.7P, corresponding to values of D, in the range

L62(CyyDyxro/Cilt to 2.48(CyD 370/ Co)3 5.

The larger value of D, corresponding to-0.7P, is often preferred to pass a more con-
tamninated fluid but it also results in larger center flow and larger flapper flow forces.

P
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Figure 5-31 Variation of Cy, with land/gap ratio. The Reynolds aunber is defined by

R = Q/=Dv (from *“Calculation of Potential Flow with Separation ir a Right-angled

Elbow with Unequa! Branches,” by A. Lichtarowicz and E. Markland, Journal ¢f Fluid

Mechanics, vol. 17, Pt. 4, Dec., 1963, Cambridge University Press, Cambridge, Engiand).
{ [

It may be of interest to tabulate some compatible values of the quan-
tities involved. If dirt-passing performance is favored, the maximum null
clearance of D

N

Z1o 16 (5-141)

is recommended. Substituting this value into (5-140) and assuming
Cy/Cyo = 0.8, we have :
. D, = 044Dy (5-142)
Selecting three null clearance values, we tabulate the results in Table 5-1.
The center flow was computed from (5-119) with P, = 1000 psi and tab-
ulated to demonstrate the large increase in this flow with increasing nuli

Table 5-1 Compatible Values of xs, Dy, and D,

Upstrcam
Nozzle Orifice
Null Clearance Diameter  Diameter  Center Flow
/ xy, (in.) Dy, (in) D, (in.) Q. (gpm)
0.001 0.016 0.007 0.06
0.002 0.032 0.014 0.23

0.003 0.048 0.021 0.52
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clearance. It should be emphuasized that Table 5-1 contains rccommendad

design values based on the use of {5-141). The general design relations are
(5-139) and (5-140}.
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Hydraulic Power Elements

Hydraulic actuation devices may be linear or rotary and are usually re-
ferred to as pistons or motors, respectively. These two actuation devices
may be controlled by a pump or a valve giving four basic hydraulic power
elements and two basic over-all systems: pump controlled and valve con-
trolled. Such hydraulic power elements, simply a combination of the
components discussed in the last two chapters, are the principal power
device in all hydraulic systems.

The pump controlled system consists of a variable delivery pump
supplying fluid to an actuation device. The fluid flow is controiled by the
stroke of the pump to vary output speed. and the pressure generaied
matches the load. It is usually difficult to close couple the pump to the
actuator and this causes large contained volumes and slow respense. The
valve controlled system consists of a servovalve controlling the flow {rom
a hydraulic power supply to an actuation device. The hydraulic power
supply is usually a constant pressure tvpe (as opposed to constant fiow)
and there are two basic configurations. One consists of a constant delivery
pump with a relief valve to regulate pressure, whereas the other is much
more efficient because it uses a variable delivery pump with a stroke con-
trol to regulate pressure.

The relative advantages of the two types of system may be summarized
as shown on page 133.

The features of each system tend to complement the other so that appli-
cation requirements would dictate the choice to be made. Generally there
is not a cost advantage to either because the need for a replenishing
arrangement and a stroke servo ior the pump controiled system offsets
the costly servo valve and heat exchangers required for the valve controtled
system. However, the faster response capability of valve controlled sys-
tems—both to valve and ioad inputs—makes this arrangemert preferred
in the majority of applications in spite of its lower theoretical maximum
operating efficiency of 67%.- In low power applications where the in-
efficiency is comparatively less important, use of valve controiled sysicms

132
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Pump Controlled

. Slow response because pres-

sures must be built up, con-
tained volumes are large, and
the stroke servo has compara-
tively slow response.

. Much more eflicient since both

pressure and flow are closely
matched to load requirements.

. Bulky power element size makes

application difficult if pump is
close coupled to actuator.

. Auxiliary pump and valving re-

quired to provide oil for replen-
ishing and cooling.

. An electrohydraulic servo is
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Valve Controlled

. Fast response to valve and load

inputs because contained vol-
umes are small and supply pres-
sure is constant.

. Less efficient because supply

pressure is constant regardless
of load, and leakages are
greater.

. Small and light power clement

but a bulky hydraulic power
supply is required.

. Oil temperature builds up be-

cause of inefficiency which ne-
cessitates heat exchangers.

. Several valve-controlled sys-

generally required to stroke the
pump which increases system
cost and complexity.

tems can be fed from a single
hydraulic power supply.

is nearly universal. Applications which require large horsepowers for con-
trol purposes usually do not require fast response so that a pump coutrolled
system is preferred because of its superior theoretical maximum operating
efficiency of 100%.

The purpose of this chapter is to define parameters and determine the
transfer functions of several basic hydraulic power element combinations
with various loads. These analyses yicld a description of the dynamic
performance, knowledge of which is absolutely essentiai in the rational
design of hydraulic control systems.

6-1 VALVE CONTROLLED MOTOR

The hydraulic power element composed of a servovalve controlled
rotary motor is probably the most widely used combination. A thorough
analysis of this combination to obtain dynamic performance will give
results fundamental to design and to other power element combinations.
Because many of the equations are nonlinear, especially that describing
the pressure-flow curves of the valve, a linearized analysis must be used.
Machine computation could be used to solve the nonlinear equations, but
the result would apply only to a given system because numerical values
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must be assumed for coefficients. Even if nonlinear sclutions were easily
obtained, all would not be well because design procedures, performance
specifications, and the interpretation of test data are based on linear theory.
Therefore, linearized analysis is essential, but care must be taken to in-
vestigate all operating points. If allowance is made for the runge of values

a B

R

e R
— WIPI .

Supply
Figure 6-1 Valve-motor combination.

which a parameter can assume due to different operating points, then a
linearized analysis is not unduly restrictive.

Consider the valve-motor combination shown schematically in Fig. 6-1
and let us first determine the servovalve equations. Assuming the servo-
valve orifices are matched and symmetrical, the pressures in the lines will
rise above and below P,/2 by equal amounts so that the pressure drops
across the two valve orifices are identical. Hence the valve coefficients
for both forward and return flows are the same. Therefore, assuming
constant supply pressure, the linearized servovalve flow equations are -

‘Ql = quv - 2K5P1 i (6‘1)
Qs = Kz, + 2K P, (6-2)
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where Q,, O, = forward and return flows, in.?/sec
Py, P, = forward and return pressures, psi
, = valve displacement from neutral, in.
K, = valve flow gain, in.3/sec/in.
K. = valve flow-pressure coeflicient, in.%/sec/psi

The valve coefficients were discussed in Chapter S for various valve
types. The flow-pressure coeflicient for each portin Fig. 6-1 is twice that
for the valve as a whole becuus K, was defined with respect to P, and a
change in Py, is twice that which occurs across a port. Adding the servo-
valve flow equations gives

0L =Kz, — K.P, (6-3)
where 0, = & ; Q _ load flow, in.%/sec (6-4)
Py = P, — P, = load pressure difference. psi

This is the usual form of the linearized flow equation of the seivovalve,
The load flow represents the average of the flows in the lines and cannot
be interpreted as being equal to the flow in cach line uniess external
leakage is zero. As discussed in Section 4-3, the concept of iocad flow is
useful since it reduces the number of flow variables required.

Let us now turn to the motor chambers and assume that the pressure
in each chamber is everywhere the same and does not saturate of cavitate,
fluid velocities in the chambers are small so that minor losses are neg-
ligible, line phenomena are absent, and temperature and density are con-
stant. Application of the continuity equation (3-53) to each motor chamber

yields v v ap
— Cin(Py— Py — C,, P, =2 4 1145 6.5
01 = ConlPy — Py) = 65)
dv, V, dP, )
C;(P, — P,) — C,,P» — 0, = =22 2 6-6
(1 2) 2 — O, ar _ﬂe _dt (6-6)

where C,,, = internal or cross-port leaxage (i.e., leakage from one motor
line to the other) coefficient of motor, in.%/sec/psi
C.m = external leakage (i.c., leakage from each motor iine to case
drain) coeflicient of motor, in.%/sec/psi
B. = effective bulk modulus of system (includes oil. entrapped
air, and mechanical compliance of chambers), psi
¥y = volume of forward chamber (includes servovalve, connect-
ing line or manifold, motor passages, and volume swept it
by pistons or vanes), in.3
V2 = voluine of return chamber (includes servovalve, connecting
line or manifold, motor passages, and volume swept out by
pistons or vanes), in.3
t = time, sec
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The volume in each motor chamber is not constart but varies i o
discontinuous sawtoothed fashion with shaft rotation. as illustrated in
Fig. 6-2. This is a characteristic of all types of motors and may be deduced
from an examination of a chamber. For example, consider the high
pressure chamber of a piston type motor. The chamber valume changes
at the porting instants because the piston completing its power stroke has
accumulated a large head volume, and it is replaced by a piston starting
a powet stroke with a small head volurne. Hence thereis an instantancous

S

Slope = D,

Chamber volume V1, in.3

Shaft rotation 8,,, rad

Figure 6-2 Volume of a motor chamber versus shaft angle.

change in volume equal to the area of one piston times its stroke. These
discontinuities occur each time a piston undergoes transition from high
to the low pressure chamber so that the frequency is equal to the numbcer
of pistons times the motor speed. An identical but opposite change in
volume occurs simultancously in the other motor chamber. The two cham-
ber volumes may be expressed by

Vi= Vo + f40,) 67
V2 = VO __f;:(gm) (6'8)

where V, = average containcd volume of cach motor chamber (in-
cludes servovalve, connecting line or manifold, and motor
passages), in.?
f(0,,) = sawtoothed variation in each chamber volume, in.®
0,, == angular position of motor shaft, rad
D,, = volumetric displacement of motor, irn.3rad
It should be apparent that the volume of a chamber must depend on
shaft rotation. Because there is no direct connect:on between the chame
bers, a continuous flow throvgh the motor is achicved enly if the volume
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of one chamber steadily increases while the other chamber volume decreuses
with shaft position. This is physically possible because a piston cylinder
fills with fluid, and the trapped fluid is then transported to the other
chamber where it empties. A succession of such pistons forms a sort of
bucket brigade which permits continuous flow. The rate at which the
volume increases (or decreases) with shaft position is therefore the motor
displacement. Hence the time derivatives of (6-7) and (6-8) are given by

dv, If. /s
J:M:pm%-_—_~fﬁ- (6-9)
dt dt dt dt

and represent the theoretical flow to and from the motor, respectively.

Equation 6-9 overlooks the discontinuities in Fig. 6-2 and assumes constant

motor displacement. Although the latter is not true for many motors, the

variation in displacement is usually quite small and may be neglected.
Adding (6-7) and (6-8), we obtain

Vi=Vi+ V, =2V, (6-10)

where V, = total contained volume of both chambers, in.3

V, is the total volume of oil under pressure P, and P, and, therefore, is
often called the roral compressed volume. The name total contained volume
is also used and emphasizes the fact that it is the volume confined within
the motor as opposed to the volume £,(4,.) which is used to produce shaft
rotation. ¥, is the total of the volumes of: (a) both motor lines of the
servovalve with spool centered, (b) both connecting lines or in the manifold
between servovalve and motor, and (c) both motor chambers and asscci-
ated passageways.

It is desirable and possible to express the continuity equations in a more
useful form. Substituting (6-7) through (6-9) into (6-5) and (6-6) and then
adding them, we have

. de,, ( c,,,,) Vo d(Py — P,)
=D,—=+1{C, + =2)(P, - P,) + 2 21— T2
QL mdt+ |m+ 2 (1 2)+2 dt
fv(ﬂm)(dl’l sz)
— =+ =} (6-11
28, \dt dt 6-11)

Let us now examine the last term on the right in (6-11). This term must
be zero for a linearized analysis. It may be neglected by assuming that
1£,00.)] K V, or by differentiating (5-18) and (5-19). which are assuned
to be applicable, to show that dPy[dt + dP,/d: = 0. Therefore, (6-11) can
now be Laplace transformed to give

QL = D,,,Sﬁm + Ct,'nPL + 4Lﬂz SPL (6’12)
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where C,,, = C,, + %—'—'ﬁ = total leakage coefficient of motor, in.3/sec/psi
s = Laplace operator, sec™?

Equation 6-12 is the basic form of the continuity equation for all hy-
draulic actuators. In fact, it is customary to write this equation directly,
and (6-3) as well, without detailed considerations of the flows in each
chamber. The flow proportional to pressure derivative is known as the
compressibility flow. Thus the load flow Q, is consumed by leakage,
flow to displace the actuator, and flow stored due to compressibility.

The final basic relation is the torque balance equation for the motor
which, Laplace transformed, is*

T, =(P,— P)D,, = Js*,, + B,s0,, + GO, + T, (6-13)

where T, = torque generated or developed by motor, in.-1b
J, = total inertia of motor and load (referred to motor shaft),
in.-Ib-sec?
B,, = viscous damping coefficient (would include motor internal
damping) of load, in.-Ib-sec \
G = torsional spring gradient of lead, in.-1b/rad
T;, = arbitrary load torque on motor, in.-lb
Static and coulomb friction loads wo . J also be present to some degree
but must be neglected in a linearized ana]ys:s 1.
Equations 6-3, 6-12, and 6-13 define the valve-motor combination. Let
us now combine them to obtain physically inteipretable results and an
over-all transfer function. Combining and simplifying yields .

K, Kee (1 + s)T
X,
. Dm v Dm 4ﬁ Krr ’ ‘ ;
" 'V,J, o (K"J, BV, ) . ( B.K. GV, ) K..G
1+ + +

.0, "\, Tap0,) b, " 4g.0,)° T b,
(6-14)

where K, ¢+ Cim =K, + C;,, + C,,,/2 = total flow-pressure co-

efficient, in. 3/s c/ﬁsn

of the line pr\squres and sign dcpundent on velocity (see Section 4-3). Although the
pressure sum is early constant, that is, P, + P, = P,, with servovalve control so that
this friction torquc is constant, it must be omitted from a linear analysis because of the
noniinear dependence on velocity. Qualitatively, this friction torque would act to
increase motor damping at small inputs. Inclusion of this term would require a non-
linear analysis [1].

* For many i\t ry motors there is an internal friction torque proportional to the sum
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Equation 6-14 gives the motor response to both valve position and load
torque inputs. The system characteristic equation is a cubic. 1t should
be emphasized that J,, B,,, and G are lumped coefficients representing the
total acceleration, velocity, position dependent torques, respectively, on
the motor so that (6-14) is quite general. Because usual loads are often
simpler, some special cases of (6-14) are of interest. The quaatity D, /K,
is a damping coeflicient due primarily to the valve and is usually very
much greater than B,,. Hence the term 38,,X,,/D,,2 can be neglected com-
pared with unity in (6-14). Furthermore, let spring loads be absent, that
is, G = 0, for the present, so that (6-14) reduces to

—ee -
m Dm D'ﬂl 4ﬁ8h(? (6_15)

& 26,

— +t—s+1
w), 0,
2 2
where o, =J2ﬂ‘D"‘ = 46D, (6-16)
VoJ: ViJy

8, = Kee [Bede | _‘Zm_A/_‘i (6-17)

Dm l/‘ 4DY’I ﬂt‘]l

w; = hydraulic undamped netural frequency, rad/sec

dn = hydraulic damping ratio, dimensionless 4
Equation 6-15 gives the dynamic response of the motor with a pre-

dominantly inertia load. The first term in the numerator can be identified
as the no load speed and the second term givas the speed drop due to load.
The two transfer functions resuiting from the two inputs are

KO
’ A0y, _ n l;(;’ (6-18)
Az, s(—s—2 + s+ l)
@y, @
due to valve position and
K.. Ve
a0, o\ Vi ®
m o __ m eNee (6‘10)

AT, (st 28
Tr s(—s—z + s 4 1)
. Wy, Wy
due to load torque.
Equation 6-18 is the usual form of the transfer function for a valve-

motor combination. Because it is commonly used in the analysis and
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design of hydraulic servos, a detailed knowledge of its parameters is
essential. The transfer function contains anintegration which simply means
that motor speed is proportional to valve position for slowly varying
inputs. We also note that the gain constant K,/ D, is the valve flow gain
divided by motor displacement. Variations in the gain constant are due
almost solely to changes in fow guin. The largest flow gain occurs at nuil
and is reduced when load is applied. Using the usual design rule of £ =
%P, tor maximum load conditions, the valve gain would be reduced to
VP, — P,‘/\/;’: = \: or 57.7% of the no-lead value. There 1s an addi-
tional gain reduction of 50 % if the valve is underiapped and siroked away
from null. Because a drop in gain does not adversely atfect stabifity in
usual servos, it is customary to use the null flow gain in (6-18) for design
_ purposes. However, it is worth emphasizing thit flow gain reductions of
509 or more may be encountered. If the servo loop is or tends to behave
like a conditionally stable system, then such a reduction couvld cause
stability or slow response problems.

The parameter w, is the natural frequency due to interaction of the
inertia with the trapped oil springs and is very important because it esiab-
lishes the over-all speed of response of the valve-motor combination. It
should be apparent that the trapped volume of oil in each motor chamber
causes a torsional spring with a rate of 5,D,,%/V, in.-Ib/rad. Because these
two springs add, the total hydraulic | ring rate is*

. 2

K, = 2D _ 4D n’ (6-20;
Vo Vi

It is this hydraulic spring coupled with the total inertia which causes m,.
We shall see in later chapters that ), sets an upper bound on the spced
of response of hydraulic servos and systems. If fast responses are desired,
then w, must be large. :

Typically, the computed values of , are some 4079, or so higher than
measured values. To account for this discrepancy, which at present has

not been fullyjresolved, some have conveniently misinterpreted ¥V, to mean
V,. With twjce the correct volume, the frequency is reduced by 1 V2

! t
* The hydrauli spting rate K, is not a spring in the usual sense of giving a static shaft
deflection wherf a sratic load torque is applied. Such an interpretation would be correct
only if the chgmber volumes were perfectly sealed. However, this is never possible
because a Mmotgr with no leakage paths and a perfeci (i.e., with K. = 0) valve would be
rcqulred KN i$ simply a useful concept in computms: hydraulu. natural frequencizs and
in mtcrpretmg dynamic response (for an example, sec Section 11-2). As expiained in
the discussion of Fig. 6-4, there is a region of frequencics where the motor response to
applied loads acts as aspring with rate K,. Hence, in some sense X, can be thought of as
a "dynamic™ spring,
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and agreement, although not justified, is achieved. The quartities D,
Vo ot ¥y, and J, in (6-16) are well defined and do not vary significantly in
value. However, as discussed in Section 2-5, it is diflicult to determine
values for the effective bulk modulus and it is reasonable to assume that
this quantity is the source of the discrepancy. The author has found that
B = 100,000 psi yields gocd resuits, but test data, of course, is preferred.

The remaining parameter in (6-18) is the damping ratio §,. Usually,
the load damping ceefficient B,, contributes very littte so that (6-17) can
be appreximated

2]
5, = Kee E’f{t) (6-21)
Dm N !/;

Furthermore, the leakage coefficients of the motor are usually much
smaller than K, of the valve so that K,, ~ K, is a good approximation for
many cases. Intentional cross-port leakage paths, usually a needle vaive
or a coiled capillary tube inserted across motor lines, are often used to
increase the damping ratio and/or make it more constant. The leakage
coefficients for such paths add directly to K,,. The drawbacks of such
paths are the increased power loss and the decreased pressure sensitivity
which will result in greater errors when constant and friction loads are
applied to hydraulic servos.

All the quantities which determine §, are fairly constant eacept for K,.
This quantity varies widely with valve stroke, as may be deduced from an
examination of (5-45) and (5-36) for the critical center valve. The flow-
pressure cocfficient is minimum at null, giving the lowast damping ratio.
As the valve stroke is increased, giving increascd motor speeds, the damping
ratio increases rapidly to a value in excess of unity, and the roots of the
quadratic factor become real with one increasing and the other decreasing
from the value ;. This behavior is graphically seen in Fig. 6-3, which is
a continuous plot of the amplitude response of 2 valve-motor combinaticn
with the valve oscillated about neutral at dificrent amplitudes. Small
input signals must be used to avoid pressure saturaiion when making
sinusoidal tests. As described in Section 6-4, this phenomenon will cause
the amplitude plot to be attenuated below the predicted linear response.

The null value for K, is usually used in (6-18) because system stability
is most critical when damping ratios are lowest. Measured damping ratios
at null are always larger than computed values and this is primarily due
to internal motor friction. This friction adds considerable damping at null
because the motor velocity reversals about zero velocity cause reversais
in the friction torque; however, this effect decreases at higher velocities
because reversals no longer occur. Measured damping ratios for null
operation arc at jeast 0.1 or 0.2 and are often much higher.
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Figure 6-3 Mecasured frequency response of a valve-motor combination. System con-
stants were V, = 17 in.3, J, = 0.043 in lb-sec?, D, = 0.486 in.*/rad, and K., &~ 0.004
in3/sec/psi. Assuming 8, = 100,000 psi, the computed natural frequency and damping
ratio are 57.3 cps and 0.131. Measured values are 53 cps and 0.25. Valve input ampli-

tudes (zero to peak) for curves 1 through 5 are 0.001 in., 0.0015 in.. 0.002 in., 0.003 in.,
and 0.005 in., respectively.

It is perhaps worth repeating that small variations (perhaps 2 or 3 to 1)
in the gain constant and natural frequency and very large variations (per-
haps 20 or 30 to 1) in the damping ratio of the valve-motor dynamics can
and do occur. The large damping ratios are obtained at higher motor
speeds and loads. These parameter variations in the valve-motor transfer
function cause the frequency response to float around, so to speak. as the
operating point is changed. These variations must always be considered
in the design and in the analysis and interpretation of test results.

The other transfer function (6-19) gives the dynamic response of the
motor to load torques. A computation of the transient response due to
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load is usually omitted in system design because it is generally not critical
or of particular interest, it cannot be altered appreciably by design, it
does not affect system stability, and it is difficult to specify. However,
occasions may arise which require that the dynamic compliance A, /AT,
(or dynamic stiffness, AT, /A0, ) of the valve-motor combination be com-
puted. These two quantities are negative because a load torque causes a
drop in motor speed. Also note from the definitions of 8, and w, that
the numerator break frequency in (6-19) can be written

4ﬂCKCE

v = 20,0, (6-22)
and will very widely because of variations in 4,. This break frequency is
usually lower than o, at neutral because 4, is small.

A sketch of the amplitude portion of the valve-motor dynamic stifinsss,
the inverse of (6-19), for a sinusoidal load torque is shown in Fig. 6-4.
At low frequencies the combination acts like a viscous damper with
damping coeflicient D, ?/K,. because the flows which result from the pres-
sure difference due to load are impeded by the small leakage paths. In
the frequency range between 25,w, and w, there is not sufficient time to
permit leakage flows so that the stiffness becomes that of the trapped
oil spring K,. At frequencies above m, the inertia load impedes angular
motion, and stiffness increases with the second power of frequency. Vari-
ations in the quantities K,,, d,, and ,, as previously discussed, will cause
considerable shifting of the plot in Fig. 6-4 so that only a loose interpreta-
tion is justified.

The static stiffness of the valve-moter is often of interest. It should be
apparent that the static position stiffness, that is, the stiffness with & = 0
in (6-19), is zero since a static load torque will cause a leakage flow and
continuous shaft rotation. However, a static velocity compliance can be
defined as the ratio of the drop in speed to applied load torque and is a
useful quantity. This quantity is K,/ D,,? rad/sec/in.-1b for the valve-motor
and should be as low as possible for the combination to possess high
stiffness. The fact that this quantity is low is one reason for the wide use
of hydraulic control.

Let us now consider the case in which the motor drives a spring type
load. Torsion spring loads are quite unusual on motors because motors
are selected for their unlimited travel capacity and such a load, since the
torque required increases with shaft position, would eventually stall the
motor. Spring loads are much more common with piston type actuators
because of their limited travel. However, it is conceivable that such a
load could exist if the spring gradient G is low and/or the motor rotation
is limited.

N
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Returning to (6-14), we see that if the coefficients are numerically spec-
ified, then the cubic can be factored. However, certain approximations
can be made which will yield literai factors of this cubic and will lead to a
better understanding of spring loads. The load viscous damping cocflicient

Log scale
AT, o
= A, R ey ”f
in.-lb/rad '
| I
! |
"~ szlxce i { \
1 ' I I
1 ! I Log scale
/ 1 28pe wp
Angular frec .ency w, rad/sec

Figure 6-4 Dynamic stiffness of valve-motor versus frequency.

B, is generally negligible so that (6-14) may be written

‘. K K.,
: —“::,,-——(1+ = )TL

= D, D,*\ 20,0, (6:23)
_{1_*_2_5;.52_‘_ (l +£)s+£€£
0, o, Ky D,?

The cubic charactgristic equation may be approximately factored to obtain

K K.. s
- x, — ce (1 + )TL
D, D2 28,m,,

"‘=( K“c;)('s2 2, )
s+ — 2+—‘S+1

2
D,/ \w, Wy

(6-24)

provided that the following conditions, obtained by expanding the
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approximate factors and equating coefficients with the given cubic, are met:

G
S« 6-25
% < (6-25)
, e
( KNG, s) «1 (6-26)
\ Dm2 /

These two conditions require that the hydraulic spring rate be much
greater than the load spring rate and that the damping coeflicicnt of the
valve-motor DY K., be much greater than the critical damping value of
the load spring and ineriia combination. These conditions are nearly
always met but should be checked in each case.

Comparing (6-15) and (6-24). we note that the principal dynamic effect
of a spring load is to replace the motor integration with a low frequency
lag at K,G/D,?rad/sec. If the load spring constant is dccreased, this
break frequency becomes lower and the lag factor becomes a better approx-
imation of an integration. Full integrating performance is achieved when
G = 0. An integration in a servo loop is very desirable because of the
low steady-state errors and better control of stability.

It is often desirable to represent the three basic equations {6-3), (6-i2),
and (6-13) in block diagram fashion. If a nonlinear representation is
desired, (6-3) is replaced by the appropriate equation for the pressure-flow
curves of the servovalve. Two possible block diagrams can be made
depending on whether motor position is computed from flow or torque
considerations (Fig. 6-5). Both diagrams are perfectly valid, and the one
best suited to the situation should be used. The diagram based on load
flow solution (Fig. 6-5a) is usually preferred and is best suited to situations
where dynamics play a small role because J, can be made zcro; however,
a differentiator is required in an analog simulation. The diagram based
on load pressure solution (Fig. 6-5b) is best suited to analog computer
simulation where the dynamics are deminant, that is, large inertia J, and
leakage coeflicicnt K.

6-2 VALVE CONTROLLED PISTON

The combination of servovalve and piston is also a common hydraulic
power element. Because the analysis of this combination closely paralleis
that given in Scction 6-1, we shall inerely outline the major relations.
Therefore, a rcading of Section 6-1 is a recommended prerequisite to the
present discussion.

The valve-pision combination is shown schematicaily in Fig. 6-6. The
servovalve orifices are assumed matched and symmetrical so that tite valve
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Figure 6-5 Block diagrams of a valve controllc . motor: (a) diagram hased on ob-
taining motor position ‘from flow, (b) diagram based on obtaining motor position from
torques.

flows arc described by (6-3) and (6-4). Applying the c\m!inuity‘_cquution
to each of the piston chambers yields
_dh, KR

Py — Py) — C,P (6-27

\\ .Ql 1( 1 ) p'1 ﬁc dt )
dv, v, dP

Cip(Py— Pp) — C Py — Qy = 3 4 22 6-28

(P 2) P2 — Q2 dat T B, dr (6-28)

where ¥, = volyme of forward chamber (includes valve, connecting line,
and|piston volume), in.?
V, = volyme of return chamber (includes valve, connecting line,

and piston volume), in.?
C;, =-intdrnal orcross-port lcakage cocflicient of piston, in.%[sec/psi
C., = &tprnal leakage coefficient of piston, in.?/sec/psi

The other symbuls were defined in Section 6-1.
The volumes of the piston chambers may be written

Vi= Vo + Az, (6-29)
Vo= Vg — A,x, (6-20)
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where A4, = area of piston, in.?
z, = displacement of piston, in.
Vo1 = initial volume of forward chamber, in.3
Ve = initial volume of return chamber, in.3
In contrast with the rotary motor, the initial chamber volumes are not

M,

Py
Supply Return

Figure 6-6 Valve-piston combination.

necessarily equal for the piston. However, it will be assumed that the
piston is centered such that these volumes are equal, that is,

Vo= Vo=V, (6-31)

If this assumption is not made the analysis becomes much more involved,
and the results are quite difficult to interpret. Experience has shown that
stability probiems are more acute when the piston is centered so that the
assumption of equal chamber volumes should be conservative. 1t is ap-
parent from Fig. 6-6 that the sum of the two volumes is constant and
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independent of piston position. Therefore,
V=V + Vo=V + Vo =2V, (6-32)

where ¥V, = total volume of fluid under compression in both chambers,
in?

In a manner similar to the development of (6-12), the volume and con-

tinuity expressions can be combined to yield

. Ve L v
Ql, = A‘,SI‘, + (fppl. + 4_ﬁ SPL \6'33)

[

where C,, = C,, + (C,,[2) = total leakage coeilicicnt of piston, in./sec/
psi,
which is the usual form of the continuity equation.
The final equation arises by applying Newton's second law to the forces
on the piston. The resulting force equation, Laplace transformed, is

Fo=AP, = Ms*x, + B,st, + Kx, + F,, (6-34)
A where F, = force generated or developed by piston, Ib
; M, = total mass of piston and load referred to piston, Ib-sec®/in.
g B, = viscous damping cocificicnt of piston and load, in.-lb-sec
| K = load spring gradient, 1b/in.
| F; = arbitrary load force on piston, Ib
Equations 6-3, 6-33, and 6-34 are the three basic equations and may be
solved simultaneously to obtain
il
Koo Ky )
A AR ek, )"
x, = -
V,M K.M, BV, \. B,K.. KV, K..K
| t tzsa+( 2[+ - t»)s-+(l 2 T ‘z)s 2
i 48,4, ‘A4, 4p.A," A, 4p.4, A4,
A (6-35)

where K., = K, + C;,, + C,,/2 = total flow-pressure coefficient,
in.3/sec/psi

Equation 6-35 gives the piston response to both valve position and load
force inputs and is analogous, term by term, to that of (6-14) for the
valve-motor combination. This equation is quite general and is applicable
to any four-way valve and piston combination whether it be a power
output device or a two-stage servovalve. For a two-stage servovaive, such
as a flapper valve driving a spool valve, the spool valve acts as a piston
being controlled by the flapper valve.
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If the valve-piston combination is a power output device, very often
spring loads are absent. Also, B,K,,/4,? is usually much smailer than

cel

unity. Under these conditions (6- 35) rcduces to

Kq KCE l/f
— T, = 1 +——5s)F,
Ap A 2\ 4ﬂc ’re ’
x, = — - (6-36)
s
(—" + =25+ l)
Uy Wy
/4/) /1 2 .
where @, = VA, = hydraulic natural frequency, rad/sec (6-37)
8, = ‘&'\/ BM, + Eﬂ,/—'- = damping ratio, dimensionless
A, v, .M,

(6-38)

The two trapped oil springs, each with a spring gradient of 5,4 }/V, 1bjin.,
add and interact with the mass 4/, to give the hydraulic natural frequency.
Although it is diflicult to show mathematicaily, experience indicates that
these springs may be added even when the initial chamber volumes are
not the same. In this event the hydraulic natural frequency would be

given by
2 v
W, = [é'_{"_ (-]_. + .l_)] (6-39)
M, \V, Voz

01
This equation indicates that the lowest natural frequency occurs when
Vor = Vi, that is, when the piston is centered. As the piston moves to
either end of its stroke. the spring rate of the smaller volume dominates
and the natural frequency is increased.
Usually force loads are omitted in system designs so that only the trans-
fer function from input is of interest. This transfer function is

K,
i 4, (6-40)
T, ( 5 (5 )
+—s5s+1

As discussed in Section 6-1, variations in the gain constant K,/4,, the
hydraulic natural frequency o, and especially in the damping ratio 4,
occur and cause considerable shifting in the frequency respense w:th
different operating points. Hence the frequency response is quite elastic
and this must always be kept in mind during design or in viewing test data.
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If BK, /42K 1 and K is sufficiently small, that is, conditicns similur
to (6-25) and (6-26) are satistied. the cubic characteristic will have 4pprox-
imate factors so that (6-35) becomes

Ky Kaf b
x, — - { + S s FL
A, AN A K
T, = — — . (6-41)
: K..K\/s® 20,
(“f-—"r (S =5+ '
An- . ‘:'("ih- ""i; .

This equation is useful if spring loads, often the case for pistons, are
present, and it shows thut such loads cause a low frequency lug at A, A4 "
rad/sec which becomes a true integration only when K = 0.

The discussion given in Section 6-1 on the response due to load inputs
applies as well to the valve-piston combination.

6-3 THREE-WAY VALVE CONTROLLED PISTON

Three-way valve-piston combinations find their greatest applicotions as
power clements in hydromechanicai position servos such as those used in
aircraft controls and tracer controlled machine tools. This combination
is often used in aircraft servos which perform sensing and;/or computation
functions.

In this section we shall determine the transfer function for this element,
shown schematically in Fig. 5-10. Assuming constant supply pressure, the
valve flow equation was derived in Section 5-5 as

0, = Kz, — K.P, (6-42)

where P, = control pressure on head area of piston, psi.

Application of the continuity equation to the control volume in Fig.
5-10 yields

_ % hdn,

+ C(P, — P, 6-43
QL ( 8 ) dt ﬁ‘. dt ( )
where C; = cross-port leakage coefficient, in.%/sec/psi
V, = head chamber volume, in.?
The other symbols have been defined in preceding sections.
The head chamber volume is given by
Vi= 1o+ A2, (6-44)

where V), = initial head chamber volume, in.?
A, = head side area, in.2
4,

= rod side arca, in.?
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If we assume small piston motion such that |4,xr,} &}y, (6-43) and
(6-44) can be combined and Laplace transforimed to give

V.
Ql, + CiPs = Ahs'tu + Ci‘Pc + /TOSP(, (6’45)

€

Assuming mass and spring load, the Laplace transformed force equation
for the piston is

P.A, — PA, = Ms'r, + Kr, (6-46)

where M, == total mass of piston and load, Ib-sec¥/in.
K = load spring gradient, lb/in.
Other load terms can be included, as illustrated in preceding sections.
Equations 6-42, 6-45, and 6-46 describe the system. 1f (6-45) und {6-46)
are linearized for small changes in the variables, then P, can be made zero
in these equations because it is constant. Thercfore these three equations
can be combined to obtain

K,

Aa A
o s (6-47)
Axt‘ 53 + 26/: s‘.! + (l + K) + (Kr + C:)K

B Wt S e T OIR

w,! o, K, A,

/K, Az
where o, =,\/ Xf = '%X;'— = hydraulic undamped natural frequency,
(]

¢t rad/sec

_(Ke+C) [B,

8
» 24, Ve

= damping ratio, dimensionless

2
Kh — ﬁeAh

]

= hydraulic spring rate, 1b/in.

If the load spring rate is sufficiently small so that conditions similar to
(6-25) and (6-26) are met, (6-47) can be factored to yield

>|x

Az

14

Az, K.+ C)K1/[s* 28 '
¥ [s+(———-——‘ ‘:2’) ](—”;+ '”s+1)
h

@,” 0y

(6-48)

Thus, a load spring causes a lag at (K, + C;)K/A,? rad/sec as discussed in
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Section 6-1. If the load spring rate is zero, (6-48) reduces to

K,
Az, _ A, (6-45)
Az, 5524, ‘
s\ +-—s+1
Wl w,

Comparing this result to that obtained for the four-way valve controlied
piston (6-40), we note that the undamped natural frequency and damping

ratio are both lowered by a factor of 1/v'2. This is due to the fuct that
only one volume contributes an oil spring because only one line s con-
trolled. If both lincs are controlled, as with a four-way valve, two trapped
oil springs would be obtained. Therefore, if all other quantitics arc equal,
the dynamic response of a four-way valve controlled piston is superior.

6-4 PUMP CONTROLLED MOTOR

Pump controlled motors are the preferred power element in applications
which require considerable horsepower for control purposes because of
their high maximum operating efficiency which can approach 90¢ in
practice. However, the comparatively slow response of thesc elements
limit their use in high performance systems.

The basic pump controlled motor ften called a hydrostatic or ivdraulic
transmission, is shown schematically in Fig. 6-7. A variable displacement
pump, driven by a constant speed power source and capable of reversing
the direction of flow, is directly connected to a fixed displacement hy-
draulic motor. Hence, the motor speed and direction of rotation may be
controlled by varying the pump stroke.

A replenishing supply is required to replace leakage losses from each line
and to establish a minimum pressure in each line. This auxiliary supply
is a constant pressure type with low capacity because only leakage flows
are supplied. The replenishing pressure P, is sct low to keep power losses
at a minimum and to keep linc pressure low when loads are applied to the
motor. The freplenishing supply prevents cavitation and air entrainment
because it pfessurizes each line and helps dissipate heat by providing
cooler fluid fo replace the leakage.

Safety relfef valves are used in the lines to protect the system from
damage duefto pressure peaks. These valves establish an upper limit to
the line p‘s ures and are set to operate above normal operating pressures,
These valves must respond rapidly and have a large capacity because they
must pass the maximum pump flow in an extreme overload. These valves
should be connected across the lines so that overload flow is dumped to
the other line to help prevent cavitation.
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The stroke control on the pump may have linear or angular motion,
usually the latter, and requires a small electrohydraulicservo for positioning,.
The stroke control servo consists of an electrohydraulic servovalve, a piston
for actuation, appropriate electrical feedback devices, and electronic error
amplifiers. The capacity of the replenishing supply may be increased to
supply the stroke control servo.

During normal operation the pressure in one line will be at replenishing
pressure, and the other line pressure will modulate to match the load. The

Ve Electric motor

= Py ~Vo
¥ i

Variable Safety relief valvesg % -
dispiacement [y 3

LY
__JN pump  J \P, ; BSZ
c Check
draasi?\ valves .
r ase
line | P, drain
¢ Replenish || Relief tine
pump ~— valve

k Reservoir J

Figure 6-7 Schematic of a pump controlled motor.

two lines will switch functions if the load dictates a pressure reversal. It
is possible for both line pressures to vary simultancously if transients are
rapid and load reversals occur. However, we shall assume that only one
line pressure varies at a time because this case is more common. *
Referring to Fig. 6-7, consider P, to be the high pressure iine, that is,
P, > P, and P, = P,, as a sign convention to write equations. Since P,
will not occur in the analysis to follow, a load reversal would require a
negative value for P, from a mathematical viewpoint. It should be appar-
ent, however, that this condition is physically achieved by the lines re-
versing their functions. Let us assume all pressures are uniform, no line
losses or dynamics, negligible minor losses, no pressure saturation, con-
stant fluid density and temperature, constant chamber volumes in pump
and motor, constant replenishing pressure, constant pump speed, zero

* If both line pressures vary, a similar analysis can be made and will show that the
hydraulic natural frequency is larger by a factor of V2 because two trapped oil springs
are then present [2].
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case drain pressure, and laminar leakage flows, Although the assumptions
are many, none of them is unduly restrictive. Under these conditions, the
continuity equation for the forward chamber can be written as

DI‘ND - Cip(Pl - r) - Czypl - Cim(Pl - Pr)
7 o dP
- Cempl - Dm "il = hd——l (6-50)
dr B di

where D, = volumetric displacement of pump, in.3/rad
D, = volumetric displacement of motor. in.%/rad
» = pump speed (assumed constant), radjsec
angular position of motor shaft, rad
Vo = average volume of forward chamber (includes one side of
pump and motor, connecting line and incidental volumes
associated with the check and safety relief valves), in.3
P, = forward chamber pressure, psi
return chamber pressure, psi
= replenishing pressure, psi {
B. = effective bulk modulus of system (includes oil, entrapped
air, and mechanical compliance of chambers), psi
i» = internal or cross-port leakage coeflicient of pump, in.%/sec/psi
= == internal or cross-port I .kage coeflicicnt of motor, in.3/sec/
psi . ' :
C,, = external leakage (i.e., leakage from a line to case drain)
coeflicient of pump, in.3/sec/psi
Cem = external leakage (i.c., leakage from a line to case drain)
coeflicient of motor, in.%/sec/psi
The displacement of the pump is described by

=
il

>
3
I

n
o

il

a0
I

1

c D, =k, (6-51)

where ¢ = pump stroke angle, degrees
k, = digplacement gradient of pump control, in.3/rad/deg
These two equitions can be combined and Laplace transformed to yield

| ,
k;N,$ + C,P, = D50, + C.P, + }%’ sP, (6-52)

N e

where Cu;\ i» T C,, = total internal leakage coeflicient, in.3/sec/psi
Ci=C,, + C,,, = total external leakage coefficient, in.%/sec/psi
C,=C, + C, = total leakage coeflicient, in.%fsec/psi
s = Laplace operator, sec-!
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Assuming lumped constants to describe the load, Newton’s second law
is used to obtain the torque balance equation. Therefore,

1"’0,, 10,, 0,,.
B, T CE (P P)C,D, + T,

T,=(P, — Pr)Dm =J A
= di® dt |
(6-53)

ml

where T, = torque generated or developed by motor, in.-lb
J, = total inertia of motor and load (referred to motor shaft),
in.-lb-sec?
B,, = total viscous damping coeflicient (includes internal motor
damping), in.-lb-sec
C, = internal motor friction coeflicient, dimensionicss
T,, = arbitrary load torque on motor, in.-lb
This equation includes the internal friction torque (see Section 4-3) duc
to friction between motor elements in relative motion and proportional to
the sum of the two linc pressures. However, this term is a nonlinearity
and must be made zero to proceed with a linear analysis (see Section 10-8
and Reference 1). This assumption is hard to justify, except for mathema-
tical expediency, even though C, is usually small (less than 0.1). Quali-
tatively, the friction term would act to increase the motor damping at high
pressures andfor small amplitude inputs. Letting C, = 0 and Laplace
transforming gives

PD, =Js%0, + B,s0, + P.D,, + T, (6-54)

Equations 6-52 and 6-54 describe the system. Because P, is assumed
constant, terms containing this quantity may be omitted from these two
equations for a lincarized analysis. Therefore these equations may then
be combined to yield

N
kD I)C ) c S)AT"
AG,, = = e —  (6-55)
VO"! 3 Cl"t m VO B»:Cl
el e e LR o R )
ﬁsz Dm ﬂe m Dm

where the prefix A denotes a small change in the variable. For usual cases
B, C,/D,? « 1 and (6-55) can be simplified to give

k,N, C, ( )AT
L
AO,, = D L 2 (' : {6-56)

82 /.6.,
s 4—-—-—s+ 1}

w0, w,
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2D} .
where w, =5 ’i;'% = hydraulic undamped natural frequency, rad/scc
0v¢

_— — (6-57)
3 Bm . .
0y = :g'--'\/pl%' + DA 13 = damping ratio, dimensionless  (6-38)

& 'Dm (Y P

Equations 6-15 ard 6-56 should be examined to compare the dynaniic
performance of valve versus pump controlled motors. Because these two
equations are identical in form, there is no basic difference in the response
of these two combinations.  Hoveever, there is considerable difference in
the value and variation of corresponding parameters. The undamped
natural frequency of the pump controlled motor is lower for two busic
reasons. Because only one line is controlled the trapped oil spring rate
is one half that of a valve controlled motor and reduces the natural tre-
quency by a factor of 1/v/2. Also, the chamber volume Vois larger with a
pump because it is usually difficult to close coupie pump to moter and
because the pump volume is larger than that of a cemparabie vaive, The
damping ratio is much more constant for the pump contrelied motor
because leakage cocflicients are quite constant compared with valve flow-
pressure coeflicients. The damping ratios are aiso lower 50 that pump con-
trolled systems are almost always “nderdamped. Intentional Cross-port
leakage paths, at the sacritice of po er, and/or iuternal pressure feedback
loops are often necessary to achieve satisfactory damping ratios. The gain
constants k N /D, and C,/D,2 are also much more constant than corre-
sponding quantitics for the valve controlled motor. In summary, the dy-
namic response of a pump controlled motor is more predictable and less
subject to variation with operating point compared with a valve controlied
motor. However, the over-all response is low because of the lower natural
frequency and the slow response of the stroke control servo.

Two basic transfer functions can be obtained from (6-56). The transfer
function from stroke input is

k,N,
Ad D
W m (6-59)
, 2
! Ad s(-f—; + 2 s+ l)
: w," W,

and the s“)it m dynamic compliance is given by

' - —C‘—(l + 3)
L}om — sz.\ ﬂeCt

AT z \
AT, ,(.S_;+Es+,)
(/3] w 4

(3 (]

{6-60)
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Equation 6-59 is the transfer function commonly used for system design.
Therefore, any variation in its parameters is of interest. Both the gain
constant and damping ratio are quite constant. Variation in the natural
frequency similar to that of the valve controlled motor can be expected.
Computed and measured performance shouid agree fairly well for a pump
controlled motor because it is a reasonably linear element. However, in
making tests, care must be taken to use an input small enough so that
pressure saturation does not occur. For sinusoidal inputs the pressure
required for acceleration increases with the square of frequency and may
reach the values set by the safety relief valves. Pressure saturation causes
the amplitude portion of the frequency response to be highly attenuated
below the expected lincar response. The appearance of such plots often
suggests that additional dynamics are present. However, this is the effect
of pressure saturation and the expected response will probably be obtained
with a smaller input amplitude.

A discussion of the load response, given by (6-60), similar to that given
in Section 6-1 can be made. The pump controlled motor is not as dynam-
ically stiff as the valve system because of the lower natural frequency and
damping ratio and larger chamber volume.

The analysis presented in this section is also applicable to a pump
controlled piston. For such a case the symbols §,, and D,, are replaced
by z, and A, which are the piston displacement and area, respectively.

6-5 VALVE CONTROLLED MOTOR WITH LOAD HAVING
MANY DEGRELES OF FREEDOM

Thus far we have assumed the load on the power element is such that
it can be represented by single lumped parameters. However, in many
cases the drive system has many degrees of freedom and cannot be so
simply described. Many drive systems have structural resonances which
are lower than the hydraulic natural frequency. Such structural resonances
then dominate the frequency response of the valve-motor combination,
and this fact must be considered in system design because servo band-
widths are limited by the lowest natural frequency that occurs in the loop.
Drive systems associated with large antennas, gimbals, shake tables, and
machine tools are typical examples in which high system bandwidths are
required and structural resonances often dominate and limit over-all Sys-
tem performance.

In this section we outline the case illustrated in Fig. 6-8, in which the
valve-motor power element is coupled to a drive system and a load which
has many degrees of freedom. The transfer function for the power element
will be formulated and some examples will be given to iilustrate the sig-
nificance of the drive dynamics.
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Figure 6-8 Valve controlled motor coupled to a load having n degrees of frecdoin.

The linearized pressure-flow curves of the servovalve are described by
(6-3). Continuity of flows in the motor chambers results in (6-12). These
two cquations are applicable here and can be combined to give

quv = Dmsom + KuPL + ;‘% SPL (6'61)

where all symbols are defined in Section 6-1. The torque generated by
the motor is T,=D,p, (6-62)

The final equation is that which describes the load dynamics as seen by
the generated torque of the motor. Let us imagine that the motor acts
as a torsional exciter and applies a sinusoidal torque to the load and tha
the angular position of the shaft is measured. The ratio of shaft position
to applied torque is then the transfer function which describes the load
dynamics. In general, such a transfer function will have the following

form:
orm s 28, s 26, \
+—s+1 —q+-s+1)"‘
0 0l o, ®,’ o,
T, ' ofs* 26 29, 226
g Jts2(ié+~ls+1)(_5_2+_‘!s+1)(5_q+_:‘s+1).
’ Wy Wy " W, 3" wy

(6-63)
where 0, = angular position of motor shaft, rad
T, = torque generated by motor, in.-lb
Ji = total inertia of motor and load (referred to motor), in.-1b-

sec?

Wgq, Wy, ... = undamped natural frequencies of numerator quadratics,
rad/sec

@y, @y, . .. = undamped natural frequencies of denominator quadratics,
rad/sec

94 Oy, . .. = damping ratios of numerator quadratics, dimensionless
0y, O, . . . = damping ratios of denominator quadratics, dimensionless




A . St o BRSO R AR £

VALVE CONTROLLED MOTOR WITH LOAD 159

This equation assumes that the dynamic compliance of structural elements
within the motor can be neglected and that the motor housing is rigidly
attached to a solid base so that that the dynamic compliance of the motor
mounting can be neglected.

Because mechanical structures are continuous systems, they are de-
scribed by partial differential equations of formidable complexity. and it
is not presently possible to predict all quantities involved in (6-63).*
Hence, the dynamics must be determined by measurement and this fact
detracts from the usefulness of analysis. However, structural character-
istics are often similar for a given type of application so that the drive
dynamics need not be measured for cach particular application.

A number of observations concerning (6-63) can be made which will
aid in understanding the dynamics involved.

1. w,, oy, . . . are the undamped natural frequencies of modes of vibra-
tion; «, is the frequency of the fundamental mode; «, is the frequency
of the second mode, etc.; w,, w,, . .. are the undamped natural frequencies
of nodes of vibration. Excitation at forcing frequencies corresponding
to denominator and numerator natural frequencics results in points of
maximal and minimai motion at the place where the response is measured.

2. The free s® term in the denominator indicaies that at low frequencies,
where all the quadratic factors approxim: ‘e unity, the applied torque is

" consumed in accelerating the total inertia ./, of the system reflected to the

motor.

3. Because a structure is a passive system it must be stable. Therefore,
all poles of the drive dynamics appear in the left half of the s-plane: that
is, all roots have negative real parts. '

4. The number of denominator quadratic factors corresponds to the
number of degrees of freedom. Physical realizability requires that the
degree of the numerator be less than the denominator. «, is gencrally
the lowest of all the frequencies.

5. If deflection is measured at the same point and in the same direction
as the applied torqye, the frequencics are interspersed so that

te < N < < Wy <0, < wg*++
!

. ‘ ! . .
In this event the phase lag contributed by the quadratic factors never
exceeds 180°. Forfthis case the transfer is called the driving point transfer

Sunction. \

* In recent years rather sophisticated digital computer programs have been developed
which compute mode shapes and natural frequencies of compiex structures |3, 4].
Continued work in this direction may ultimately lead to the prediction of compleie
dynamic performance.
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6. 1f deflection is measured at a point other than where the torque is
applied, the transfer function can become nonminimum phase. Thus, any
amount of phase lag is possible from nondriving point transfers.

It is convenient symbolically to combine (6-62) and (6-63). Therefore

0, = G2 Da

P 6-64
" s 0 F ¢ )

where G, (s) is the ratio of the quadratic factors in {6-63),
Equations 6-61 and 6-64 describe the system and can be combined by
eliminating P, to yicld

K
. S6409)
- T 2 (6-63)
i s[——3+—"s+ GL(s):l
Wy Wy,

where w, and §, are defined by (6-16) and (6-21) and can be identified as
the hydraulic natural frequency and damping ratio, respectively, for the
power element with a simple lumped parameter load.

Several comments can be made from an examination of (6-65):

1. If modal and nodal frequencies are very high or absent, G,(s) = 1
and (6-65) reduces to

L

s6,, D

m

- 2
z, s 26
TSt s+
Wy, W)
which is also the result if a simple lumped inertia load is assumed.
2. If the structural resonances are greater than w,, then G/ (s) ~ 1 at
the frequency w = w, so that the hydraulic resonance is the lowest and

therefore the dominant natural frequency. Equation 6-65 then approxi-
mates to

K,
LG
s0,, D, 2(5)
~o ’
8
B - + 4y

» wy,

in which the quadratic factors of G,(s) appear also as factors of s6,,/x,.
3. If the hydraulic resonance is much greater than structural resonances,
G 1(s) becomes dominant in the denominator of (6-65) and this equation
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approaches 0, K,
Mo e

xﬂ Dm

Therefore structural resonances are minimized by large valucs of w,,.

4. If @, is in between structural natural frequencics, then the structural
modes lower in frequency than w, tend to be suppressed, removed, or
minimized in the over-all response s0,,/¢,. Thus a higher «, can “pull up”
lower structural frequencies.

5. Zeros of G(s) are also zeros of 50, /x,.
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Figure 6-9 Frequency response of a drive system having many degrees of freedom.

Therefore we can conclude that the hydraulic resonance is roughly the
dominant resonance regardless of whether it is lower than the structural
resonances, at least as far as the transfer to motor shaft position is con-
cerned. This conclusion is not valid if motion is sensed at some other
position in the drive system.

As a numerical example, let us assume that G (s) consists of two numer-
ator quadratic factors at frequencies f, = 30 cps and f, = 90 cps and two
denominator quadratics at frequencies f; = 50 cps and f, = 150 cps. Let
the damping ratics be 0.1 for these quadratics. With these numerical values
the dynamic cempliance of the drive system becomes that shown in Fig.
6-9. Now let us choose hydraulic natural frequencies of 20, 50, and 120 cps
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which bracket and coincide with the fowest structural mede at 30 cps.
Choosing 4, = 0.2 we can evaluate (6-65) and plot the three resuiting
frequency response functions shown in Fig. 6-10. It is clear from these
plots that the structural resonances become less important as o, is in-
creased. When o, is lowest it dominates the response but appears at a
still lower frequency (about 15 cps in Fig. 6-10) in the over-all response.

10
IF\‘ /
" v~ fn =120cps
.él){b ] - \‘ ]
e \e—fn=50cps
2
®
Q
B 0.1 —fh=20cps _.|
= \
E
<
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&< 2
-200
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Frequency in cps
Figure 6-10  Frequency responses of a valve-motor combination coupled to a drive
system having many degrees of freedom.

It is perhaps worth repeating that these conclusions cannct be drawn
if displacement is measured at a point in the drive system other than shaft
rotation. In such a case the struciural response from the applied torque
to the point of measurement would have to be obtained and used in the
analysis rather than 0,/T,. The arca of complex load dynamics descrves
more attention and study than it has been given in the past. Perhaps the
formulation given in this section will suggest mere work in this area.

6-6 PRESSURE TRANSIENTS IN POWER ELEMENTS

Pressure transients, commonly referred to as pressure surges, frequently
occur in hydraulic systems. These pressure peaks may become substan-
tially higher than steady-state values and generate noise andfor cause
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damage to system components if safe stress levels are exceeded. Therefore
identification of physical situations that can cause pressure surges, com-
puting the magnitude of such surges, and methods of limiting surges are
essential considerations in successful system design.

In general, pressure peaks are Jdiflicult to predict even in simple circuits.
However, two fairly common physical situations give predictable results,
and familiarity with these situations is considered fundamental in dealing
with more comnplex circuits. The first situation, usually called waterfiim-
mer and discussed in Section 3-7, arises when a column of fluid flowing in

M,

rd S 7

~
- \\ Valve ports // N

closed instantly

X

Figure 6-11 A piston being decelerated due to a sudden valve closure.

a line is suddenly stopped due to a valve closure. The pressure peak which
is generated is controlled by keeping fluid velocities low. The second
situation, the subject of the present section, arises when a hydraulic actu-
ator is suddenly stopped. Of course, it is possible for both situations to
occur simultaneously, generating a complex transient. However, such cases
are extremely difficult to treat in a simple manner.

Let us examine Fig. 6-11 to gain a clear understanding of the physics
involved when a piston or motor is suddenly stopped. Consider the piston
to be moving at a velocity and let both lines be instantly closed, thereby
trapping fluid in each chamber. Because of inertia the piston continues
to move and compresses the fluid in the return chamber, which causes the
pressure to increase rapidly above the steady-state level (Fig. 6-12). Simul-
taneously, the pressure in the forward chamber is decreased below the
steady-state level and may cavitate, that is, approach zero absolute pres-
sure. The piston will come to a stop and reverse direction when the Kinetic
energy of the moving mass is stored in the two fluid springs as potential
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energy. This oscillatory behavior wili continue until leakage losses dis-
sipate the energy involved. Because the forward chamber pressure becoracs
zero for a large transient, the kinetic energy is stored as potential cnergy,

mainly in

the fluid spring of the return chamber, and we can obtain an

approximate expression for the pressure peak by equating these energies.
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Therefore

where

Figurc 6-12 A large pressure transient.

M, = 1K)z, (6-66)

Ky F B.A,*Vy = hydraulic fluid spring gradient of return
chamber, 1b/in.

4 = dvertravel of piston, in.

v, f= initial velocity of piston, in./sec

%(; total mass of piston and load, Ib-sec/in.

= volume of return chamber (normaily one half of the total
} contained volume of the system), in.?

B. = effective bulk modulus of the system, Ib/in.?

A, = piston area, in.2

P, max = peak value of return pressure, psi
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The displacement of the fluid spring is given by

Pimaxd,
Ty = — 6-67
»0 K), ( )
Combining and solving for P, ., gives
M\
Pymax = v,,o(ﬂ . ’) (6-68)
VO

as an approximate value because zero damping is assumed.
Let us now develop more exact expressions for £, . assuming that
the load consists only of inertia so that

(Py — PyA, = P;A, = M,‘f‘%' (6-69)
where v, = instantancous piston velocity, in./sec

A typical pressure transient for a vaive controlled actuator is shown in
Fig. 6-12. In the interval 0 < 1 < 1,, both line pressures vary cqual but
opposite amounts from P./2 until the forward chamber pressure becomes
zero and the return pressure becomes P, Inthe interval t, < t < ¢, the
forward pressure is zero. The system is piecewise lincar in the two intervals
and may be solved accordingly. Analysis of the first interval is required
to establish the initial conditions for the s ond interval.

During the first interval, assuming zero leakage flows and equal chamber
volumes, (6-33) and (6-69) can be combined ang soived for a stc‘p change
in flow from v,44, to zero at t = 0 and subject to the initial conditions
of Py=P,and P, = 0 at ¢ = 0. The result is

1 P
- Py(1) = P,('- + —Zsin wht) . (6-70)
(. 2 \/2 !
" v, [B.M, . . o
where Py = -2 = ratio of approximate peak pressure (6-71)
’ 0 to supply pressure, dimensionless
z ~
Wy = " = conventional hydraulic natural (6-72)
o Ml, frequency, rad/sec
Substituting P, =[P, "in (6-70) we obtain the time ¢, as
oty =sin 2P (6-73)
Combining with (6-70), we can establish the end conditions at time 1, as
Py(t) = P, (6-74)
1 -
Py(t)) = — w,.P,\/PRz -1 (6-75)

V2
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Let us now turn to the second time interval. Because Pl =0and ¢, =
0, the continuity equaiion for the return chamber is

. . V,dP, .
A, —(C, + C., + K)P, = 22 (6-70)
B, dt

where C,, = internal (cross-port) leakage Loc Ticient, in.%/sec/psi
C,, = external leakage coefiicient. in.? [sec/psi

K. == flow-pressure cocflicient of servovalve, in. 3/see/psi
Combmmo (6-069) and (()-,6) we have

2y 2,dn,

2 dr? oy dt =0 (&77)

w
where w, = —* = naturai frequency with one fluid spring, radjscc
2

(6-78)

62 = (Cil) _1_ C(’P + Kf) ﬁl’;‘!f

Ly = a damping ratio. dimensionless

» 0
(6-79)
Even though 4, differs somewhat from the conventional value defined
in Section 6-2, the conventional damping ratio can be used without great
error.
We must now solve (6-77) by using the initial conditions given by (6-74)

"and (6-75) for 6, < 1 and &, > 1. For dy < 1, the time response can be
found to be

Pyf) e dwalt=ty)
P, J1—02

(P =1 + 89 sin VT = 8701 — 1)

+ V1 = 8,2 cos V1 — 82myt — 1)) (6-80)

Differentiating and equating to zero, we obtain the time to peak 1, as

tan™! [}!] — 622\'/[) pt = 4

Wty — 1) = — — | (6-81)
1 =4} I+ 52\/})}‘2 -1 _!
and substitution into (6-80) yields P, mux fOr d; < 1as.
!,_B_m_aj = ¢ daw,lty—1;) \ilé + PR2 + 252\//}—7;2—-_'-—-%‘ (‘6-12)

P,
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For 4, > 1 a similar exercise yields

szax _

P,
[l + 0 \//1522 _ ,)\/’P“z - 1’

L4 (04 Vi — DNVPE =}

for the maximum return pressure.
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Figure 6-13 Plot of normalized maximurn return pressure.

Equations 6-82 and 6-83 are plotted in Fig. 6-13. Thus the pressure
peak is determined by computing P, and d, and referring to Fig. 6-i3.
We note that large pressure peaks are associated with large values of Py,.
For large P, and small 6, (usually the case) (6-81) approximates to

Oty - 1) ~ 7 (6-84)

“
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and from (6-73) we obtain ¢, &~ 0. Thus the peak pressure occurs approx-
imately 7/2w, sec (one fourth the undamped natural period) after the valve
is closed. For large Pr and smali 4, (6-82) can be approximated by

14
Pganx l,”e(éﬁM_‘) e~ (/21 (6-85)

which agrees with the result obtained by equating encrgies (6-68} if 8, = 0.

Let us now investigate methods of reducing the peak pressure P, ...
Of course, the most obvious solution would be to control the deceleration
of the motor so that large peaks are not generated in the first place.
However, this would require a fairly elaborate and costly control. Because
P; max depends only on Py, and 9,, either of these quantities can be con-
trolled to limit peak pressures. Examining (6-71), we note that the quan-
tities which make up Py, are fixed by other considerations. ¥, is desired
small and §, large to keep the hydraulic natural frequency high. Accumu-
lators could be used to alter the value of 8./V, when the accumuiator
charge pressure is exceeded. However, accumulators are bulky and it is
preferred that the kinetic energy be dissipated rather than stored. There-
fore, we must conclude that no parameter of P, can be effectively con-
trolled to limit pressure peaks. However, &, can be increased by inserting
a relief valve across the lines (a similar relief valve is required to protect
the other chamber) with a static characteristic, idealized as a strai ght line,
illustrated in Fig. 6-14. This safety relief valve dissipates the kinetic energy
and helps prevent cavitation by dumping fluid to the forward chamber.

A piecewise linear analysis is required to cstablish the peak pressure
with the safety relief. However, if we assume the relief valve is set to open
at P,, that is, P, = P,, then the relief valve will open at ¢, and the previous
analysis is applicable. Under these conditions the quantity 8, given by
(6-79) now becomes

6 . (Kr + Kc + Cip + Cav)(ﬂeMt)‘A
! 24, Vo

(6-86)

where K, = slope of relief valve characteristic, in.%/sec/psi
P, = relief valve pressure setting, psi
Because K, is quite large, there is a massive increase in the damping

. ratio when the relief valve is opened. For a given Py we can select a

d;-value from Fig. 6-13 that will yield a satisfactory pressure peak. The
required K,-value would then be computed from (6-86).

Let us now determine the flow capacity and speed of response required
of safety relief valves. From Fig. 6-14 we can write

O max = K(P smax — Fr) (6-87)
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Because K, » K, + C;, + C,, and P, = P, (6-71), (6-86), and (6-87) can
be combined to yield
Qrmax — ?_(_)g(szﬂX _ 1) (6-88)

[2]
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Figure 6-14 Static characteristic of a safety relief valve.

8, (due to relief valve being used) (6-83) can be approximated by

Pa max PR
—_—al4+—= 6-89
P, + 24, (6-89)
A combination of (6-87) and (6-89) yields
Qrmex g (6-90)
Y.

Hence the relief valve capacity must be large enough to accommodate full
motor flow v,0A,, if P, is large. This is because the piston acts as a pump
with output of v,4, in.3/sec during the initial portion of the pressure
transient. To maintain P, at some constant level the relicf valve must
bypass the generated flow. In fact one can determine P,y from the
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reliel valve characteristic because Dy max X U y0A v 10 P, i small the
relief valve capacity can be less because the piston has slowed appreciably
by the time ¢,.

From Fig. 6-12 it is apparent that the relief valve must be fast enough
te open by #,. Hence the reiicf valve bandwidth should be many times
(perhaps 10) larger than o, if Ppis large. If Py is small (near unity), the
relief valve bandwidth is less critical because ¢, is Jarg

The discussion presented thus far js equaliv applicabia to rotary motors,
The parameters “o00 Uyor A, and M, are replaced by 8,0, 0, D, andJ,
respectively,
where 0, = overtravel of motor after valve closure, rad

0,n0 = initial velocity of motor, rad/.ec
D,, = volumetric displacement of motor, in.*/rad
Ji = total inertia of motor and load referred to motor, in.-fb-sec?

For the case of a pump controlled motor, discussed in Section 6-4, only
one line pressure varies at a time, and a transient analysis can be made
to obtain the peak pressure generated due to a sudden valve closure, The
result is \

X ﬂ AG ‘

Py max = {)mo (J—!) e~ (7/2)34 (6<9])
o

where 4, is given by (6-58). Cro o-port safety relief vaives, illustrated in

Fig. 6-7, are recommended to limit pressure pcaks.

Thus far it has been assumed that the valve closure occurs instantan-
eously. Ifthe valve is slowly closed the pressure peak. of course, is reduced.
In such cases one might assume that the valve is closed in such a manner
that motor deceleration is constant, The maximum pressure would then
be : ?

J o"l -
v Py may = =20 to (6-92)
m°c

where 7, = valve closure time, sec
However, the largest pressure peak always occurs with an instant valve
closure. Thercfore, if a system design is satisfuctory for instant valve

closures it ollows that it is satisfactory for other closures.
1

6-7 NONLINEAR ANALYSIS OF VALVE CONTROLLED
AGTUATORS

So far i the analyses of valve-actuator combinations we have assumed
small excursions in the system variables about some particular operating
point where the valve coeflicients K, and K, arc evalvated. This hus been
done for mathematical expediency because otherwise the diflerential
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equations are highly nonlinear and no simple and useful result can be
obtained. However, it should be clear that such an assumoiion, that is,
of a lincarized analysis, musi conform with physical facts to a substantial
degree. Otherwise the worth of such analyses is highly questionable and
certainly would not form « sourd basis for design procedures.

Linearized analyses are usually made at the nuil operating point (i.e.,
in the vicinity of x, = 0, P;, = 0, and Q, = 0) because damping is lowest
and stability is most adversely affected. Excursions in the variables =z,
P;, and Q, are kept small say, for example, less than 595 of their full
range values. Ttis obvious, therefore. thatan analysis technique is desirable
which permits larger excursions in these variables. This would produce
more exact solutions to comparc with the results of linearized
analyses and, if correlation were good, would improve our confidence in
linearized analysis. However, the highly nonlinear nature of the servovalve
pressure-flow curves prevent hand solutions. Of course, exact solutions
are possible for full range of the variables by using digital and/or analog
computer simulations [5, 6, 7, 8]. However, the following treatment should
improve our confidence in linearized analyses without reserting to such
machine solutions.

Suppose the power element is the valve-piston combination shown in
Fig. 6-6. 1t will become apparent that an analogous treatment can be
made for a valve-motor combination. Let us assume a critical center
servovalve for which the pressure-flow curves are given by (5-33). There-

fore,
Lg
Q, = Cd(ﬂ) wzru(l —
p

Assuming the piston is centered such that V', = V, = V,/2, the continuity
equation is given by (6-33), which can be written

Ty PL “
|x1:l Ps’

(6-93)

V, dP,, s
=Ap, + C P+ —— (6-94;
QL »Yp tg' L 4ﬁ3 dt . }
where v, = dr,[dt = piston velocity, in./sec
Assuming a simple lumped mass load, typical of many systems, the
equation of piston motion becomes

gzﬁ,
dt

Equating (6-93) and (6-94) and substituting in P, from (6-95) yields

PLA, =M, (6-95)

.C_d(f__')'"‘ (l _ % M, d—%)‘/‘_w_ﬁ_@ L CaM, dv,
R lxﬂl PBAD dt

=ttt = Ly, (6-96)
A\p 4p,4,° dt* A7 dt
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This nonlincar differential equation describes the valve-piston combination.
Machine computation is necessary to obtain solutions. However, some
insight into its nature can be gained by assuming P, /P, < 1 so that the
approximation
Vé
x, P z, P
(1 -z ——'-') ~l =)y (6-97)
| P, | P,
can be used. This approximation is within 109 for values of P, /P, as
high as 0.6. This assumption is not unrealistic because many systems are

/ Operating range

_______ L

Figure 6-15 Operating range of the variables.

designed such that P; /P, < % to prevent reduction in valve flow gain and
the associated deterioration in servo performance (see Section 8-1). Using
this approximation for the radical in (6-96) it reduces to

cw(P\* V.M, d* Cw |z, (P} M, d
__,,v_v_(_) zy= M 00y | [—-——“ | ”'(—) +C |y (6.98)
A, \p 46,A°% dt 2P, \p A0 dt

We can write this equation in the form

912(&)'”‘ _ Lo, 2dy,

= + 699
4, \p o df  w, dt (6-99)
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48,4} .
where w, = J —V‘—Aj’— = hydraulic natural frequency, rad/sec
| e 1

Caw |z, [P, M,
8 = [—"lv-l—tll — 4 C,,,:I ~ ‘m’* = hydraulic damping ratio,

dimensionless

It is important to note that we have made no restrictions on the ranges
of z,and ;. We have restricted only P,/ P, but it can make rather large
excursions (say to 0.6). Thus, the operating range is as illustrated in Fig.
6-15, which can hardly be considered restrictive. However, from (6-29)
we see that the hydraulic natural frequency w, is constant and does not
vary with the operating point. Thus the hydraulic natural frequency is a
concept which is uscful over a very wide range of operation. However,
the damping ratio varies with |z,|, which strongly depends on the operatihg
point If the input valve motion is sinusoidal about null, that is, z,

X, sin wt, the average value (0.636.X,) or rms value (0.707.X,) could bc
used for |z,| .

From this analysis we can conclude that a second order (i.e.} a quad-
ratic) representation of a hydraulic power element is valid over a fairly
wide range. The hydraulic natural frequency is constant but the damping
ratio must be thought of as varying wit' valve position. This analysis
helps to relieve our anxiety about the usef.iness of linearized analyses and
increases our confidence in designs based on such analyses.
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Electrohydraulic Servovaly

The versatility of electrical devices makes them ideal for feedback
measuring and for signal ampiification and manipuiation. On the other
hand, power output and compactness of hydraulic actuators makes them
ideally suited as power devices. In any combination of electric und
hydraulic devices there must of necessity be an element which bridges the
gap. This interface connection in control systems is achieved by an
electrohydraulic servovalve. Such a servovalve converts low power
electrical signals into motion of a valve which in turn controls the tlow
and/or pressure to a hvdraulic actuator.

The clectrohydraulic servovalve, probably the youngest of the standard
hydraulic components, made its appearance in the latter 1940s to satisfy
aerospace needs for a fast response servo control system. Eiectrohydraulic
servo systems then in use werc not significantly faster than electrical
servos because they were lacking an element which could rapidly translate
electrical signals into hydraulic flows. These early servevalves were
actuated by smail electric servomotors and the associated large time
constants were such that the servovalve was often the slowest element in the
control lecop and limited system prformance. In the curly 1950s perma-
nent magnet torque motors having fast respense gained favor as a method
of stroking valves and the electrohydraulic servovalve tock its present
form.

Because the electrohydraulic servovalve connects the electronic and
hydromechanical portions of a system, it is often the focal point of dis-
cussion when system troubles occur. Also, some knowledge of electronics
and magnetics, as well as mechanics and hvdraulics, is required for an
understanding ot such servovalves. Electric and hydraulic perfurmance
specifications must bc met by these valves. Therefore it is essential that
system anczlysts and designers be thoroughly tamiliar with the vatious
types and performance characteristics of ¢lectrohydrauiic servovaives.
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7-1 TYPES OF ELECTROHYDRAULIC SERVOVALVES

These servovalves may be broadly classified as either single-stage or
nwo-stage. Single-stage servovalves consist of a torque motor which is
directly attached to and positions @ spool valve. Because torque motors
have limited power capability, this in turn limits the flow capacity of
single-stage servovalves and may also lead to stability problems in some
applications.

Two-stage scrvovalves have a hydraulic preamplifier (first stage) which
substantially multiplics the force output of the torque motor to a {evel
sufficient to overcome considerable flow forces, stiction forces, and forces
resulting from acceleration or vibration. Two-stage servovalves overcome
both disadvantages of single-stage servovalves, and this is the main reason
for their existance. Flapper, jet pipe, and spool valves find use as a first
stage valve whilc the second stage valve is aimost universally spooi type.

Two-stage servovalves may be classified by the type of feedback used
which are spool position, load pressure, and load flow feedback. Each type of
feedback gives a distinct shape to the steady state pressurc-flow curves. as
illustrated in Fig. 7-1. Position feedback two-stage servovalves are by far
the most common, and three basic types of construction can be identified,
depending on how the spool position is sensed; these are direct teedback,
force feedback, and spring centered spool. With direct position feedback
the main spool follows the first stage valve in a one-to-one relation: this
type construction is sometimes referred to as a hydraulic follower. 1In
force feedback servovalves the main spool position is converted (o a force
by a (feedback) spring and this force is balanced at the torque motor
armature against the torque due to input current. Both constructions are
widely used and will be discussed in Sections 7-4 and 7-5. The third basic
type uses stitf springs at the spool ends to center the spool against the
pressure differential of the pilot stage. This type construction is less
frequently used.

Two-stage servovalves with load pressure feedback attempt to control
load pressure difference. Internal passages direct the load pressurc back
to the first stage where the resuiting force is balanced against that due to
the input current. A special form of these servovalves, called the dynamic
pressure feedback servovalve, has characteristics of a position fesdback
servovalve at low frequencies and characteristics of a pressure feedback

servovalve at higher frequencies. These servovalves are useful in some
applications to increase the damping of valve-actuater combinations,
Two-stage servovalves using flow feedback have some device which senses
flow and converts it to a force which is then balanced at the torque motor
armature with the force due to input current. Combinations of tlow and
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Figure 7-1 Pressurc-filow curves of two-stage servovalves using: (a) position fecdback;
(D) load pressure feedback; (c} load flow feedback.
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pressure feedback can be used to produce a valve called pressure-flow
servovalve which has charucteristics in between the extremes of cither
pressure or flow feedback. The pressure-flow curves of these servovalves
are quite linear compared with the usual square-root type curve. These
pressure and flow feedback servovalves, and their combinations, are used
only in special applications which require the particular pressure-flow
curves of these valves. The vast majority of applications use the more
conventional direct and force feedback servovalves.

Another type of two-stage servovalve which has been used to some
degree is the acceleration switching servovalve. A more descriptive title is
pulse length modulated (PLLM) servovalve. This servovalve utilizes a high
frequency pulse length modulated wave generated in an electronic driver
amplifier as the input signal to the torque motor. At zero signal to the
driver amplifier the output wave to the servovalve is a symmetrical square
wave so that no net spool motion results. As the signal is increased
there is a time unbalance of the wave such that the positive pulse lengths
are longer than the negative pulse lengths. Thus the valve spool dwells
more time in one direction than in the other and produces a net flow to
the load. However, the load flow has small variations at the switching
frequency which must be filtered by the power element to achieve smooth
output motion. Construction of the PLM servovalve is identical to that
of conventional two-stage servovalves except that there is no feedback.
Therefore, at least theoretically, the raie of output flow is proportional
to the input current signal so that the PLM servovalve is an integrating
device. However, flow forces on the second stage spool cause a large lag
to result rather than a true integration. This large lag, which behaves
effectively as an integration, must be coinpensated by a Icad in servo loops
to achieve stability.

Relaxed tolerances, higher reliability in adverse environments, insensi-
tivity to contamination and vibration, and low cost are advantages claimed
for PLM servovalves. However, the disadvantages of filtering the switch-
ing frequency, more complex electronic driver amplifier, undesirable noise
and mechanical vibration induced by the switching frequency, and higher
null leakage have limited the use of PLM scrvovalves to well below their
anticipated potential.

7-2 PERMANENT MAGNET TORQUE MCTORS

Electric servomotors, magnetostrictive devices, piezoclectric crystals,
proportional solenoids [}, a-c torque motors, and moving coil devices
(similar to loudspeaker motors) have been or are being used to stroke
servovalves from an electrical signal. However, the permanent magnet
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torque motor illustrated in Fig. 7-2 is by far the most widely used electro-
mechanical device for this purpose. These devices may produce rotary
motion (torque motor) or translational motion (force motor), and the
torque or force produced is proportional to input current. Torque (i.e
rotary) motors are more common, and the particular bridge tvpe m: mmuc
circuit shown in Fig. 7-2 has been almost universally acceplcd

Torque (or forcc) motors may be broadly classified as being wet or dry,
depending on whether they are intended for use immersed in the fluid.

Permanent magnet

North pole piece\ /

%

—' T

ik
A

- South pol
5 Nl Lo outh pre piece
a— . ) ;1 Ewp D -
d-c amplifier with | -y % Zy ~ Torsion spring
€g .| single-ended input :—{ l|—-—~/\/\{‘-{ L~ pivot
O——i and push-pull output e . )
2 in
> W\/\" { _Armature
rp and cods

Perimanent magnet

Figure 7-2 Schematic of permanent magnet torque motor being drm.n from an
amplifier.

Dry units seal the output member to prevent fluid from entering the vol-
umes around the armature, coils, and magnets. Wet units have the dis-
advantage that ferrous contaminants in the fluid are attracted by the
permanent magnet and may accumulate in the air gaps and uluma[cly
prevent operation; however, these units are cooled by the fluid.

# The torquejmotor (Fig. 7-2) consists of an armature mounted on a
torsion pin piyot and suspended in the air gap of a magnetic field. Two
pole pieces, ohe permanently polarized north and the other south by the
permanent miignet, form the framework around the armaturc and provide
paths for thefmagnetic flux. When current is made to flow through the
armature’\cojls, the armature ends become polarized and each end is
attractudlk ne pole piece and repelled by the other. A torque is thus
produced on the armature and it would continue to rotate were it not
for the restraining torque of the torsion spring on which the armature
is mounted. Thus the torsion spring causes the output motion to be pro-
portional to currenty The servovalve to be positioned may be mechanically
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attached to cither armature end. Because the static and dynamiic charu: -
istics of torque motors play a major role in servovaive desizn and per-
formance, an investigation of these characteristics is essential.

Torque Motor Analysis

. Referring to Fig. 7-2, the two coils on a torque motor are generally
" supplied from a push-pull source.* A voltage E,, in the amplifier driving
V¢“the torque motor establishes a quiescent current /, in cach coil but there

is no net torque on the armature pecause the currents oppose each other.
An increase in tae input io the ampiitier causes the current in one coil to
increase as the current in the other coil decreases simultancously by the
same amount. Hence the current in the two coils may be written

il = Io + i (7‘])
; fy= 1y — i (1-2)

where i), i, = current in each coil, respectively,
I, = constant quiescent current in each coil, amp
i = signal current in each coil, amp
Ai = current ditference in the two coils, amp
The flux in the armature, and consequently the developed torque, is
proportional to the difference in current in the two coils. Subtracting
these equations yields

I —ip=2=Ai (7-3)

* Another popular connection is to drive the coils in parallel from a single-ended
amplifier (usually transistorized). This offers increased reliability because operation is
still possible if one coil opens. Analysis is similar to the push-puli case except for the
voltage equation. Ifiis the total current (i.c.. /2 in each coil) and £, is the open circuit
output voltage and R, is the output resistance of the amplifier, then the voltage applied
to each coil is £, — iR,. Hence, the voltage equation for cach coil is

, 0 i
-’2—)+Kbd—-+L,d("2) Md(: )

— iRy = R. i) | a2
Eo — iR, ( dr a M

Because the two coils are close coupled, the se!f and nutual inductance are approxi-
mately equal (i.e., M ~ L). Thereforc Laplace transforming yields

Ry, .
E, =(R., 4 —2—)1 + K50 + L.si

Comparing with {7-21), we note that the push-pull analysis can be used if pe, is inter-
preted as E,, i is interpreted as i, and r,/2 is interpreied as R, in all the cquations.
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Although most treatments usc signal current as the input, we shall vse
differential current for a parameter because this quantity is used 1n per-
formance curves and measurements. Care should be taken to distinguizh
clearly between signal and differential current; they are simply related by
(7-3). The quiescent current /, is usually about one half the maximum
differential current. Thus for maximum signal input o the ampliier,
the current in one torque motor coil will be about zero se that
the maximum differential current wili occur in one coil. With such a
quiescent current level, which is required because of amplifier character-
istics, the cfficiency is only 509;. This is a minor point, however, because
the electrical power involved is trivial compared with hydraulic losses.
The torque motor coils can also be cperated in series or in parallel from @
single-ended source. Parallel operation has the advantage of increased
reliability in the event one coil fails. :
The signal voltages for pushi-puil operation are

€ = €y = #ea (7"4;

where e, e, = signal voltages from amplifier, volts
u = amplifier gain for each side, dimensionless
e, = signal voltage input to amplifier, volts
The voltage equations for each coil circuit are

N. dd,

Ep+ e =i(Z, + R.+ 1)+ 02, + 8‘_4) (7-3)
10° dt
. A N. dd,

E,, — €2 = ifZy + Ro + 1) + hZ, - 1—08—}‘ (1-6)

where R, = resistance of each coil, ohms
N, = number of turns in each coil
$, = total magnetic flux through the armature, lines {maxwells)
r, = internal resistance (plate resistance) of amplifier in each coil
circuit, ohms .
E,, = constant voltage required for quiescent current, volts

Z, = impedance in common line of coils, ohms
.Subtracting (7-6) from (7-5) and ther. combining with (7-3) and (7-4) yields
[ 2pe, = (R, + rp) Ai 4 Dedde &
\l pe, = (R, + 1) 0 dt | a-n

which is the fundamental voltage equation for the torque motor.
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Now let us analyze the magnetic flux circuits to establish the fiux in the
air gaps and in the armature.* As illustrated in Fig. 7-3a the flux paths
are quitc complex. An approximate but adequate analysis can be made
by assuming that the four air gaps constitute the dominant reluctances in
the circuit, that is, the reluctances of magneiic materiais are negligible 1n

b
Figure 7-3 Schematic of magnetic flux paths in torque motor.

* It mi_ght prove helpful to review the basic magnetic circuit equation to avoid confusion
concerning units. The fundamental relation for a magnetic circuit, analogous to
Ohm’s law for an electric circuit, is M = ¢ R,
where M = Ni = magnetomotive force (immt), amp-turns
¢ = magnetic flux, lines (maxwells)
R = ljuA = reluctance of flux path, amp-turns/line
I = length of flux path, in.
A = area of path normal to flux, in?
P = p.po = permeability
i, = relative permeabiiity (i.e., compared with frce space); for air u, == i
" po = 0.4m(2.54) = 3.19 = permeability of free space (vaive depends on system
of urits used and defimtion of magnetomotive force; the value given is
for English units) '

Circuit equations which result from principles anaiogous to Kirchhofs first and second
laws for electric circuits may also be wntten for magnctic circuits: that is. the sum of
the flux is zero at any node and the sum of the mzgnetomotive forses around any loop
must be zero.
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comparison. Because of symmetry, we can assume that the reluctances of
diagonally opposite air gaps are cqual and therefore are given by

R= —l:/ = Ri= £ = (7-8)
/,( A ’,qu,
V7 .

R, = 8% (7-9)
MoAy

where $, = reluctance of gaps | and 3, amp-turn/line
R, = reluctance of gaps 2 and 4, amp-turn/line
g = length of each air gap at neutral, in.
z = displacement of the armature tip (at the center of the pole
face) from ncutral position, in.
A, = pole face arca at the air gaps, in.?
po = 3.19 = perincability of free space (air) used with English
units
With these assumptions the magnetic circuit can be represented by Fig.
7-3b. Because this circuit is 2 symmetrical bridge. it is apparent that the
flux through opposite arms (i.e., through diagonally opposite air gaps) are
equal. Because the mm(’s around each loop must be zero, let us chcose
the loops containing oppositc bridge arms and both mmf sources. Two
such loops exist and we can write directly that

_ Mg+ NAi _ Mg+ NAi
2R, 2R,(1 — z/g)

é (7-10)

M, — N Ai M, — N:Ai
28, 2R,(1 + z/g)

¢ = (7-11)

where ¢, = magnetic flux through gaps 1 and 3, lines (maxwells)

é. = magnetic flux through gaps 2 and 4, lines (maxweils)

$, = total flux through permanent magnets, lines (maxweils)

M, = total mmf of all permanent magnets, amp-turns

R, = glusA, = reluctance of each air gap at neutral, amp-iurns/

line
N,(i, — iy) = N, Ai = net mmf due to control currents, amp-turns
It is more converient to express M, in terms of the air-gap flux when the
armature is at neutral. At neutral position (i.e., where Ai == 2 = 0), these
two equations reduce to
M,

$r0 = z—h‘; = Qo = Py (7-12)
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where ¢, is the flux in each of the four air gaps when the armature is at
neutral. Therefore the air gap flux relutions become

¢l — ¢U + ¢c (7_13)
1 — z/g
¢ﬂ_¢c
, = 0 Te -14
#2 1+ x/g 14

where the quantity ¢, is the flux due to control currents and is defined by

N A

L= 7-15)
$o= 5 (

g

Thus we sce that two air gaps carry the sum of the permanent magnet
and signal flux while the other two air gaps carry the difference.
Summing the magnetic flux at two nodes we obtain

Mt by=bit (7-16)

e b= b1 — o, (7-17)
The armature flux relation is of particular interest and can be combined
with (7-13) and (7-14) to yield

4, = 2ialD) + 2,

-18
1 — 2%g? (7-18)

Because torque motors are designed so that x/g < 1 (usually less than one
third so that z?/g® < 0.1), (7-18) can be simplified to obtain

8o =24, % + Nep; (7-19)
g R,

From geometrical considerations it is clear that
x
tan 6 ==~ 0 (7-20)
a

where 0 = angular deflection of armature, rad
a = radius of armature from pivot to center of pole face, in.
The approximation indicated is usually valid because deflections are
small. Now (7-19) can be differentiated and substituted into (7-7) and the
result can be Laplace transformed to give

- 2pe, = (R, + r,) Ai + 2K,s0 + 2L s Ai (7-21)
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where K, = (2" 10"’)(5) N.$, = back (counter) emf constant for
g

each coil, volts/rad/sec {7-22)
N 2
L, = (107%) —J—{ = self-inductance of each coil, henrys (7-23)
g
This is the final form of the basic voltage equation of the torque motor.*

Let us now determine the torque which acts on the armature because of
the interaction of the permarent magnet and control flux in the air gaps.
The fundamental force eguation (see most any electrical engineering icxt)
is

o $
F=138-10°B%4 = 4.42- 107" — (7-29)
% .
where F = attractive force between magnetized parallel surfaces separated
by an air gap, Ib

¢ = BA = magnetic flux in the gap, lines (maxwells)

A = area normal to flux path, in.2

B = flux density in the air gap, limes/in.?

Because the torques developed in the two air gaps at cach end of the
armature are in opposition, the net torque developed will be proportional
to the difference of the squares of the fluxes. Using the foregoing relation,
we obtain the total net torque developed on the armature.

-8
T, = 2009 — ¢ 12 (7-25)
N )
The 2 multiplier is due to the fact that the same torque is developed by
the pair of air gaps at the other end of the armature. Substituting in

* We note in examining each term of (7-21) that the power consumed by the resistive
term is lost as heat and the power of the inductive term is stored magnetically. The
only voltage term that contributes to the power output oi the torque motor is the
counter emf. Thus, the useful electric power input (for both coils) is

ol = ik, ik, 2 L e
le —-74—6(’ ‘7 ! o‘z) = J/ FA -
Now, the mechanical output power is ao 4
petp R ¥ S

T,(dojdt) _ K. Ai(dOjdt) ~ o

o™

hplow, = 12 x 550 12 x 550 Y

Equating these powers, and because Ai = 2i, we get K, = 8.847K,. Thus, the torque
and counter emf constants are directly related. This relation can «lso be obtained from
the basic definitions of K, and K,. Tests indicate that the proportionality factor is
somewhat higher than 8.847.
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(7-13) and (7-14), we obtain, after much algebraic manipulation,

(4 2K, AL+ (1 + 5K LD

T, =
* (1 — =%/g%?

(7-26)

where T, = total torque devcloped on the armature due to electrical
current input, in.-Ib

. a)
K,= (442" 10"“)4(—) N ¢, = torque constant of the terque
g motor (i.e., for cach coil,)  {7-27)
in.-ib/amp

\2
K, =442 10""‘)8(‘-1-) R,¢,2 = magnetic spriag constant of
g torque motor, in.-lb/rad  (7-28)

Torque motors are designed so that (z/g)* « 1 and (b./¢,)* L t toimprove
linearity and static stability and prevent knockdown of the permanent
magnets. Neglecting these quantities or for operafion ncar null (7-26)
becomes

A
T,=K,Ai + K,0 " (7-29)
Applying Newton’s second law to the armature we can write
d*0 db
T,=J,— + B, + 0+ T, 7-30
¢ at Tt ! . (30

where J, = inertia of armature and any attached load, in.-ib-sec?
, = viscous damping coefficient of mechanical armature mounting
(usually negligible) and load, in.-1b-sec
K, = mechanical torsion spring constant of armaturc pivet, in.-
Jb/rad
T,, = ‘any arbitrary load torque on the armature, in.-Io
Combining with (7-29) and Laplace transforming yields

K, Aj = J,s%0 + B;s0 + (K, — X,,)0 + T, (7-31)

Thus the magnetic[spring constant appears as a negative spring, and it

is apparent that it njus{ be less than the mechanical spring rate for stability.

#Static Performanc¢ Characteristics

~ After some akg raic juggling the developed torque given by (7-26) can
be written in the foliowing manner:

Te  _(at B +3p)

(g/a)Km (- gy

{7-32)
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where o« = ge = Ne_ Ai : {(71-33)
¢'a 2',41’41""{0

x

p

il

0 (7-3%)

o IR

This expression can be plotted in a dimensionless manner and is useful in
the design of torque motors for force feedback servevalves. For static

r l T MTT T T
03 Static stablity bmitd | | L i
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Figure 7-4 Normalized plot of the no foad defiection versus curreni characteristic
curve for a torque motor.
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Figure 7-5 Typical static characteristic curves for a torque motor.

operation T, = K,0 + T, which can be combined with (7-32) to yield

K n 2,2 (l - ﬁz)z g
L+ 1 +ap) =0 =Y+ TL (7-35)
K, (g/a)K,
This equation describes the static characteristic curves of the torque motor
with load. The no load curve is most useful. By letting T, =0 and
solving for « the equation of this particular curve is
1 4

s Liff({l + 51[2/3(1 - 52)]2_ ( % )2}‘% - 1) (7-36)

AT 28 K,L 1+ p L+

and is plotted in Fig. 7-4 for various K ,./K, ratios. Note that the armature

.. ceases to be statically stable when |zjz] > § regardless of the vaiue for

K,/K,. This limit is increased if the reluctance of the magnetic aterials
is appreciable [2]. Although the limit is independent of spring rates, the

~>current required to cause static instability increases with K,,/K,. 1tisalso

apparent that the slope or gain of this curve increases with the ratio
K,/K,. However, linearity imposes constraints on the ranges ot both ¢./d,
and K, /K,. Because ¢./¢, is kept well below unity to avoid knockdcwn
of the permanent magnets, linearity 1s controlled mainly by the ratio of
K,./K,. The static performance curves with load are also of interest and
have the general shape iliustrated in Fig. 7-5.

.,__ﬂi/Dynamic Performance Characteristics

Equations 7-21 and 7-31, together with the torque motor parametels
defined by (7-22), (7-23),(7-27), and (7-28). completely describe the dynamic
ckaracteristics of the torque motor. The paramcters are computed from

~
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the design constants R,, N, g, a, and ¢,. The quantity ¢, is oiten ex-
pressed in terms of the flux density B, in lines/in.2 at the gaps (¢, = B,A,).
It is clear from the definitions of the parameters that they are related

because K, = 8.84K, (137
K,L. = K,K, (7-38)
Neglecting the mechanical damping B, we can combine (7-21) and (7-31)
to yield ) .
Koeg — | =7 i(1+ )r,
)fi-f)
o= s s? ] s
+ + + 1
K K \ \
wawm’(l —’—") m,,,z(l — —") wa(l - 51')
K, K,/
(7-39)
2K,u L. ;
where K, = - = static gain constant, rad/volt
(Rc + )‘,,)Ka(l - Km/Ka) \
. = R+ 1) _ armature circuit
2L, break frequency for each coil¥, rad/sec

/K ) ‘
W, = -;‘-' = natural frequency of armature, rad/sec
. :
The cubsic characteristic equation can be easily factored if the coefficients
are numerical. However, factors in literal form are desirable for desian
purposes. In this respect we are fortunate because the coeflicients are so

“~ related that this cubic can be factored, with some labor, in a general manner

and the roots can be represented graphically. Therefore, the final equation

which gives the dynamic response of the torque motor to both voltage

and load torque inputs is
Ko, —

s
(142,
K,,(l _ &,,) W,

P 0=

\\ (w )kmo’ wy )

(7-40)

T

* The total jinductance in each coil circuit must include the mutual inductance of the
other coil as well as the coil self inductance L.. Because the iwo coils are in series for
signal currents and arc close coupled, the mutual inductance equals the self inductance.
Thus the total inductance in each coil circuit is L, + M = 2L, which cxplains the
denominator of w,.
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where @,, w,, 8, are determined from Figs. 7-6, 7-7, and 7-8, respectively.
From these charts we note that the cubic always has a lincar and an
underdamped quadratic as factors. These factors are due to the electrical
time constant (1/,) of the armature circuit and to the mechanical reson-
ance of the armature, respectively. However, break frequencies of the
cubic are lower, that is, w, < w, and wy < ®,,. Because K, /K, < }in

1.0 g - —— =T
/// H
s —alill
LT / /17
08 |eememe 02 ] / /

"/

L~
b
0s | L /|
06 —}

wr ,/
Wa
06 -——'“’// ]
04 - / A
02 KmlKs =08 | L +171 |
0.1 0.2 04 07 1 2 4 7 10

WglWm

Figure 7-6 Normalized plot of real root of torque motor cubic.

practical torque motors, the following approximations are useful in pre-
liminary design calculations.
1 Km
0,0, W O, O~ —(——) (7-41)
2VK,
Comparing with exact values from the charts, these approximations are
satisfactory for smail K, /X,.
Several conclusions can be drawn from (7-40) and the cubic solation
charts:

1. Because the basic break frequency of each coil R,/2L. is usually low,
a high impedance driver (such as pentode vacuum tubes or the collector
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circuit of the transistors) which gives a large r, or a current feedback
amplifier must be used to obtain a large w,. The value of w, is then
decreased to o, in the over-all response. Thus the amplifier design must
be such to compensate the low electrical break frequency R.[2L. of the
armature circuit.

2. The natural frequency of the quadratic factor w, i substaniiaily
independent of the magnetic spring constant at low o,/o,, and is oniy
slightly affected at higher (0, /0 . ‘

3. The damping ratio dg is maximum when o, fo,, is near unity. Thi
is another reason for amplifiers which increase ;. The damping rat!

P
<

Al

o]

increases directly with K, /K. However, static linearity and hysteresis
limit the value for K,,/K,. Thus the value for K,/ K, must be a COMpromise
between requirements for Jinearity and damping. It is important to note
that adequate damping requires both a compensated amplitier and a
satisfactory value for K,,/K.

4. An increase in the air gap flux density B, causes a direct increase in
the damping ratio d, and a slight lowering of the break frequencies o, and
w,. The most noticeable affect on the frequency response is the increased
8,. Increasing B, also increases the electrical hysteresis. !

Omitting the load torque input, the transfer function of the torque
motor from voltage input is

L e (7-42)

2 :
“ S+ 1)(—5—2+3@s+ 1)
Wy Wo Wo
Torque motors and servovalves are usually specified with differential cur-

rent as the input. The transfer f unction from current can be obtairied from
(7-31) as L

— = 7-43
. B, (7-43)
s+1

-+
i
w“”(i _ &) Ka( _ Em)
T K, K

Thus the response i\s\ﬂ at of a quadratic with a natural frequency slightly
less than @,,. The damping ratio is quitc nebulous and oiten very tow
because it depends on structural damping in the torston spring atd on
that obtained from the load attached to the torque mator. Curreatis used
as an input by servovalve manufacturers to avoid specifying the ampliier
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PR

characteristics. However, carc must always be used in interpreting fre-
quency response data because voltage is often used as an input bui the
results plotted in terms of Ad. This incorrectly assumes that voitage and
current arc directly related with no dynamics. Dividing (7-42) by (7-43)

we obtain
2 3 + B s + l—\
R.+r, m,,,"(l - K,"’) Ka(l K’"\)
A I\,"; - - (7-44)
G
o, N7 wg Y

as the relation between voltage and current. The numerator natural fre-
quency is always somewhat lower than w,. Typical frequency response
characteristics for a torque motor are illustrated in Figs. 7-9 and 7-10.
Torque motors offer a fast and effective method of stroking a valve
when supplied from a properly designed amplifier. Howsver, there are
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Figure 7-9  Frequency respense of a torque motor from voltage input to armature
rotation.
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Figure 7-10 Frequency respense of torque motor from input voltage to differcniial
current.

some drawbacks. As with many electrical devices. magnetic hysteresis is
unavoidable and can cause limit cycle oscillation in Type | servos which
use lag compensation. Torque motors arc also quite load sensitive. This
makes their characteristics highly dependent on the type of load. From
(7-40) we see that the steady-state stiffness of the torque motor to loads is

AB

which is Jess than the mechanical stiffness K,. Torque motor loading is
especially severe in single-stage servovalves, as we shall sce in the next
section.

- Ka(l - f—) =K, — K, (7-45)
w0 K

a

4K 7.3 SINGLE-STAGE ELECTROHYDRAULIC SERVOVALVES

Single-stage electrohydraulic servovalves consist of a torque motor
directly attached to a four-way spool valve. The spool valve is positioned
by the torque motor and ports flow to a hydraulic actuator, as itustrated
in Fig. 7-11. Although flapper and jet pipe valves can also be used to
form single-stage valves, they would not be suitable for dircct control of
a load because of leakage characteristics.

Single-stage servovalves are relatively simple and inexpensive but have

/" two major faults. The flow capacity is limited because steady state flow

N ';,yjf;) forces on the spool tend to stail the torque motor and limit the valve

’__,‘,.:7 stroke. The other disadvantage is the fact that stability depends to a

i large extent on the load dynamics. Although this can be minimized
by proper servovalve design, each case should be investigated to assure
stability.
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~ Although it is usually easier to investivate static first and then dynamic
 performauce, this procedure is reversed here because a study of dynamic
5= performance reveals the nature of the stability problem and suggests
design criteria to minimize it. The dynamics of all the elemients in this
servovalve have been discussed, so that we need only summarize and comr-
bine the appropriate relations. Let us assume that the spool valve is a

[

!-.

Supply Return

- R P.
» z% N Qf ﬂ ‘-——] !
I

di=ii=ig | | %—7
=

n

Figure 7-11 Schematic of a single stage electrobydrautic servovalve connected to &
motor with incrtia load.

four-way critical center type with rectangular ports. Thercfore the follow-
ing relations froR Scction 5-3 are applicable:

Vi
QL= dexv[l (P, — PL)] (7-46)
yol
K, = _’R’_q — 2(Ps_—' PLn) (7_47)
¢ Tyo

where 2,4 and P, arc evaluated at the particuiar operating point. Assum-
ing the spool has no net damping length and flow for
sated, the stroking force consists only of spool |

$ are not corpen-
s and steady state
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flow force. Thercfore, A IO

l A/ ¢
o Fo=M id—— + 0. 4“<w(P —Ppa, (7-43)

Because P, and x, arc both variables, the last term must be lincarized. The
equation can then be Laplace transformed to give

AR = Mt Az, + 043(P, = Pro) Ar, — 0ddumg APy (1-49)
+ From the geometry in Fig. 7-11 we note for small deflections that
z, A 10 (7-50}

where r = radius arm of torque motor, in. Let us now consider the torque
motor dynamics. It is clear that the mass and one of the flow force terms
in (7- 49) can be added to the mass and spring constants of the torqgue

motor armature. The other flow force term can be treated as a load on
the torque motor; that is,

AT, = —0.43rwx,, AP, b (7-51)

Thercfore, using (7-40), we give the torque motor dynamics by

Koe, — ———-1——K—(1 + i)T,

Knt-(l - ’—m) @
‘ Knt

s2 2
( +1)( +:—6°s+l)
w W, Wy

6=

- (7-52)

where K, = K, + 0.43r2w(P, — P;,) = total spring constant, in.-ib/rad
- 2Ky

K, = - = gain constant, rad/volt
(Rc + rﬁ)l\at(l - Km/Kat)
W, = J . Rt = torque motor natural frequency, rad/sec
. Y (St r’M o)

M, = mas;slof spool To-sec?/in.
Other symbo]s are defined in Section 7-2. The quantities w,, w,, and 3o
are obtained {rom[Figs. 7-6, 7-7, and 7-8 by interpreting K,./K, as Kl Ko
Because stabilitv depends on the load dyramics, there is the question
of what partxculdr load condition to assume. The most common load is
incrtia, so that

- P.D, =Js%0, (1-53)
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The valve-motor transfer function for this condition is

K,
A D
E—IE = 2 ‘::5 (7-54)
x, S Z
! s(—2 + =25+ I)
(), (OFY
20 K.J s e
where =% = — (1-55)
), D’
Torque motor and
valve dynamics Motor-load dynamics

! x P a6
el |2 (5,“)(2 z_fsosﬂ)ff— r _;_s—-—‘{“_—__ r

S
wu_f+wo

L3
g, +1 -AT, AP, T2
“e 0.43rwx 0 - Jis”

k(1 - ) CE

Figure 7-12 Block diagram of a single-stage electrohydraulic servovalve connccted
to a rotary motor with inertia load.

These relations were derived in Section 6-i where symbeols are defined.
Although this load is relatively simple, it does closely resemble the majority
of cases and results in a model simple cnough to yield design criteria.

The equations given define the servovalve and load system and can be
used to form the block diagram of Fig. 7-12. From this figure we see that
a portion of the steady state flow ferce, namely, the third term on the
right of (7-49), results in a positive feedback loop which is inherent in the
combination of servovalve and motor with load. It is well known that
positive feedback loops often present stability problems. The loop gain

function is given by
_Kls(l + -S—)
(@]

GH = 7——— AR — (7-56)
(—5—2+—i‘s+ 1)(%+—‘—%+ 1)(i +1)
Wy 7 \w, ;

\w," W, ! Ny

where K, is the open loop gain constant and has units of seconds. Using
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(7-47), (1-55), and the definition of K, K; can be written

k. = Q83rwKozod, 2Kl = ProlP) ( 2_54 (1-57)
P (Ka— K)DyE L4 KL= Pro/P) w7
Yy
where Kp = (—(243'- ';:‘) = ratio of no load flow force spring rate to net
a”

n)  torque motor spring rate, dimensionless
(7-38)

We must now determine the stability requirements for the loop in ques-
tion.* If numerical values were known, we could apply Routh’s criterion
or make a Nyquist plot to determine stability. However, literal relations
are desirable for design purposes. Unfortunately, such relations cannot
be formulated in a simple manner for this loop without making approx-
imations. In the majority of cases, w, is the lowest break frequency. If
we assume that o, is dominant, (7-56) can be approximated by

—K

GH ~ -;——;EL— D)
e L
w, o,

Applying Routh’s criterion to the chara ‘eristic equation | 4+ GH =0,
we obtain the following condition for st “lity

K, <2 - (1-60)
oy "
Now, combining with (7-57) gives the final result for stability:
: 2 - 2 .
KR(l : %_0) _ 043P, = Pry) K,
! ]

Ka_ Km Ka— Km

Thus the ratio of the flow force spring rate to the net spring rate of the
torque motor must be iess than unity for the combination of single-stage
servovalve and mgtor to be stable. This potential stability probiem is
caused by the preysure effect of the flow force feeding back on the spool
and forming a pofitive feedback loop.

A viscous frictipn load on the motor helps to stabilize the system and
it is of interest tofinclude this effect in the analysis. This requires adding
a term BmSO",\Q he right side of (7-53). Also, as shown in Section 6-1,

. * Jt should be clcar that we are discussing stability of the combination scrvovaive

and motor and not stability of the electrohydraulic servo loop in which these clements
would ultimately be placed. It is, of course. desirable that ciements which form such
a loop Le stable in theraselves.
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addition of B,, will decrease slightly the gain coastant and hydraulic
natural frequency and increase the damping ratio of the motor-load trans-
fer function. Let us assume the principal effect of B,, is to increase the
damping ratio. Hence, we can simply replace 208,/m, by 28,/m, + V, 8,/
28,D,.2 in (7-54), (7-56), and (7-57) (see Section 6-1 for symbol definitionj.
Hence, the criterion for stability will become

Ky <=4 50 =52
' Wy 25¢Dm2 Wy,

which can be combined with (7-57) to yield

‘ p Lo) 1 + B,,[20,0,),

P, 1 — B,,[20,0,J,

Although B,,[28,w,J, is usually small (less than unity), the right side of
(7-63) is always greater than unity. Hence stability is improved with load
friction. Several conclusions can be drawn from this analysis:

s .
2(5). V;)Bm ~{)h(] + _L) (7'62)
20,w,J,

(7-63)

1. Because Py, ~ 0 for many steady-state load conditions, we conclude
from (7-61) and (7-63) that single-stage servovalves should be designed so
that K, is always less than unity. On the other hand, it is desirable that
Ky be large to minimize the torque motor size. Because load viscous
friction and leakage contribute to damping, it is possibie for stability to
result even if K, > 1. Weighing all these iactors, a value of K, ~ 1
probably represents a satisfactory compromise and a recommended design
objective. The reader is referred to the literature [3, 4, 5, 6] for further
discussion of this complex preblem.*

2. Referring to (7-56), we find that if 3, > 1 the dynamics of the valve
itself becomes dominant ard controls stability. Commercial single-stage
servovalves often have dashpots attached to the spool to provide the needed
damping. '

3. Spool valves with underlap have twice the flow force spring rate near
null so that K, should be less than } for stability.

4. Because methods of flow force compensation are not effective at
small valve openings, the criterion given for K, should also be used with
compensated spools.

5. Even though a simple load condition was assumed, many approx-
imations had to be made to arrive at a useful result. With more complex

* McCloy and Martin [6] have made a nonlinear analysis of the single-stage servovalve,
assuming no torque motor dynamics but including load viscous triction. When this
friction is zero, they show (see Fig. 8 of their paper) that small valve strokes requirc
Ky < 1 and large strokes require K, < 0.4 for stability. A linear analysis, not valid
for large signals, yiclds only that K, < 1 for stability.
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Joad dynamics, it would be extremely difficult to predict stability. There-
fore a test with cach load condition would be necessary to establish stability
beyond any doubt. For this reason single-stage servovalves shouid not
be used in systems with changing load dynamics. The advantages of low
cost and simplicity of these servovalves are best utilized in servos which
are produced in quantity. If applications are few in number, a two-stage
servovalve should be used because of its more dependabie stability.

Experimentally. the single-stage valve and motor instability cccurs at the
hydraulic natural frequency ©,. A simple test to determine the pressure
range of stable performance consists of connecting the servovalve to a
motor with specified inertia and raising the supply pressure P, until in-
stability occurs at certain speeds. Instability will first occur in the middle
of the motor speed range where B,, is a minimum. (B, is large at low
speeds due to coulomb friction and is large at high speeds due to viscous
friction; it has a minimum value in between these speed extremes.) Refer-
ring to (7-58) and (7-63), we see that raising P, increases Ky, until instability
occurs; Ky, can be easily obtained experimentally by piotting curves of
valve stroke x, versus input current i with and without the oil pressure
turned on. Substitution of the slopes of these curves into

K,a _ l}j‘v/All oil off _

r= , 1
Az, [Ai] oit on

yields the value of Ky, for the particular supply pressure selected when the
oil is on {4].

The maximum value of GH in (7-59) can be shown to occur at s = jo,
and is less than unity if the criterion in (7-60) is satisfied. Because |[GH| <
1, the feedback portion of the loop in Fig. 7-12 has negligible eflect on
dynamic response and the over-all transfer function of servovalve and
motor with load becomes

A® 'K"%
A = 229 s? m"é s (7-64)
w,, (l)h wo (7)0 w,

The transfer function of the servovalve alone can be defined as

Az, rK,
Ae, T (s)o, + Do + 28/weis + 1]

(7-65)

However, usual practice is to use no load (i.e., Pp, = 0)flow AQ, = K, Ax,
as an output parameter rather than spool position.
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Let us now turn to the static performance. During steady-state opera-
tion the torque generated by the torque motor is consumed by the armature
and flow force springs. Therefore

K,Ai + K(i’-) = 1\(5) +043rw(P, — Pz,  (7-66)
r \ F

Solving for z, and substituting into (7-46) yields

R——1
N P :
& e (6)
0 14 Kk(l _ ﬁ) Admax
P,/ ]
0.5 =
I —— T

04

03
0,
Qo

0.2 S

0.1

0

-1 -08 -06 =04 =02

0 02
PL/PS

Figure 7-13 Plot of pressure-flow curves for a single-stage clectrohydraulic scrvo-
valve with K, = 1.

where Qo = rK,Cow/P[p Aimax/(K, — K,)) =load flow with Kj, =
P; =0 and maximum input current, in.3/sec

Equation 7-67 gives the pressure-flow curves for the single-stage servo-
valve. These curves are plotted in Fig. 7-13 for K}, = 1 and positive input
current. Note that these curves are relatively flat compared with the usual
square root type curves which occur when K = 0. Thus, flow forces
tend to compensate the single-stage servovalve for load pressure variations
so that the valve behaves more nearly like a true flow controi vaive. For
PP, < 0 these curves have a slight positive slope. Differentiating (7-67)
it can be shown that Q,;/Q, reachesa maximum when P, [P, = 1 — (K,)™%
Although the slope of the pressure-flow curves is near zero, this shouid
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not be interpreted as also making the damping ratio 8, zero. The damping
ratio 9, is affected by 00Q,/0P,|, and not by Q,/dPj,, Thus, the
load compensating cffect of the flow force does not alter the motor-load
damping ratio.

Referring to (7-67) and letting P, = 0. we note that the maximum flow
is reduced by a factor (I + Kg) ! when flow forces are present. Because
K, should be about unity, a 509 reduction in flow can be expected.

fowever, the upper limit on X, of urity also imposes an upper limit on
the area gradient of single-stage servovalves. This limit is given by

1/r)K, — K,,
w < LZ_)_:—) (7-68)
0.43P,
for critical center spool valves. A very large commercial torque motor
might have a spring constant of 500 Ib/in. so that a servovalve designed
for system pressurcs to 3000 psi would have an upper limit of

_ 30 __ ~ 0.4 in.?/in.

0.43(3G00)

on the arca gradient. This in turn limits the servovalve flow capacity for
a given stroke.

One other point warrants discussion before leaving the singie-stage
servovalve. The steady state gain characteristic of an ciement is quite
important, especially when the element is placed in a servo loop. Changes
in gain of an clement causes changes in the loop gain and stability and/or
response problems may result. Thus, it is quite essential that gain changes
be minimized (vary less than say 1.5 or 2 to 1). Because ; is often near
zero, the steady state no load gain of the single-stage servovalve is

QL/QO ‘ — 1
Ai/Aimax ngﬂd 1+ KR

(7-69)

If K,, is constant, the gain is relatively constant, which is the case for
uncompensated valve spools. However, K, varies considerably with spcols
having flow force compensation because such compensaticn is not eifective
at small spool displacements. As the compensation becomes eifective ai
larger strokes, K, decreases and causes an increase in the servovalve gain.
This increase in gain can cauvse stability probiems at larger flows. There-
fore, single-stage servovalves with flow force compensation often have an
increasing gain characterisuie.  For this reason, as weil as the additionai
cost involved, flow force compensation is generally ot dosirable.
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7-4 TWO-STAGE ELECTROHYDRAULIC SERVOVALVE WITH
DIRECT FEEDBACK

Two-stage servovalves overcome the disadvantages of limited flow
capacity and instability which are inherent in single-stage servovalves.
Two-stage servovalves with position feedback are most common and have
pressure-flow curves, as illustrated in Fig. 7-1a. Position feedback may,
be achieved in three basic ways: dircct position feedback, as shown in
Fig. 7-14; using a spring to convert position to a force signal which is

.

J‘/ Permanent magnet

Armature mounted on
stiff torsion spring ~

i_— Pole piece

i

|_~- Flapper and nozzles

f )
) Pon Ql
e T
S Y2
= Vi l
=i B )7 Fived upstream
S C 15 | e
P, 'k,
Supply . g Supply
e

Fluid motor with |
displacement Dy,

Figure 7-14 Schematic of a two-stage clectrohydraulic servovalve with divect feed-
back controlling a motor with inertia load.
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fed back to the torque motor, as iltustrated in Fig. 7-17; and by placing
stiff springs at the spool ends that act to center the spool against the
pressure differential caused by the pilot stage. Direct and force feedback
schemes are most widely used for two-stage servovalves and wili be treated
in this and the next section.

A two-stage servovalve with flapper-nozzie pilot stage and direct posi-
tion fecdback is ilfustrated in Fig. 7-14. With a positive current differential
(i.e., iy > iy) the flapper deficcts to the left, increasiny the piot pressure
Py, (P, simultanzousiy decreases), which in turn causes the spool to mave
to the lelt. Spool motion ceases when the flapper is again centered between
the nozzles. Thus, the main spool vaive tollows tic pilot flapper valve
directly because the spool carries the nozzles of the flapper vaive. The
purpose of this section is to discuss the static and dynamic characteristics
of this type of servovalve and indicate desizn principles whea possible.

~ Let us assume that a linearized analysis about the operating point where
both flapper and spocl valve load pressure differences (ie., P, , and P,)
are zero gives meaningful results. This assumption is supportzd by a
substantial amount of experimental evidence. The basic equations re-
quired in this analysis have been derived in other sections so that we nesd
only collect arnd arrange them. Let us assume a four-way critical center
spool valve with a lincar area gradient so that the foliowing relations
derived in Section 5-3 are applicable: The load flow is given by

s

,

e
0, = cdth,[l(;g — F PL)] (1-70)
p

(2

Assuming no net damping length, no flow force compensation, and that
the reaction of the nozzie fiow forces (F, — F,) on the spcol can be
neglected, spool forces consist only of mass and steady state flow torce
so that

d:
d;" + 0.43w(P, — P, (7-11)

PA, =M,

where P, = Py, — P,, = pilot (flapper) valve load pressure, psi
P,,, P,, = pilot valve line pressures, psi
A, = end area of spool, in.?
M, = mass of spool, lb-sec?/in.
Lincarizing about P, = 0 and Laplace transforming yields

A, AP, = M,s* Az, + 0.43wP, Az, — 0.43wr AP, (7-72)

From Fig. 7-14 it is apparent that the spool valve acts as a piston load
on the flapper valve. Flow forces on the spool will result in a spring type

P
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of load in addition to spool inertia. The transfer function for such a
valve-piston combination was derived in Section 6-2 as (6-41). Thus we
can write directly that

KUP
%= @y (7-73)
= O : .
e (—‘—+1)(—”—;+‘—‘5’*2s+1)
Wy Wyy Wiy

where z, = z, — , = variation in flapper clearance about the null value

of x4, in.
284" : .
w,, = | ———F = hydraulic natural frequency of pilot stage,* rad/sec
VUDMU
Oy = —aﬂ'ﬁé‘—gﬁ'{—l’ = damping ratio of pilot stage, dimensionless
~e

Wy = (M;’i(—'i’ = break frequency due to flow force on spool,
4, rad/sec
V,, = contained volume at each end of spool, in.?
K,, = flow gain of pilot (flapper) lve, in.?/sec/in.
K., = flow-pressure coefficient of yilot valve, in.3/sec/psi
Let us now establish the torque motor ecuations. The torque motor
analysis which resulted in (7-40) did not include any forces duc to flow

impingement on the armature (flapper) but did include inertia and
torsion spring forces. The force on the flapper due to flow impingement

* Neglecting fluid mass sometimes causes considerable error in compuisd hydraulic
natural frequencics. This is especially so in servovalves because the fiuid mass is often
larger than the spool mass. It should be apparent that the pressures P, and #3, in
Figs. 7-14 and 7-17 are generated at the nozzles. These pressures mast accelerate (2) the
mass of fluid in the lines connecting the nozzies to the spool ends, (b) the totai mass of
fluid in both spoow end chambers p¥;, and (c) the mass of the spool A.. The connecting
lines may be comjosed of line segments with differing cross-sectionai areas and velumes.
Let a typical linefsegment have an arca of A, and a voiume of V.. The total mass can
be shown to be : '

‘ C Mi=M,+ Vit ipv‘(-';-")’
{=1 3

where n is the humber of line segments, p is the fluid mass density, and A4, is the spool
end area. Because 4, is quite small compared with A,, it is clear that the refiected n:ass
of the fluid in a line segment, that is, p¥(4./.4,), can be substanuial. The fluid mass
has been omitted from equations in this chapier t0 simplify the presentation. However,
M, rather than M, should be used in computing the hydrauiic naturai fieGuency e
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was derived as (5-134). Therefore,
Fy— F,= AP, —- (S”Czuzpaxjo)(x/ - %,) (7-74)

where z, is included because the nozzles move with the'spool. These three
force terms can be included in (7-40) by considering the load on the torque
motor armature to be

Ty, = rAyPp, + r@@nCy* Py, (7-75)

and redefining the armature spring rate to aiso include the negative spring
rate due to flow impingement; that is,

K, = K, — r}(8«C,2 Px;) (7-76)

where K, is the cffective armature spring rate. Thus the mechanical spring
rate is decreased slightly due to flow forces on the flapper. Therefore,
the torque motor is described by

1 s
Kot "_—K_(l * (T)T"
Ka,(l - ;—) o
0= 2 ‘ (1-17)
s 228
(— + 1)(4-2+—-9s+ 1)
W, We Oy

wD,?

where Ay = = nozzle area, in.?

x4, = clearance between flapper and nozzle at null, in.

K
W, =,\/ J“ = natural frequency of armature, rad/sec
. -

r = working radius of torque motor, in.

_ 2K
(Rc + rp)Kae(l - Km/Kae)

The quantities K,, u, R,, r,, Ko, K, ,, and J, are as defined in Section 7-2.
The quantities w,, ,, and d, are found from Figs. 7-6, 7-7, and 7-8 by
using K,,/K,, for K, /K.

The final equations required are those that describe the hydraulic motor
and load. These relations are needed to establish P in the flow force
terms. Let us assume simple inertia load so that

K, == gain constant, rad/volt

P.D,, = Js%, (7-78)
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and the valve-motor transfer function, derived in Section 6-1, becores

K,
A, D,.
A L. - >3 7-19)
z, s(_s__z 4+ s 1)
Wy, Wy,
28.D, 2 a |
where w, =A/ —;—j‘— = hydraulic natural frequency of load, rad/sec
0
KJ
= EL;LD—:}—‘ = damping ratio, dimensionless

'K, = flow gain of spool valve, ir.?/sec/in.
K, = flow-pressure coeflicient of spool valve, in.%/sec/psi
Other symbols are defined in Section 6-1.

Servovalve Block Diagram and Analysis

Equations 7-72, 7-73, 7-77, 7-78, 7-79 and the fact that x, = rf éan be
combined to form the block diagram in Fig. 7-15. Note that two feedback
loops are involved, and these are due to sponl position feedback and to
pressurc feedback on the flapper. Because ei ier loop could pose stability
problems, both loops require design attention. Because these loops-cstab-
lish servovalve dynamic performance, fet us examine the stability of these
loops and determine parameter relationships useful in design.

The principal loop is the spool positioning loop witi direct feedback.
Because o, is usually small, the loop gain function, (7-73), can be approx-
imated by ‘ :

\

A,
G\(s) = 7 : (7-80)
~ s 20,
s + =225+ 1)
Wpyp Wyp /
Applying Routh’s criferion to this loop, we find that it is stable if
T
2 L 20y, ' (7-81)
Wy p

K, : o "
where K, = 7;—" =! open loop gain (or velocity) constant, sec™ (7-82)
v
The Bode diagram of Gy(s) is sketched in Fig. 7-16, and w2 sce that the
asymptotic crossoyerfrequency is equal to the velocity constant, that is,

-

o
>,
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w, ~ K,,. We also note that o, must be considerably less than a, , when
d,, is small, to prevent the resonant peak from reaching unity gain level
and the subsequent instability that would occur. Thus stability requires

that
[{
De <28, (7-83)

Wyp

Because 8,, is on the order of 0.1 for typical cases, the crossover frequenty

Log
scale

|G1Gw)|

\/K"P

Log scale

w
rad/sec

-3

Figure 7-16 Bode diagram of spool positioning loop in a direct feedback two-stage
scrvovalve.

is limited to about 20% of the hydraulic natural frequency of the pilot
stage w,,.

The other loop shown in Fig. 7-15 is the result of the hydraulic pressure
feeding back onto the flapper of the torque motor. This feedback loop
is undesirable in a direct position feedback servovalve for at least three
reasons:

1. Because the loop gain depends on flow induced forces which are not
easily predicted and controlled in design, instabilities could result in some
servovalve applications.
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2. This pressure feedback loup has no proven benefits which outweigh
the stability problem. This loop should not be confused with the toop
formed when load pressure difterence is used as an intentionaily designed
feedback. uF

3. Such a feedback ioop, if it plays some dominant role, limits the
dynamic response of the servovalve. In general, feedback around any
element reduces its response compared with its open loop response.

Therefore it is desirable that design criteria be established to ensure that
this loop will be stable and will huve negligible influence on servovaive
response. This result may be achieved by requiring that the loop gain
function be less than unity. Let us now determine this loop gain function
and its maximum value. As we shall see, the algebraic complexity is such
that many approximations must be made to yield a useful result.

Because the closed loop response of the position locp is a block in the
pressure feedback loop, see Fig. 7-15, we must first obtain this transfer
function. The closed loop response is

Az, _ Gy(s)
Az, 14 Gys)

(7-84)

The characteristic equation 1 + Gy(s) = 0 is a cubic and difficult to
factor. However, it is shown in Section 8-2 that approximate factors con-
sist of a lag at the crossover frequency . and a quadratic at the frequency
w,, Because w, ~ K,,, with approximate factors (7-84) becomes

Az, !
Az,

" (7-85)
, (2(5&9_53

w !

(s +1) " s 4 |

vp W), w

\

ip

Let us-now determine the transfer from Az, to AP, in Fig. 7-I5.

Assuming that J0.43wP,/ M-v > w,, M, can be neglected. Now, because
KK, = 2P [z, and 20,/0, = KJ,/D,? the two paths from Ax, can be

-added to give

2

A 0.43WP_,(_;_; 24, s+ 1
PLg _ A,, @y (OFY

Az,

2 9
(—S-—-+:—’s—"s+1)

(7-86)

0! o, .

Assuming the lead at o, effectively cancels the lag at e, and neglecting
the high frequency break at w,, in (7-85), the open loop gaia function of

£

-

o,

it

el

<
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the pressure feedback loop is approximately given by

N _ AP,
r’(BWC,,; P, + rzA‘\. _—X L
[ 2:',‘

Km' - Knr
s s Wy )
(K44H + :+Q

2
. g g

Gy(s)Hy(s) ~ (7-87)

This loop gain function is quite compticated in spite of the many approx-
imations made, and therefore it would be difficult to control the stability
of this loop by design. Abcut the best that caa be doue is to restrict the
maximum value of |G.H,] to be less than unity. In this manner the pressure
feedback loop can be rendered ineffective for any purpose. If &, is large
enough to minimize the resonant peak at wg, the maximum value of |G, H,
is approximately
r’(8wC, P, + (Ay[AX0.43rwP)

K.,.— K
If this value is restricted well below unity, the Nyquist diagram is confined
to the unit circle and stability is achieved. Now, by definiticn
2 2 :
r’(8nC,, P
Kp, = at _'il_s_.f") (7-89)
Ya T Km
which is the ratio of the negative spring rate due to flapper flow lorces
¢ to the net spring rate of the torque motor. Combining with (7-76) yielas
,  the stability criterion for the pressurc feedback loop.

KRI + (AA\'/AI:)K

|G H 3lmax ~ (7-85)

m

" {GoHslmax = £ < (7-90)
v = KR.I :
where, K, is defined by (7-58). In practice, Ay/A, is usuatly:-very small su
i that (4 /A,)K, is often ncgligible. In this event the criterion simply states
Y that K, < 3. It should be emphasized again that rigor has teen sacrificed
i to arrive at ajuseful result. This criterion is probubly conservative because
i most approxmations made were conservative. '
i‘ Assuming|that (7-90) is satisfied by design. we can negiect the pressure
2 feedback pdth 'in Fig. 7-15. and the over-all dynamic response of the
5 servovalve ecomes v
80 _\ . KK, :
Ae, | ‘ (25 _K, -l
( s )( st 28, )( s ) st T e
Sl + s} (- )| s e s
d Oy Wy Wo ) va Oy hp -

!
3
3
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where AQ, = K, Ar, is the no load (i.c., Py, = 0) flow. 1t is apparent that
the servovalve transfer function is quite complex because the dencminatoi
is eighth order. Howcver, not all of the factors contribute materially to
the servovalve response. Usually, K, is lowest and ¢, is highest of the
break frequencies involved. Often, w, is large and may be neglecied.
Thus, an approximate transfer function for a direct feedback two-stage
servovalve is

AQL A~ I'K‘)K,, (7_9))
Aeg /.__s_+ ])(_S_l_.{_g%g,*_ 1‘\| )
(K“, VAVTYC R ON ’ J

This expression provides a description of servovalve dvnamics that is use-
ful in the design of electrohydraulic servos. Because K, is sometimces less
than w,, a simple lag at K,, is often used to describe the servovalve;
however, this approximation is justified only in cases where the servovalve
is much faster than other elements so that a crude description of servo-
valve dynamics is satisfactory.

For stcady state operation z, ~ z, and spool position is related to dif-
ferential current by

rK, ) . :
x, = | —— ) Ai 7-93
.= P (7-93)
which can be combined with Equation 7-70 to yield
C,,er,Ai[l ( x, )T”
= F———|-|F, — P 7-94
17 K.— K, Lp\ * |z L) | (7-94)

This is the equation of the pressure-flow curves illustrated in Fig. 7-la.

From the servovalve analysis just completed it is possible to establish
guidelines for design. Servovalve design must begin with given require-
ments for flow capacity and pressure range. Then, in sizing the servovalve
parameters, it is probably best to start with the spool and work back to
the torque motor. This procedure is repeated until a compatible set of
parameter values is cbtained.

Assuming a value for the valve stroke, which may have to be altered
later, we can deterimine the area gradient and major dimensions of the spool
as outlined in Section 3-8. Next comes design of the spool positioning
loop which is relatively straightforward. From a rough layout of the
servovzlve, values for spool mass 3, and contained volume ¥V, can be
obtained to compute the natural frequency @, 4 The crossover frequency
is then seiected to be perhaps 109 of w,, to allow suificiznt stability
margin. It is usually quite easy to get crossover frequencies in excess of
100 cps for direct feedback servovalves because w,, is usually in excess of
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1000 cps. With o, thus established, K., is also determined because K, ~
w,. With K, now known and selcmng a suitable valuce for the spool
actuation arca A,, we may use (7-82) to determine the reauir\d flow gain
of the pilot (flapper in this casc) valve. Usually sonic 1uuvlm0 of the values
for A, and K, is required to yield a jet nozzle diameter that is not so sinall
that it will cause clogging problems nor so large that it will result in a large
quiescent flow loss. Once the nozzle diameter is established, then well-
known rules discussed in Section 5-9 can be appiied to determine flapper
clearance and upstream orifice diameter.

The criterion given by (7-90) assures that servovalve performance is
independent of load and of flow forces on the spool. This criterion can
be used as an aid in selecting torque motor stiffness values. It was shown

_ that the net torque motor spring rate should be at least twice the spring
- rate due to flow striking the flapper, that is, (K, — K,) > 2r’(8#C, 2 P x,),

to insure stability of the pressure feedback loop. This establishes a mini-
mum for (K, — K,,) because z,, P,, and r are determined from other
considerations. At the other extreme K, should be large enough so that
the torque motor resenance w,, is not so low as to limit servovalve band-
width. However, if K,, is too large, torque motor size and elbctrical power
requirements become undesirable.# Some weighing of these factors and
the desired stroke, making sure that (7-90) is adequately satisfied, are
required to arrive at a satisfactory v .ue for K. Once K, is established,
K., is selected so that the static curve of the torque motor is reasoniably
linear because the torque motor appears open loop in direct feedback
servovalves. The entire design process is now repeated, if necessary, to
obtain final parameter values. :

In summary, an analysis of direct feedback two stage servovalves has
been given. The analysis included flow forces on the spool and pressure
feedback to the torque motor flapper, and two main feedback loops were

identified: the principal position feedback loop and a pressure feedback

loop. Potential stability problems make the pressure feedback loop un-
desirable. Criteria for servovalve design were developed, and a design
procedure wap suggested. )

7.5 TWO-STAGE ELECTROHYDRAULIC SERVOVALVE WITH
FORCE| FEEDBACK

As desé\i ed in the introductory paragraphs of Section 7-4. another
common method of obtaining spool position feedback is to use a feedback
spring that connects between spool and flapper to provide a force balance.
Referring to Fig. 7-17, a positive current difference (i.¢., i > iy} causes a
torque on the flapper which moves it to the left, increasing pressure 5,

1 umeae ! ae nI e o
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and decreasing £ ,,. The spocl then moves to the right and continucs to
move until the torque on the flapper (armature) due to the feedbeck spring
palances the torque due to the input current. At this point the flapper is
approximately centered between the nozzles, but the spool has taken a
new position directly proportional to the input current.

This type

of servovalve will now be anaiyzed to determine static and

dynamic performance and dusign criteria. This discussion will be some-

( . - . . . .

2087 what abbreviated because many points applicable here were discussed in
detail in Section 7-4. Let us now colicct

the appropriate equations and

~
— 1)/ Permanent magnet
N P Pole piece
Armature mounted on
,-D —T weak torsion spring
) [
Flapper and nozzles
P /( app! V) 5

Leaf type

— feedback
i spring

'

P,
Supply

Fluid motor with

displacement Dy,

Spoot

Fixed upstream

[~ orifice
pem————
=

-

Figure 7-17 Schematic of a two-stage electrohydraulic servovalve with force feedback
controlling a motor with inertia load.
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construct the block diagram of the servovalve. Equation 7-21 describes
the voltage drops around the coil circuits and can be written

pe, = WR. + r,,)(l + f—) Ai + K,s0 (7-95)
w,
R ) . o
where o, = (__c_____+ r')ls the armature circuit break frequency.

-

c

Referring to Fig. 7-17, the total deflection of the cantilevered feedback
spring at its free end is [(r + 5)0 + z.]. Now. by combining th: torques
defined in Equations 5-134 and 7-31 with that due to the feedback spring, the
armature torque equation becomes

K Ai=U,s*0 + K,,0 + rPrAy + (r - D) K[(r + 6)0 +.7]  (7-96)
where symbols not previously defined are:

K,,= K, — K, — r3(8~C,* Px,) = net spring rate, in.-Ib/rad
z, = rf = flapper displacement from null. in.

K, = -3—%[- = spring constant of the cantilevcred feedback spring at
the free (1.e., pool) end, Ib/in.

The transfer function of the flapper valve controlling the spoo! is given
by (7-73). Neglecting the flow force on the spool, w, — 0, and this equa-
tion reduces to .

Ko
\ 2% SN (1-97)
' Ty s(.s_ + &l’ s + 1)

2
Why Wyp

These eqpations can now be combined to form the block diagram in Fig.
7-18. A{in the case with direct feedback, two muin feedback paths can
be identified. The principal loop is the spool positioning loop which is
formed By the force feedback through the spring connection between the
spool and the flapper. The other loop is due to pressure icedback on the
flapper ¢nd is of secondary importance. '
The\spool position loop is a Type | servo loop and has a velocity con-
stant of: :
K, = r(r + BK,K,, ‘
AfKo, + KA + b))

rad/sec (7-98)
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To maximize this gain constant, these servovalves are usually designad so
that K, = 0; that is,
Ko = Ko + r*(8nCy? Pz ,g) {7-99)

Thus the mechanical spring rate on the torque motor armature just balances
the negative spring rates due to magnetics and to flow forces on the flappar.
Therefore, the torque motor by 1tself is just on the borderline of static
stability. However, K, becomes the major spring rate when the torque
motor is installed in the servovalve and static stability is assured. With
this design criterion, (7-98) reduces to

-
Ky = (" )~“’ 7.100)
! \r+b A, (7+i59)

The dimension 6 is dictated by the feedback spring design bui shonld be
kept short to maximize gain. The maximum value of K., s limited by
stability considerations to less than about 2027 of the Inwest naturai
frequency in the loop. Referring to Fig. 7-18, two such natural frequencics
occur in the force feedback loop. Although not readily apparent, the inner
loop containing the torque motor dynamics has a cubic churacteristic
equation which has a quadratic factor at around the fregueacy

K K 2718
Oy = [‘__ + Jf——_(’ + b)J (7-101)

The other natural frequency is o, »- Because o, is nearly always the lower
of these two frequencies, the stability criterion for the force feedback loop
be°°m°§f,‘ﬁ K, <020, (7-102)
With a\mple‘.margin, this relation may be used for design purposes.

As pointed out in Section 7-4, the pressure feedback loop serves no
useful purpose but could be the source of stability problems. This loop
can be rendered ineflective by keeping the open loop gain helow unity at
all frequencies. Assuming a rotary motor with inertia load, (7-86) approx-
imately describes the feedback connection between Az, and AP, in Fig.
7-18. The maximum gain for this portion of the loop is 0.43wP /4, and
the maximum value for the remainder of the loop is rdy/(r + b)K,. The
product of these quantities is the approximate maximum value for the open
loop gain of the pressure feedback loop and should be less than unity 10
ensure stability. Therefore

A 10430P
(—'——)(—‘ Q43wP, (7-103)
r+b/\A4,) K,

This criterion is usually met with no difficulty.
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Neglecting the pressure feedback loop, the dynamic response of the
force feedback servovalve is approximately given by
2uK,
éﬁ) (Rr + rn)(r + b)K[

b )

of w Winy Oy

(7-104)

@

.Jf’/where the closed loop response of the position loop has been approximated
with a lag at K, and a quadratic at e,,,,. Usual practice is tc use the no
load flow (i.e., AQ, = K, Azx,) as an output parameter rather than Ax,.
Because K, is lowest of the break frequencics in (7-104), the lag at this
frequency dominates servovalve response and is often used as an approx-
imation of servovalve dynamics. '

For steady-state operation x, ~ 0 and spool position is related to dif-
ferential current by K
= ———Aij
(r + b)K,
!

which can be substituted into Equation 7-70 to give the pressure-flow curves
/" illustrated in Fig. 7-la. ‘

)/J—f Design of these servovalves, proceeds as outlined in Section 7-4. Spoo!
' valve dimensions are sized to satisfy load flow and pressure requirements.
The flapper valve gain is determined from (7-100), and the other flapper
valve dimensions follow from Section 5-9. The armature spring rate is
sized in accordance with (7-99); K, should be large enough to satisfy
(7-103) and to keep w,,, high so that K, is not limited to a low vaiue.
However, K, should be small to minimize the input current required for
full stroke and to minimize torque motor size. In accordance with'(7-105),
K, must be large enough to obtain the desired spool stroke. The spool
stroke should be as large as is practical to improve resoluticn and siiting
performance and to reduce over-all servovalve size. This is morc possible
with force feedbagk servovalves because torque motor linearity is not as
critical since the afmature operates about its neutral position. This is the
basic advantage of the force feedback arrangement. The major disadvan-
tage is that the t¢rqlie motor dynamics appear inside the spool position
loop and, consequently, limit the dynamic response of the servovalve.

This disadvahﬁ > is more acute with valves of higher flow capacity.

(7-105)

Ty

_7-6 SPECIFICATION, SELECTION, AND USF. OF SERVGVALYES .

Servovalves convert electric signals into a hydraulic output which con-
trols the acceleration, velocity, and position of an actuator. Because
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servovalves occupy a unique position at the electric-hydraulic interface of
systems and require some knowledge of both areas to understand their
, operation, they are often the focal point of attention in servo design and
e - development and are often blamed when system troubles occur. This has
resulted in an extraordinarily long list of parameters which specify servo-
valve performance and the recommendation of standards by subcommit- o
tees of SAE and of AIEE.* When compared with other hydraulic coni- /. f
ponents, the specification of servovaive performance is way overdong. -
However, there are some fundamental static and dynamic performance
characteristics which are useful to both designer and user in selecting and
evaluating servovalves.
ervovalves are rated by the load flow (Q,), called rated flow and desig-

‘ nated Qp, obtainable with maximum input current and at a given valve
i pressuredrop P, = P, — P,. A valve drop of 1000 psi is virtually standard
and stems from the fact that maximum power transfer to the load occurs
‘ with this valve drop when the supply pressure (P,) is 3000 psi. Although
i servovalves are rated at 1000 psi drop, the flow at other valve drops can
f be computed from Q R\”’P,,/ 1000 for the usual servovalve with square-root
type pressure-flow curves. . :
" The pressure-flow curves, illustrated in Fig. 7-19a, completely dcfine the
static performance of a servovalve but are troublesome to measure and are
, difficult to read near null, where most operation occurs. These curves are
mainly useful in determining servovalve type (see Fig. 7-1) and in sizing
the servovalve to match load flow and load pressure requirements, The
principal method of sizing a servovalve is to select a valve with a flow
rating large enough that the curve for Aipay in Fig. 7-19a encompasses
all load flow and load pressure points expected in the system duty cycie,
making sure that P, < 3P,. This ensures that all loads are within the
servovalve range but may require full current with the associated system
error. If loads must be handled with less static error, then load points
should be confined within a curve for less current. The servovalve flow
rating can also be used as a basis for selection by choosing a rating such
that QR\/P@/IOOO is greater than the desired load flow at all valve drops,
making sure that P;, < 2P, as explained in Scction 8-1.

The flow gain curve (Fig. 7-19b) is a plot of load flow (Q) versus input
current (Ai) for a given pressure drop, usually 1000 psi, across the servo-
valve. It is desirable that the flow gain be measured by continuously
plotting the variables on an z-y recorder with input current going through

* Servovalve: terminology and specification standards have also becn proposed by
- manufacturers such as Moog Servocontrols, Inc.. East Aurora, New York and Vickers,
Inc., Detroit, Michigan, and are available from these companies.
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a complete cycle between the extreme plus and minus values. The flow
gain is useful because it indicates static hysteresis width, linearity, sym-
metry, and most important it shows the type of nuil characteristic. As
illustrated in Fig. 5-2, the gain at null depends on the iit between the spool

A ay

()

Q=0

Py———

Ai

———{-P,

@] @
Figure 7-19 Static parformance curves for a servovalve: (a) pressure-tlow curves;
(b) flow gain curve; (c) pressure sensitivity curve; (d) leakage curve.

and the sleeve-at feutral. A critical center valve is usually desirable, as
discussed in Secfgns 5-1 and 5-8. because of its linear gain. The gain of
the flow curve at ntill is also an indicator of qualiry of manufacture because

it reveals the calibration of spooi and siceve.

The pressure sensitivity curve (Fig. 7-19¢) is obtained by blocking the
load lines and measuring the load pressure as the servovalve is stroked
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through a complete current cycle for a particular supply pressurc (usually
1000 psi). This curve should have a steep slope and snap to saturation in
a small portion of full stroke current. A large pressurc sensitivity is
desirable, especially to overcome stiction loads and constant loads with
minimum error. A low pressure sensitivity indicates large center flow,
poor valve at fit neutral, und may result inslow, sluggish servo performance.
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Figure 7-20  Frequency response cf servovalve from input current 10 no lcad flow
output.

The leakuge curve (Fig. 7-19d) is a plot of flow to (or from) the servo-
valve with load lines blocked and current cycled over the full range. For
a lwo-stage scrvovalve, the leakage flow consists of the pilot or first stage
valve leakage flow @, and the spool leakage flow Q,. As pointed out in
Section 5-3, the ratio Q,/P, can be used as the flow-pressure coeflicient for
the spool. The total leakage fiow should only be a few percent of rated
flow except on small servovalves where a higher proportion is to be ex-
pected. Large nuli leakage results from a poor valve fit or from valve
wear and causes low pressure sensiiivity, excess fiow drain on the hydraulic
supply, and unnecessary standby power loss. The center flow Q. is prob-
ably the best indicator of valve wear and can be used to signal a worn out
servovalve.

The dyramic characteristics of servovalves arc usuaily specified by giving
the frequency response trom input current o the flow supplied to a test
actuator (Fig. 7-26). The flow is obtained by measuring actuator velocity
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and multiplying by area; hence this flow is actuaily the ideai flow (or ne
1oad flow) to the actuator. The dynamics of the actuator, specifically the
resonant frequency m,, and connecting lines must be higher than that of
the servovalve for the data obtained to he valid. The frequency at which
the phase shift is —90° is wally tuken as the servovaive bundwidih.
Bandwidth is a measure of the servovalve speed of response. It is weil
known that servos are limited by the lowest natural frequency that occurs
in the loop. Usually the motor-load natural frequency o is fowest and
is the limiting factor on over-ail serve response. There is ao justifiable
reason, except perhaps in some special application, for the servovalve
bandwidth being low enough to iimit servo performance. Hence, the servo-
valve should be sclecied 1o have a bandvidth greater than other natural
frequencies in the loop. However, a very large servovalve bandwidth may
allow clectric noise and dither signals to be transmitted to the load. Hence, .
it is desirable that the servovalve be fast enough net to limit servo response
but slow cnough to attenuate unwanted high frequency signals.

Parameters which define servovalve threshold and null shift with tem-
perature and pressure are often useful in establishing servo error due to
these effecte. However, these parameters are usually specified with a singie
numerical parameter rather than a curve.

Servovalves have hvsteresis in the flow gain curve because of the mag-
netic paths in the torque motor. Width .. the nysteresis loop varies
directly with input signal amplitude, and it is usually expressed as a per-
centage of full stroke current, for example, 429%. However, the same
percentage would approximately apply to smaller input signais as well.
Because width of the loop shrinks as the input signal decreascs, hysteresis
does not cause problems in most servo systems. However, all servovalves
have a certain amount of backlash in which the loop width is a constant.
This backlash, is due to slipping of the mechanical anchorages in the torque
motor, but it is mainly duc to friction between spool and sieeve. This
backlash can be greatly increased if the oil is dirty [7] and may cause
servo system instability.

Dither is often us¢d to improve the performance of scrvovaives. Dither
is a high frequency (scillation which is added to the signal at the servovalve
input. The action of 'dither is to reduce or remove the backlash in a
servovalve. Ditherlis especially eflective in two stage servovalves that have
a spool type pilgt sfage. In these cases, dither provides a source of relative
motion betwcer(xx‘i ot spool and its slecve and, thereby, effectively removes
the backlash due (& friction between these elements. Dither is not effective
in removing the servovalve hysteresis Gue to the magnetic circuit of the
torque motor. Because dither keeps the main spool in motion (at very low
amplitudes), it is also effective in preventing silting because smali particies
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in the fluid at the metering orifices are in agitation and are swept through
as the orifice opens during a portion of the dither cycle,

Neither the frequency nor the waveform of the dither signal seem to be
critical to its action. The dither frequency should be considerably in excess
of the expected signal frequencies and should not coincide with resonances
in the servovalve or in (he actuator and load. Excitation of ihese reson-
ances could cause fatigue failures or saturate the elements involved. There
does not seem to be an upper limit to the dither frequency, but Higher
frequencies would require a larger dither amplitude because of attenuation
in the torque motor. Sine, wriangular, and Squiare waves seem to be cqually
effective as a dither wavcform. The amplitude of the dither should be
large enough so that its peak-to-peak value Just fills the backlash width.
This may amount to 0.000Lin. or so of main spocl motion. The dither.
amplitude should not be so large that it is transmitted to the load by the
servovalve flow. In this event, dither could result In excessive wear or
fatigue failure of hydraulic motors, gears, and other mechanical elements
in the drive system.

There are some practical matiers which require attention in the use of
servovaives. Radial clearance between spool and sleeve may vary from
0.000050 in. (1.25 u) to perhaps 0.0004 in. (10 4). Thus, particles in the
fluid with dimensions in this range can lodge in these clearances and cause
the spool to bind. The friction forces thus generated cause backlash to
appear in the servovalve flow gain curve. which in turn may cause servo
system instability. Contaminants in the fluid can also cause crosive wear
of the orifice metering edges, which increases center flow and shortens
valve life, clogs internal servovalve orifices and lilters, and leads to sihing.
Silting is the buildup of fine particles at the metering ports and is most
noticeable at valve neutral, When the spool is at neutral, silung can seal
the lines to the load so eflectively that line pressures, which are normaily
around P /2, wiil drop to zero due to leakuge, and the system becomes
dead. For these reasons servovalve manufacturcrs recommend at lzast
10 micron filtration of the fluid entering the servovalve. Filtration is more
art than science at the present time, but the care to be taken in this area
cannot be over emphasized and the rewards are long component life and
system reliability.

One further area should be discussed. Occasionally, oscillation problems
arise which arc associated with servovalves and require troubleshootirg.
Limit cycle oscillations are almost always a feedback instability (as opposed
to forced excitation) and, as such, a complete loop having bour forward
and feedback paths is required. An attempt should be made to identify
both of these paths. Generally, the feedback path for thesc oscillations.
assuming that the basic spool positioning leop is stable, is through the
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steady-state flow force on the spool, which in turn reflects back onte the
torque motor armature. The forward path involves the lines connecting
the servovalve to the load and the actuator. When such oscillations occur,
it is usually helpful to make some physical changes in line lengths, mount-
ing manifolds, and/or hydraalic actuators to determine contributors to the
instability. Quite often line resonances are the major path contributor to
oscillations [8. 9].

Another cluc in oscillation problems is the frequency which may be
traceable to some particular element or feedback loop. For example, the
frequency of osciliation may coincide with resonant frequencies of struc-
tural elements internal to the servovalve, one quarter wave length frequency
of connecting lines, the pilot natural frequency m,,, or the motor-load
natural frequency w,. Over-all we should be certain that the instability
is due to the servovalve and load and not to other effects, such 2y an
unstable relief valve in the hydraulic supply, resonances of auxiliary lines,
pump pulsations, or forced vibrations from some source. The commenis
given in Section 10-10 might also prove helpful in this problem.
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Electrohydraulic Servomechanisms

Electrohydraulic servos are capable of performance superior te that of
any other type of servo. Large inertia and torque loads can be handled
with high accuracy and very rapid response. The power portion of these
servos consist of an electrohydraulic servovalve, hydraulic actuator, and
hydraulic power supply. The error portion of the servo loop consists of
feedback transducers which measure the quantity being controlled and
clectronic amplifiers, discriminaters, and compensation networks appro-
priate to furnish a signal to the servovalve to close the locp. Electrohy-
draulic servos derive their flexibility from the electronic porticn and their
power handling ability from the hydraulic portion.

The electronic portion of the loop adds flexibility to the electrohydraulic
servo in many respects. The wide variety of efectrical transducers permit
control of many quantities The versatility of clectronic ampiifiers ailow
gain changes to be made easily and permit use of compensation networks
to correct an unsatisfactory servo loop gain. Such networks consist of
resistors and capacitors which are simpler and much iess susceptibie to
parameter variations compared with equivaleat hydraulic and/or mechan-
ical networks. These correciive networks manipulate the lcop gain and
allow the designer a choice of low frequency (essentially static) performance
characteristics such as steady-state error and compliance due to static
loads. Resistance adders and difference amplificrs permit other quantites
to be fedback in subsidiary (minor) loops to alter dynamic charucterisiics
of particular elements in the over-all loop. A varicty of feedback iruns-
ducers, ease of signal correction, and addition of minor loops make
electrohydraulic servos very versatile and the best choice for many appli-
cations.

Feedback measuring devices having an electrical output can be obtained
to sense almost any physical quantity such as positicn. velocity, acceiera-
tion, force, pressure, temperature, humidity, light intensity, ctc., and elec-
trohydraulic servos may be designed to controi any of ibese quantitics.
Position is probably most often conirciled, and typical position sensing
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devices are synchros, variable reluctance pickups, and potentiometers.
Tachometers and accelerometers are used to obtain velocity and accelera-
tion as electrical signals. Electrical signals proportional to force or pressure
can be obtained from many types of commercial sensors. The waveform of
the clectrical output depends on the particular transducer. Some devices
have an electrical output which varies continuously with the quantity being
measured. This type output is usually referred to as d-c, but the name is not
particularly appropriate because the outpui waveform may have any shupe.
A sccond type of output uses the signal to amplitude moduiate a cirrier
frequency of 60 or 400 cps or sometimes higher. Because the carrier fre-
quency occurs in the output only for d-c inputs signals, the resuit is cailed
suppressed-carrier modulation. This type output, typical of synchros and
many other common transducers, requires a discrimirator to recover the
phase and amplitude information of the signal. A third type of cutput
consists of a pulse train whose amplitudes (or widths) are inoduiated
proportional to the quantity being measured. Hence, the quantity being
measured is sampled at discrete intervals. This type of waveform is found
in systems having digital inputs. Systems using these three types.of elec-
trical signals are referred to as being d-c¢ data, a-c data, and sampled
data, respectively.

Electrohydraulic servos are usually classif=d by the name of the quantity
being controlled. Other design features st -a as type of data in the elec-
tronic section, type of series compensation, quantities fedback in minor
loops, rated horsepower, etc. are also often used for descriptive purposes.

In this chapter we discuss analysis and design of the principal types of
electrohydraulic servos. '

8-1 SUPPLY PRESSURE AND POWER ELEMENT SELECTION

'

In this section we will discuss the factors involved in selecting system
supply pressure and determining the size of servovalve and of hydraulic
actuator for servos.

Supply Pressure Sglection

One of the first stPps in the design of a hydraulic control system operating
from a constant pressure supply is to select the value for the supply pres-
sure. Factors iBQ encing this selection are:

1. Many considerations favor a large supply pressure. Horsepower is
the product of pressure and flow. As supply pressure is increased, less
flow is required to achieve a given horsepower. Smaller pumps, lines,
valves, oil supply, ctc., are then possible. As a result, over-ali weight is
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decreased. Beyond 4000 psi, however, strength considerations dictate an
increasc in weight [1]. Faster response is often possible becanse of smalicr
oil volumes and higher bulk modulus, but these are not major considera-
tions because a low pressure system can be designed with comparable
response.

2. Scveral factors suggest lower supply pressures.  Leakages incicase
with supply pressure and results in higher oil temperatures. As a resuit,
tolerances must be tightened and system cost increased.  Objectionable
noisc also increases with pressure. Componcent life. especially that of
rotary motors with antifriction bearings, decreases substanualiy because
of higher bearing loads.

These considerations have resulted in the use of 500 te 2000 psi for
industrial systems and 3000 to 4000 psi for aircraft systems becauvse of the
weight reduction benefit. In general. lower supply pressures are always
desirable when choice permits because they are more conducive 3 long
component and system life, produce lower leakages which minimize power
loss, need less maintenance, and permit larger contaminants without failure.
Of course, the final choice of supply pressure must be made in conjunction
with the hydraulic actuator sizing to accommodaie expected foads and the
pressure rating of the components involved.

Maximum Power Transfer to Load with a Scrvovalve

It will prove helpful to determine the conditions for maximum power
transfer to the load with a servovalve controlled actuator. For simplicity,
let us assume a critical center valve for which the flow with a posttive spool
displacement has been shown to be

z

0, = Covz| L (P, — P,J)] (8-1)
Lp
The horsepower supplied to the load is then
PN (PN (, _ PLY? ,
hplloml = PLQL = dexv(‘—s) Ps(—l) (l -— :‘1—) (8-2)

P P, P,

which is plotted in Fig. 8-1. The load horsepower is zcro when P, = P,
because no pressure drop remains across the servovalve orifices to yield
a flow to cause actuator motion; the actuator ts stalled. When £ = O no
horsepower is required by the loud. Maximum horscpower occurs between
these extremes and is found by forming a/ip §,(,;,‘,/41P,‘ = O and simplifying
to give the result which is

- Pp=1%P, (8-
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Thus, maximum power is transferred to the load when the pressure across
the loud is two thirds of supply pressure. However, because Py is usually
changing during servo operation, it will be at 3P, only a smali portion of
the operating time. Hence power is usually transferred to the load in a
less opttmum manner. Therefore this relationship is not very useful in
design unless the load is relatively constant over a duty cycle.

However, as a general rule power elements are sized such that P, does
not exceed §P, for the maximum loads normally expected. Although this
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Figure 8-1 Normalized plot of power at load versus load pressure.

rule promotes efficiency by handling the largest expected ioad at the point
of maximum power transfer. this is not the most important reason for the
rule. It should be apparent that as load is increased, P, approaches P,
and the hydraulic actuator tends to stall. Because the pressure drop across
the servovalve approaches zero, the flow gain is decreased and the servo
tends to loose control of the load. Hence, it is desirable to limit P, so
that the flow gain is high enough for the servo to maintain control. If it is
limited to §P,, then the flow gain is reduced to not more than

/ 2
VP, —_-;,P_, =0.577 = 51.7%
\I/Ps

of the no load flow gain. Because servos are usually designed to provide
sufficient control if the loop gain drops by half to ailow margin for gain
changes in components due to tolerances, aging. temperature, loads, etc.,
then the 3P, rule seems adequate and should be disregarded with caution.
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Although it is quite possible that high acceleration rates during rapid
transients may cause P, to exceed 2P, such conditions are usually of
short duration and nced not be taken into account.

Maximum Power Transfer and Efficiency

Combining (8-2) and (8-3), the maximum power that can be transmitted
to the load is

2C,wx

A
hpmax |10aa = —f(——) (8-4)
X |loa \/P 3

and occurs when Py = £P,. The operating efficiency of a servovalve con-
trolled actuator may be stated as

op

— 1P lioag 100 = 2222 100 = Pz 100 (8-5)
hp [gen PO, P

This equation assumes that the hydraulic power supply uses a variable
delivery pump which adjusts its output flow to just mect the required load
flow. Some additional pump flow, of course, would be required to meet
leakage losses. The operating efficiency is zero at no load (for the obvious
reason that no horsepower is required by the load) and increases to 1009,
with a stall load. Because P, /P, is normally limited to %, the maximum
operating efficiency is 67 % for servovalve controlled actuators. The power
gencrated at no load (P, = 0), which is dissipated to heat oil across the
servovalve orifices, may vary widely from zero to P,Qy .. depending on
the flow required to achieve maximum velocity (Qr,.)

If the hydraulic power supply uses a constant displacement pump, the
operating efficiency would be

POy
P3QLmux

which is always less than that with a variable displacement pump. The
power loss at no load and zero actuator velocity is P,Q,, .. Which is
dissipated to heat the fluid across the relief valve and requires the supply
to have an oil cooler.

Although hydraulic power losses must be reckoned with because of
higher oil temperatures, efficiency is not a major consideration in hy-
draulic servo design and operation. A very desirable attribute of a servo
is its ability to hold a given position against disturbing influences. Because
no motion takes place, no work is done and the efficiency of this operation
is zero. It is clear then that factors such as accuracy, response, and coin-
pliance are considerations that outweigh efficiency in importance. This

Nop = x 100 (8-6)
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fact is typical ol control as a discipline. Generally, the power involved in
the process under control is much larger than the power required for
control purposes. Therefore, improvements in eificiency of the process
under control would net greater return in over-all cost reduction.

Selection of Hydraulic Actuater

Two basic considerations govern the size (i.c., piston area or motor
displacement) selected for the power output device of a hydrauiic system:

1. The size should be large enough to handle the loads expected during
a duty cycle. This is often the prime purpose of an actuator and requires
an analysis of typical duty cycles to obtain horsepower and force or torque
load requirements.

2. Closed loop response of a servo is limited by the lowest open loop
resonance (see Section 8-2). Because this is usuaily the motor-load hy-
draulic natural frequency, it must be large enough to permit acceptable
servo response. Hence, the actuator size should be large enough so that
the associated hydraulic natural frequency is adequate. !

Both these factors are important and warrant attention. An actuator
that handles the load but is slow in response will be as unsatisfactory as
one undersized for loads. However, it + also important not to oversize
actuators so that the flow required for maximum velocity is kept to a
minimum. Otherwise, the hydraulic power supply becomes bulky with
large no load power losses. This is the basic disadvantage to sclecting
large size actuators. In some cases where extremely large loads and horsea-
powers are involved, actuator size is chosen mainly to meet the loads, and
response characteristics are secondary. Simultancous r;qmrcmgms for
fast response and high loads are exceptional.

As an example, suppose the output device is a piston. The required
piston area may be found by solving (6-34). Therefore

M((d*x,Jdt®) + B,(dz,|di) + Kz, + F,,
] PL

(8-7)

Analysis of the most stringent duty cycle will give vaiues for maximum
acceleration ‘gnd velocity which may be assumed to occur simultancously
as a first apli‘o cimation. Using the P, value for P, there is adequate
flow gain contrdl and the power required for maximum ioad is transferred
in an optimum manner. If the dynamic specifications for the system are
stringent, the allowable valve position error can be muluplied by the pres-
sure sensitivity of the servovalve to determine a vaiue for £;. If this value
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is used, maximum load would be handled within the specified error. How-
ever, the piston area would be large und would require large flows for
maximum velocity but may be warranted in extreme cases.

Referring to (6-37), we iind that the hydraulic natural frequency for a
servovalve-piston combination is

- (42l

(8-%)
VM, ! (&%

Wy
and must be large enough for adequate dynamiz response. Theoretically,
an analysis of the most demanding input signal and the desired response
will give the significant frequency spectrum which the servo must pass and
establish the required bandwidth frequency. As indicated in Section 8-2,
the required hydrautic natural frequency can be related to the bandwidth
needed. However, as with most other specifications as well, acceptable
natural frequency values usually evolve from experience and/or past per-
formance of particular servo applications. For hydraulic servos which
perform computational functions or which have light loads, the area is
chosen mainly to give a large enough hydraulic naturai frequency.

Special mention of pistons with iong strokes is in order. As discussed
in Section 6-2, the hydrauiic natural frequency varies with stroke and is
usually lowest when the piston is at midstroke for double-acting pistons
and at fuli stroke for single-acting pistons. Care must be taken to ensure
adequate natural frequency with the large contained volumes of oil. if
this frequency is too low, the piston arca should be increased witih the
attendent disadvantage of high oil flow required fur maximuin veloeity,
or a rotary motor might be used in the application with a ball screw or
rack and pinion arrangement used to convert rotary to linear motion.

The two factors mentioned thus far arc by ne meaus the oaly considera-
tions in actuator sizing. When large friction loads arc present it may be
desirable to choose actuator size so that the error required to overcome
friction loads is tolerable; that is, the tolerable error times the pressure
sensitivity of the servovalve produces a pressure drop across the motor
which is sufficient to overcome the stiction load [2]. Other actuato- per-
formance characteristics which might be important are speed range, stiff-
ness, smoothness (i.e., absence of velocity variations at operating speeds),
reliability, life, backlash, pressure rating, and cost.

Gear Ratio Selection

The selection of the displacement of a rotary actuator is made on a

basis similar io that outlined for pistons. However, additional considera-
tions are necessary to establish gear ratios. For example, suppose that
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torque and horscpower loads arc satisfied with a motor displicement of
10 in.3/rev at the final output shait. There are several combinations that
can be used to yield this displacement. A 10 in.%/rev motor could be
directly cotipled to the load. Alternate possibiities are the use of a
5 in.3/rev motor with @ 2:1 gear reduction, a 2 in3/rev motor with a 5:1
gear reduction, a 1 in.*/rev moter reduced 10: 1. etc. The product of motor
displacement and gear ratio is held constant so that the same speed and
torque is delivered to the foad. This provides a realistic basis for com-
parison. Of course, the speeds of the smalicr dispiacement moters are

n:1 gear
reduction
=
Motor = -
=
T :__‘
 /
n=rafr rof— ( L:I)ad
L ‘
-y L ~
— T
=3

Figure 8-2 Motor and single mesh gear train.

proportionally larger to provide the same horsepower and specds at the
load. However, the same flow rate to ecach moter and gear combination
will achieve the same output speed. Under these circumstances, that is.
constant torque at the load, which combination should be sclected?
Scveral considerations favor as direct a drive as possible.

1. The most important reason is that the torque to inertia ratic at the
load is maximum. Thus, maximum load acceleration is achieved with the
least torque. This fact may be demonstrated by assuming a single mesh
gear train as shown in Fig. 8-2 and writing the torque equation at the load.

T, = nT, = (0, + I, + Ty, (8-9)

| .
where T,, = toraye generated at motor, in.-Ib

T, = nT,, |= torque from motor referred to the output, in.-Ib
T, = cgnsjant load torque at output, in.-lb
J,, = indrlia of motor and pinion, in.-lb-sec?

J;, = inertia of driver gear and load, in.-ih-sec?
a;, = acceleration at the load (outpat), rad/sec?
n = gear reduction from motor te output shaf
We are assuming that J, oz, and T are given lcad conditions.
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The torque to inertia ratio at the load is

torque _ T, _ T,J ;.
inertia oad %, 4+ J, n*(J 00, + 1

(8-10)

This funciion must be maximized with respect to gear ratio. However,
this in turn hinges on finding the minimum value for reflected motor
inertia (n*J,) because smaller motors used with larger gear ratios have less
inertia. Empirically, motor inertia is proportional to the 1.5 power of
displacement. Hence, the inertia of a direct coupled motor can be written

Jo|p = kD15 (8-11)

where k is a constant and D is the displacement (10 in.%/rev for the exampie

under discussion). The inertia of a geared motor of displacement D,
would be

Imle = kD’ (8-12)

Because D = nDg; by assumption, we can form the ratio of these inertias
at the load to determine the larger. Therefore,

n’J, e n*k(Djn)** ' )
= =n’ (8-13)
Jm ID kp'®
A sketch of the function »*f shows that the reflected incrtia of the geared
motor is always greater than that of direct drive if n > 1. Thus, we see
that the motor inertia at the load increases faster due to gear ratio than it
is reduced because of smaller motor inertias. Since » is greater than unity
and minimum inertia is desirable, we cun conclude that (8-10) is maximized
and highest acceleration is obtained with as direct a drive as possible. If
the reflected motor inertia is small compared with load inertia, this dis-
tinction becomes academic.

Other factors favoring direct drive are the following:

2. Minimum of backlash since gears arc eliminated. Backlash is most
severe in lag compensated type 1 servos and type 2 servos because of their
tendency toward limit cycle oscillation. Gear backlash will appear outside
the loop and not affect stability if feedback is taken from the motor shaft
rather than from the output shaft.

3. High coupling stiffness is achieved by eliminating the resiliency of the
gear train.

4. Lewer operating speeds promote reliability and long life but require
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motors with good low speed performance, that is, minimum torque and
velocity ripple.

There are many considerations which encourage a geared arrangement:

1. The most important consideration is hydraulic natural frequency that
increases with gearing and is maximum for the largest possibie gear ratio.
As many gear meshes are added, the inertia of the load and driven gear
meshes near the load become progressively negligible when reflected to the
motor. If torque at the load is held constant as a realistic basis for coin-
parison, smaller motors with less inertia can be used as gear ratio is
increased. Hence, in the limit the hydraulic natural frequency would be
that of a small motor with inertia of the first pinion. This wouid be
quite high for small motors because, empirically, natural frequency is
inversely proportional to the 0.25 power of displacement (i.e., j, x(1/D%%).
2. Gear ratios permit higher operating speeds which can improve
smoothness and increase piston pulse frequencies. The piston cycling fre-
quency in rotary motors may coincide with structural modes of vibrations
and cause undcsirable forced oscillations. |
3. Smaller motors are more readily available and are less costly.

In general, some gearing is usually necessary to ensure adequate hy-
draulic natural frequency. Weighing the a .cleration capability of direct
drive and the higher natural frequency capability of geared drive, ihe best
gear ratio is the smallest ratio which will give an adequate hydraulic natural
frequency. However, there is usually a range of gear ratios that will provide
acceptable performance. Some of the other factors mentioned in actuator
selection should be evaluated to arrive at a final choice. The gear train
should be designed for minimum inertia consistent with the power to be
transmitted [3]. :

Servovalve Selection

Electrohydraulic pervovalves are universally rated or sized by the load
flow obtainable at full stroke and with a valve drop of 1000 psi (500 psi
across each orifice lof the common critical center four way spool valve).
The important congiderations in determining servovalve size were discussed
in Sections 7-6.anfl 5-8. Hence, we need only summarize these factors:

1. Asillustrated in Fig. 8-3, the pressure-flow curve for maximum stroke
should encompass all load flow and load pressure peints such that P <
£P,. This assures that adequatc flow and horsepower is delivered to the
hydraulic actuator and is the basic factor in servovaive sizing.
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2. Asexplained in Section 5-8, the flow gain should be reasonably fincar.
This fact makes rectangular ports preferable.

3. The pressure sensitivity should be large. A value of 10° psifin. per
1000 psi of system supply pressure is often specitied. This figure is inde-
pendent of valve size as discussed in Section 5-3.

4. Leakage flow should be limited to a reasonable percentage of rated
flow to prevent unnecessary power loss. .

5. Threshold and null shifts with temperatures and pressures should be
minimum.

v~ Qs max * particular
. operating points

%K

Q : Recommended
L " operating
range
*
0 N e
0 ip, P,
P

Figure 8-3  Pressure-flow curve at maximum valve stroke.

6. The servovalve bandwidth should be higher than the hydraulic natural
frequency of the actuator and load. Otherwise the servovalve dynamics
will limit the response of the servo.

Other factors such as servovalve stability (the servovalve itsell may
oscillate and cause undesirable flow fluctuations), sensitivity to coniami-
nation, dither requirements, electrical power requirements, weight, reli-
ability, and cost may contribute to the final selection.

8-2 ELECTROHYDRAULIC POSITION CONTROL SERVOS

The most common type of electrohydraulic servos are those used for
position control. An analysis of such a servo, omitting any form of
compensation such as minor loops or lag networks, will estabiish signifi-
cant performance criteria and suggest a design procedure. A thorough
understanding of the basic parameters and problems associated with this
type of servo is fundamental to the design of other electrohydraulic servos
as well including those employing compensation schemes and those used
to control other physical quantities.
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Block Diagram of Servo Loop

A simple, uncompensated electrohydraulic rotary position control servo
is illustrated in Fig. 8-4. A pair of synchros is used to measure the error
between input (reference) and output (controlled) shaft positions. These
devices give a suppressed carrier amplitude modulated electrical signal
output whose envelope is proportional to the instantaneous error (3, 41.
The envelope or signal portion of the output is given by

e, = K,sin(0, — 0,) (8-14)

where K, is the output voltage at maximum coupling between rotors and
stators and is a constant which depends on the reference voltage and
transformation ratios between rotors and stators of the synchro units.

Synchro pair

I
Reference Error amplifier
voltage _ and aFr:?:IIieﬁrer
discriminator Servovaive

/f\ n:1 gear
o f/\a reduction
r c
Output T\L
Input (controlled) m i)
(reference) / shaft . fo'rl
shaft L_..__—._________._._._—._.—..._—___._—___J

Figure 8-4 Schematic of an electrohydraulic pocition control serve. Electronic and
hydraulic power supplies are not shown.

To improve system accuracy it is often desirable to introduce gearing
between the synchro shafts and the input and output shafts so that many
revolutions, say 10, of the synchro shafts correspond Lo one revolution of
the input and output shafts. However, the system will seek a false null
when the error at the synchro shafts exceeds 180° (half a revolution)
because the synchro output voltage is a sinusoidal function of error. To
prevent the problem of having false nulls it is necessary to use a coarse
synchro system which is geared to the reference and controlled shafts so
that the coarse synchro error can never exceed 180° and false nulls do rot
occur. For large errors the coarse synchros are in use. When the coarse
error reduces to the point where it corresponds to less than 180° error of
the accurate or fing synchro system from true null, then the fine synchros
may be switched into control. However, in practice it is usually undesirable
to switch to the fine synchros when the fine synchro ervor is about 90”.
This allows some latitude in the switching zone as a hedge against param-
eter vasiations and gives a smooth transition to the fine system because the

e s e s
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fine error at this point is usually large cnough to saturate the system, as
does the coarse error signal. A good rule to follow in synchro gearing and
switching is that the error between the shafts of the synchro pair in control
should be iess than 90° (and must never exceed 180%) from true null under
any conditions. The most stringent conditions causing farge errors are
those associated with start-up when the servo is synciironizing, iarge trans-
fents, and large constant velocity inputs. .

The servo loop gain in fine operation is iigher than in coarse speration
by the speed ratio of the fine to coarse synchros. However, during coarse
operation the servo loop is usually saturated and stability is not a probiem.
For this reason the decreased loop gain during coarse operation need net
be compensated. Thus, for design purposes in establishing gains and tims
constants for stability, it is suflicient to assume the fine synchros are in
control. Because the largest synchro gain occurs for small errors where
sin (6, — 6,) ~ 6, — 0, in radians, the synchro gain can be represented as
a constant X, volts/rad.

Referring to Fig. 8-4, the synchro error signal e, is amplified and fed
to a discriminator which removes the d-c signal portion of the carrier
modulated wave. This d-c signal e, is then amplified in a power amplifier
which provides a differential current A/ to control the servovalve spool
position. In series compensated servos, compensation networks are inserted
between the discriminator and the power amplifier.

The design of amplifiers and discriminators in the electronic portion of
the loop are discussed elsewhere [3]. Because these components have neg-
ligible dynamics compared with the hydromechanical components, they can
be described by their steady-state gain constants. Let the gain of the error
amplifier and discriminator be

e'
== K; volts/volt (8-15)
e

The transfer function from power amplifier input voltage to servovaive
spool position was shown in Chapter 7 to be of the form

I

K, ]
"=(—§—+1)(i+1)(s—2+3‘5~°s+1) +

w, wy Wy"  wy

where X, in./volt is the servovalve and amplifier gain constant The lags
at o, and w, rad/sec stem from the inductive time constant (L/R) of the
torque motor armature and from the crossover frequency of the spool
position loop. The natural frequency wy is due to the spring-mass reson-
ance of the torque motor.
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The remaining element in the loop is the valve-motor combination. The
transfer function of the particular combination can be selected from
Chapter 6, in which these elements are treated in detail. Let us assume
simple inertia load and no structural dynamics so that the power element
is described by (6-15). This case is by far the most common and is often
used as a model in system design. Therefore,

L __Kn(l + -\ T
o = Dn ' D\ 4K, 'n
m= 228 ) ®-17)
(2 i)
wy w,

where T, is the load torque at the output shaft. The !oad inertia must
be properly reflected in computing the hydraulic natural frequency w,.
The motor and load speeds are related by the gear ratio. Thus '
6, 1
—= = 8-18
5. (8-18)
These mathematical descriptions of the elements in the loop can be¢ used
to form the block diagram (Fig. 8-5) of the servo. Stability and other
performance characteristics can be ccmputed from this diagram.

Stability Analysis

Stability is probably the most important performance characteristic of
a servo and often requires some sacrifice in the speed of response. The
design of the loop dynamics is usually centered around the requirements
for stability. Compared with root locus and Nyquist diagrams, the Bode
diagram method of stability analysis is the most useful in hydraulic control
because parameters tend to vary. Because Bode diagrams are sketched
rapidly, stability can be investigated for a wide range of parameter varia-
tions, and this should always be done.

The Bode diagram is a plot of the open loop gain function which, see
Fig. 8-5, is given by ‘

K
A5) = ‘ : — ~ (8-19)
s(—‘—+1)( +1>(—s—2+%s+1)(—s;+-2—6—"s+1)
w, 2 Wy Wy Wy Wy

where K, = K,Kd&q( o/ D,,)(1/n) sec~1 is the open loop gain constant (also
called the velocity ¢dnstant). The free s in the denominator indicates an
integration so that this servo loop is type 1 and has zero position error.
The steady-state error for constant velocity inputs is simply- the inpui
velocity divided by K.
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This loop gain function is very complicated and a simpler expression,
which still retains information essentiial to stabiity, is desirable. Because
servovalves have fast response, the kydraulic natural frequency w, is
usually the lowest break frequency in the loop and dominates dynamic

Log
scale

lAu(jW)I

AN

v

-1 slore
1 wp .
1 we Log scale
Kul26pwp |- — — — w rad/sec \
Klop -—— — — — — —
-3 siope

Figure 8-6 Bode diagram of position control loop.

performance.. Hence the loop gain can be approximated by

A(8) = — l;(s (8-20)
s(—s-z 4+ =25 4 1) ‘
Wy, wy,

This approximation should be valid in all but exceptional cases because
it is difficult to cdnceive of the servovalve being slower than the power
actuator and lgad. In any case, w, should be interpreted as being the
lowest natural uency in the loop.

Figure 8-6 shows the Bode diagram of (8-20). If the resenant peak of
the quadratic rises above unity gain, then the system becomes unstable
because the critical point of the Nyquist diagram would be encircied. From
the gecmetry of the asymptotic diagram, note that the crosscver requency
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is approximately equal to the velocity constant (actually, somewhat higher),
that is,

o, ~ K, ¢-21

The gain level of the asymptotic diagram is K,jw, at the frequency w,.
This level is amplified by the factor 1/26,, which is the amplification factor
of the quadratic, at resonance. Thus, the gain level at the resonant peak
is K,/20,, and must be less than unity for siubility. Hence, the stability
criterion is

K!I ~

— < 24, 8-22)

o,
This result is fundamental to ail hydraulic servo design and can be rigor-
cusly derived by forming the characteristic equation | + A4,(s) = 0, using
(8-20), and applying Routh’s stability criterion. Because damping ratios
of 0.1 and 0.2 are characteristic of systems, the velocity constant is limited
to 20 to 40% of the hydraulic natural frequency. This fact provides a
rule of thumb useful for design purposes. Because K, and o, are approx-
imately equal, this rule also gives the permissibie crossover frequency.

From this stability criterion we note that large velocity constants require

large hydraulic natural frequencies and large damping ratios. Both of
these quantities are fixed once the power element is selected. As discussed
in Section 6-1, w, can be computed with fair confidence but 9, is much
more variable and nebulous. Computed damping ratios are lower than
measured and the following reasons are offered for this:

1. Servovalve underlap and friction forces in the actuator and load act
to increase damping. Internai friction torque in rotary motors contribute
considerable damping especiaily at null (i.e., near zero velocity); however,
this, effect diminishes with velocity increase because a perturbation in
velocity will not cause a reversai in velocity and the associated reversal in
friction torque.

2. The tendency toward pressure saturation, that is, P, approaching P,
increases in the vicinity of resonance for sinusoidal inputs. Hence, the
flow gain decreases and causes the resonant peak to be attenuated. This
gives the impression of higher damping ratios when analyzing test data.

3. Damping ratio is proportional to |z,| (see Section 6-7). Hence, an
increased damping ratio is to be expected at higher velocities of the output
actuator.

This area has not been fully explored and needs study to improve the
prediction of damping ratios. It should be clear, however, that (8-22) has
a sound physical and mathematical basis cven though computed damping
ratios cannot be wholiy relied upon.
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In some applications specifications might require the uncompensated
velocity constant and/or crossover frequency to be near or in excess of @y,
Although claims of servo bandwidths (crossover frequency is a measure of
bandwidth) greater than ), have been made, these must be viewed with
skepticism and such a design objective should be thoroughiy reviewed. It
may well be that a servo might have acceptable response at frequencies
higher than w;, but this is not the same as bandwidth. However, the
following techniques have been or are being used to increase damping and
permit larger ratios of K,/w, to be obtained.

1. A capillary or fixed orifice is placed across the actuator lines. This
leakage path acts to increase damping especially at spool neutral where
it is often lowest. However, such paths decrease static stiffness of the
actuator and contribute to power losses.

2. Feedback of actuator pressure difference in subsidiary loops acts to
increase damping ratio and extend servo bandwidth. This is because P,
tends to become large near resonance and feedback of this quantity will
reduce the gain which reduces the resonant peak. This effect can also be
achieved by using dynamic pressure feedback (DPF) servovalves.

3. Electrical networks, such as antiresonant circuits, having characteris-
tics which cancel or extend the motor-load dynamics, are often considered.
However, the resonant peaks must be closely matched to be effective, and
this is difficult to achieve because the hydraulic damping is low and varies
with temperature and spool valve position. This technique is unreliable
because frequent adjustment would be necessary.

Leakage shorts and pressure feedback are the most common methods.
The third technique must be viewed as an extreme measure because the
added elements reduce reliability and make the servo difficult to adjust
and service. In either case, outstanding results should not be expected.

Response to Reference and Load Torque Inputs

Two important characieristics of servo loops are the closed loop response
to reference inputs, that is. A0, /A, and the compliance due to load
torque inputs, that is, A0./AT,. Closed loop stiffuess, which is the recip-
rocal relation AT, /AU, is often preferred over compliance. Let us com-
pute these characieristics from the simplified block diagram of Fig. 8-7,
which is based on the approximate loop gain function.

The closed loop response is given by

A9, 1

80, 5‘3&(3—‘)34— 25, (5‘3'1) (—S-\\2+ ﬁ'(i) +1

K,\w, K, ‘%‘.'J K

(8-23)
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The denominator of this expression is the system characteristic equation,

which is a cubic. Because this cubic can be represented by a linear and
a quadratic factor, we can write

%%C= v 25 (8-24)
I

W, W, (43308

where w, is the break frequency of the linear factor, w,, is the natural
frequency of the quadratic factor (sometimes calied the closed loop natural

T,
(in.-1b)

Kee ( Vi
nDm? ! +4ﬂcxc¢ s)

Moter and
load dynamics \Gear
_ reduction
+ + 1 ’
8, 6, nK, | — Om 1 (A
rad / rad sGataretd) lrad] 7 rad
—_—
Ay(s) .

Figure 8-7 Simplified block diagram.

4
frequency), and 4, is the damping ratio of the quadratic factor. Normalily,
these quantities can be found only if the cubic has numericai cocfficients
because literal solution is cumbersome. However, we are fortunate in his
case becayse the coefficients of the cubic bear such a relationship to cne
another that, it is possible to solve the cubic and plot the results in 2
normalized manner, as shown in Figs. 8-8, 8-9, and 8-10. Given the open
loop pargmeters K,, w,, and 4, the closed loop parameters w,, w,., and
8, €A obtained from these charts. For low values of 8, and K,/@y,
the fgﬁQ ing approximations, useful in preliminary design calculations,
can be made: w,, ~ w,, w, ~ K,, and 20,, ~ 28, — K,v,. Hence, the
closed loop break frequencies are roughly equai to the hydrauiic natural
frequency and to the crossover frequency. However, exact values can
always be obtained from the cubic soluticn charts.
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Figure 8-8 Normalized plot of real root of cubic characteristic equation.
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The closed loop frequency response function (8-24) is plotted in Fig.
8-11. This curve is a measure of servo response capability. The concept of
bandwidth has been developed in an effort to reduce the meaningful in-
formation in this curve to a single numerical value. Several measures of
bandwidth can be used. These are:

1. The most common measure of bandwidth is the frequency at which
the amplitude ratio falls to 0.707 (3 db down) of its low frequency value.
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Figure 8-10 Plot of damping ratio of quadratic factor of cubic characteristic equation.

~From Fig. 8-11 this occurs approximately at w,. Because Fig. 8-8 shows
that w,/K, is slightly greater than unity and since X, & w,, we can conciude
that this measure of bandwidth (m,) is somewhat greater (perhaps 1.5
times) than the crossover frequency of the loop.

2. Another frequently used measure of bandwidth is the frequency at
which the phase lag is 90°. This frequency will aiso be somewhat larger
than w,.

3. The closed loop natural frequency @, is sometimes used as a band-
width index, but this measure has not found broad acceptance.

From any of these measures we can conclude that system response is
fundamentaily limited by the actuator dynamics, that is, by @, and 0. 1f
a certain system bandwidth is required, one can work back to establish
the needed crossover frequency.
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Figure 8-11 Closed loop frequency response of position coatrol servo.

Another system characteristic often useful is the closed loop compliance.
Using the cubic factors discussed and referring to Fig. §-7, this function
can be written

\
A0, K K*D 2(1 + 45V;< ’
_-—g_ = l"l m 2 L cr N (8-25)
AT, s s 23,
L=l T Es
Wy Wye Cne

Inverting this function and combining with (6-22), the dynamic stiffness is
obtained. Therefore, :

2 2
AT — _KU(;;Dm) ( S + 1)( N - + 267!-: s + I)
) . .
L ce Wy ) Wye (8-:6)

nc

AG,' - ( s )
(% 1 |
20,0,

Because the break freqpencies o, and 24,w, are about the same value (but
both are normally lowpr than @), the factors at these frequencies effec-
tively cancel. Hence, the plot of the closed loop stiffness is as shown in
Fig. 8-12 and is cons} erably higher than the open loop stiffness shown
in Fig. 6-4. The servp loop acts to increase the open loop stiffness by a
factor equal to the.opdn loop gain. Therefore. high loop gains are desirable
for stiffer servos. \: e closed loop stiffness is lowest, see Fig. 8-12, near
resonance where the value is approximately given by

ATy,
Af,

28, K,(mD,)

min K.,

8-27)
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It should be apparent that the output shaft deflection due to a jvad
torque represents a position error in the servo loop.  Therefore, it is
important to compute the closed loop stiffness and determine this error
for expected loads. If the stiffness must be improved over that of the
simple uncompensated loop discussed thus far, perhaps lag compensation

in the loop or velocity feedback in a minor loop should be incorporated.
¢ ‘

i Log scale . +2 slzpe

: ,_ﬂ

: A6.

F in.~ib/rad

ik 5

[y

P Log scaie
ne w rad/sec

Figure 8-12  Closed loop stiffness of position control servo.

These techniques will be the subject of the next two sections. However, it
often happens that structural stiffnesses of drive members such as gears,
shafts, motor mountings, etc. are less than that of the servo. In suci, cases
Eld

improving servo stiffness will not increase over-al! stiffness. Structural
improvements arc then necessary.

e VRN LS VAR (L A o Y o ey Sy A Vg R

8-3 LAG COMPENSATED ELECTRGHYDRAULIC POSITION
CONTROL SERVOS

RS

P

Lag compensation is often used in electrohydraulic servos to boost low
: frequency gain and still retain stabiiity. The netwerk shown in Fig. §-13
: is inserted in the d-c signal portion of the loop between the discriminator
and the power amplifier driving the servovalve. Because o (1ae lag to lead
ratio) is greater than unity, that is, rhe lag time constant is lasger, the
¢ network has a net lagging phase and for this reason is called a lag network

' or lag-lead netsvork. With the lag network time constants properly chosen,
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the uncompensated Bode diagram of Fig. 8-6 can be aitered to the com-
pensated diagram of Fig. 8-14. Now it is weli known that desirable servo
performance results only when the loop gain is greater than unity. Note
that the arca under the curve where [4j > U is much greater for the
compensated servo. Hence, better performance should be expected. In
particular, the advantages of lag com-

pensation fcsult from the increased low (a-1)R

frequency (i.e., below crossover frequency)

& v

gain and are: T T

1. Steady-state error is decreased by a ¢ R P
factor of 1/« for constant velocity inputs } c
because the velocity constant is increased  § T
by «. This is the major reason for using  “ °
lag compensation. o 1tsfon

2. Control accuracy is improved in the  _f 1A (o ores

! Y P wre = 1/RC = lead break frequency

frequency range below crossover. a = lag to lead ratio

3. Steady-st.at‘e a'?d. low frequency Figure 8-13 Single stage lag com-
closed loop stiffness is increased. pensation network. i

The closed loop response and bandwidth .
are not improved and in fact are reduced slightly. Hence, lag compensa-
tion offers improvements in low frequency ac 'racy and stiffness but not
in response. Other disadvantages of lag compensation will be discussed
later in this section. ) ‘
The selection and design of lag compensation is based on linear servo
theory and the procedure is well documented in the literature (see Scction
6-4 of Reference 5 for an excellent discussion). However, this procedure
will be summarized here for convenience. Referring to Fig. 8-l4, the
compensated loop gain function is given by ’

1

Kuc(l 3+ -2 )
AL5) - ""’26 ' (8-28)
s(l +—a—s)(i;+——"s+ 1)
Wy w,” Wy, /

1

!
where K, = oK, is the compensated velocity constant. The quantities
w, and 9, are fixed\by [the power element selection described in Scction 8-1.
Therefore, quanti;ixg o be determined are «, o, K,., and w,.. The values
for w,, and w, will b¢ found in the following manner:

1. Determine the frequency between o, and w, in Fig. 8-14 where the
phase lag is a minimum. Because this frequency will have the highest
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Figure 8-14 Bode diagram of lag compensated position control servo.

phase margin, o, will be located at this frequency. In this sense w, is the
optimum crossover frequency.

2. Adjust o, to obtain adequate margin é5s. A phase margin of about
60° is usually desirable.

Step 1 requires some approximations to simplify the algebra involved.
Let us assume that 8, = 1 so that the phase at crossover of the quadratic
in (8-28) is —2 tan™! (w,/w,) rad. While this phase lag is greater than with
less damping and is, therefore, more destabilizing, this offsets to some
extent the destabilizing effect of the high resonant peak when damping is
low. Let us also assume that the lag at w,/o contributes —(/2) rad
(—90°) at crossover. With these assumptions, the phase lag of (8-28) at

e ————— LW
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crossover is given by

o ")
B.= —m + tant 2 — 2tant e (8-29)

wrc w.‘u

Using the serics approximations of tan™! # ~ x for z <{ 1 and tan! z ~
w[2 — 1/z for z 3 1 where x is in radians, this relation simplifies to
Wy

—2% g (8-30)

w, wy

T
ﬂc=—77+5—

Differentiating and equating to zcro (i.e., dB /dw, = 0} gives the optimum
crossover frzquency.

w, = \/£wnwh (8-31)

If the phase margin is to be ¢, rad, the permissible phase at crossover is
Bc = —m + ¢, rad and combining with (8-30) yields

We w,

Solving (8-31) and (8-32) simultaneously we obtain the required values.

w,, = % (m — 2¢,,)* rad/sec (8-32)
Wy
W, = --8— (‘n’ — 2¢_") I'ad/SCC (8'33)

The remaining quantities to be determined are K,, and «. From the
geometry of Fig. 8-14, we note that K, = w,.. Because K,, = 2K, = aw,,
establishing « will define K,.; « should be sclected to meet system require-
ments, but there are three limiting factors.

1. The lag nctwork resistors become widely separated in value and it
becomes difficult to maintain impedance separation of the network in the
circuit.

2. The lag network capacitor value becomes large and the long charge
and discharge times may cause undesirable transient performance.

3. The loop approaches conditional stability with the attendant prob-
lems of synchronization and limit cycle oscillation.

These considerations limit « to a practical maximum of 10 io 20 or so.

Because of the many approximations made, espzcially in the derivation
of (8-32) and (8-33}, the values found thus far must be treated as prelimin-
ary. An exact Bode diagram should be plotted using these vaiues, and

-
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a check should be made to see if specifications are met. Particular attention
should be given the resonant peak at o, to make sure that it does not
increase above unity gain. Some adjustments in ¢, and o, may be neces-
sary beforc final values are established.

Values for the elements in the lag network can now be obtained. The
value for one element is arbitrarily chosen to establish the over-all imped-
ance level of the network so that it neither loads nor is leaded by sur-
rounding circuitry. The remaiing resistor and capacitor valucs are selec-
ted to give the required = and .

The closed ioop response and closed loop stiffness, discussed in Sectien
8-2, can be computed using (8-2%) with the finul break frequency values.®
The characteristic equation will be a quartic and can be conveniently
solved only for a numerical case. However, an approximate expression
for the closed loop response can be found as follows: For frequencies less
than w,, the quadratic factor [s*/m,* + (20,/w,)s + 1] may be considered
unity and the closed loop response computed on this basis will show a

quadratic denominator factor with a natural frequency of mg = VKo,
Also, it is well known that factors in the open loop transfer tfunction
having break frequencies well beyond , also appear as approximate fac-
tors of the closed loop transfer function. Hence, it is reasonable to assume
that the quartic characteristic equation has two quadratic factors with
natural frequencies of wy and m,. Multiplying out two such quadratic
factors and equating coefficients with those of the exact churacteristic
equation will yicld expressions for the two damping ratios. Performing
these manipulations, the approximate closed loop response is

(i+1)

., /

2 A 2
(—s—2+2i’s+l)(—s—,,+£a—1s+ l)

W Wy [T

C
== 8-34)
R (

K,
where w, = A/ Beclre — closed loop natural frequency, rad/sec
o

G = (—1— + —l—)% = damping ratio, dimensionless
KVC wa 2

_ Sowo _ damping ratio, dimensionless
Wy

61=6’

o

* We are talking about the response computed from linearized equations. A nonlinear
analysis is very difficult using hand calculation (see Reference 6). Machine computation
using an analogue computer is probably the best way.
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Because K,, = am, and using (8-32) and (8-33) these relations can be
simplified to

.,

@ =7 V= 2y
— 25 N
60 — [1 + (7‘-" = (-ﬁ“,}}(l’ . 2‘;’)‘“)—«/2
do .
0, =9, — i%) (= 2¢y)

If 8, « 1, stability suifers but the response is fast. It 3, > 1, the sysicm
is very stable but slow in response. A valuc of 8, = | offers a good com-
promise and may be considered a design objective. If « is fairly large, say
greater than 5, a phase margin of ¢, = 1.07 rad == 61.3° is required to
make 8, &~ 1. In this event, the system values become o, = ®,/32, v, =
/8, Wy = ©,[2, 8, = 1, and 8, = 9, — v's. These values are quite typical.
It is important to note that the crossover frequency is limited to only 2.5 A
of the hydraulic natural frequency. Hence, if the system bandwidth must
be large, it is essential that the design begin by making w, as large as
possible. . '

We can now compute a good approxim~tion to the step response of the
system. If 8, ~ | and the quadratic in « 1s neglected in (8-314), then the
unit step response can be found-as :

(O] Yo, 1
C=1—1|1~— ( c — 1)_", —(we/2)¢
® [ 2w, 2 Je

By differentiation the maximum percentage overshoot is

1
(1 8

' 'max percent OS = 100( - 1) eordoch™!

Wy

and occurs at time 1, where
' 2

w, — 2(0"

to =
! t

For the typical cape \;vhere é,; = 61.3°, 0, = 4w, and max percent 0S =
100(2 — 1)e2 = f12.59 which occurs at 7, = 4/, = 32/wm,. This rather
large overshci% s undesirable, but it is typical of systems using lag

compensation. \ |
The major drawback to lag compensation is the fact that the servo loop
becomes much more prone to fimit cycle oscillation. Several multivalued
nonlinearities, such as hysteresis, backlash, and {riction have describing
functions which would be intersected by the lincar part of the loop gain
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function of a lag compensated serve. Backlash is the most serious non-
linearity in this regard and will always cause a limit cycle i’ « is much
beyond two. If « is very large, the loop may become conditionally stable.
It is best to avoid use of two-stage lag networks because the loop will
always be conditionally stable. Conditionally stable loops are undesirable
because:

1. A shift in gain cither up or down may cause instability. '

2. The loop becomes prone to limit cycle oscillation with alnost any
nonlinearity. Even simple single valued nonlinearities such as saturation
and deadband will cause limit cycles.

Limits *L; Limits £ L,

R+ E r-—lKl O (a=1)R; B r_]K __L E [7 c
rad 4{ volts |~ | T volts voits | 2§ - ind/sec| | rad
i |
Ry
C I

Ey 14Ts
E; T 14aTs
T=RC

Figure 8-15 Simplified block diagram of electrohydraulic servo.

3. Such loops have difficulty in synchronizing to the desired position
when power is first applied (sce Section 10-3).

4. Because these loops are sensitive to parameter variations, it becomes
difficult to maintain proper adjustments. Troubleshooting and servicing
are more involved.

In practice, type 2 servos are often conditionally stable and one must
contend with the above disadvantages to reap the benefit of zero steady-
state error to constant velocity inputs.

Another difficulty with lag compensated servos is an extremely large
overshoot which can occur in the step response [7]. This large overshoct,
which cannot be explained by linear servo theory, is a very disconcerting
observation when the loop has becn designed with 60° of phase margin
and should be stable with normal overshoot. It makes one doubt the
usefulness of linear theory in design. However, this phenomern can be
explained using a simple mathematicai model and has a relatively simple
physical correciion.

Let us simplify the clectrohydraulic positioning scrvo to that of Fig.
8-15: R and C are the reference and centrolled positions, respectively, in
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radians; E is the error (R-C) signal; and K, is the error path gain in
volts/rad and physically represents the lumped gains of synchros, amplifier,
and discriminator. The output £, is limited at 4 L, volts duc to saturation
in the error path elemenis. The lag network has a lead time constant of
T seconds and a time constant ratio of «. It is assumed that the lag
network is driven from a low impedance source and is not loaded by ele-
ments which follow in the loop. The voltage output of the network, E,,
feeds a d-c power amplifier and servovalve with lumped gain ol K, The
flow E, in3/sec is limited by the hydraulic supply to &L, in.%sec. The
hydraulic actuator is approximated by a simiple integration. Because of the
limit L,, the output velocity has a maximum value of €y = L,K,rad/sec.

Let us now determine the step response of a lag network. For a step
input Ey(t) = Eyu(1) so that Ey(s) = E, /s and the transformed output is

E,(1 + Ts)
Eys) = 1 4 oT5) (8-35)
Inverse transforming, we obtain '
\
Ey(t) = Ez,,[l - (1 - i)e-'/ﬂ] ©(8-36)

Thus at ¢ = 0 the output jumps immediatel; 10 E,,/= and then approaches
a value of E,, cxponentially with a time constant of «T. This result will
prove useful later.

Let us now put a step input of Ryu(t) into the system of Fig. 815 and
sketch the transients that occur at all points in the loop. These are shown
on Fig. 8-16 and may be explained as follows: When the step is first
applied, the error E is large and begins to decrease as the output C starts
to increase. The quantity E, goes instantly to the limit value L,, providing
that the step input is large enough, that is, Ry > L,/K,. The input to the
lag network is, therefore, a step L, u(¢). The output of the iag network,
which is the key transient, rises to L,/a when the step is applied and further
increases as the cappcitor in the network is charged, approaching a value
of L, exponentially lf; L, < (L,J#)K,, then E, goes to its limit value of L,.
Thus, the output mpves at its maximum rate of C,; immediately when the
step is applied. This action continues until time ¢, = Ro/C,y, when the
output reaches its final value for the first time, is reached. At this instant
the error switchds| polarity and, if the overshoot is large enough (much
greater than L,/K;), the error path saturates in the opposite direction to
—L,. At t=t, thé output of the lag compensation immediately steps
—(2L, /o) volts in the negative direction and decreases, further approaching
a valuc of —L, volts. When the output of the lag network goes through
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zero in the negative direction (at time ¢ = t;), the flow to the motor is
reversed and the output velocity reverses.

During the interval 1, — t,, the output moved at maximum velocity Cyy
and, therefore, overshot its final position. The reason for the overshoot
is clearly the saturations L, and L, in the loop. The saturation L, in the
error path allows the capacitor in the lag network to charge up to such a
large value that it takes quite some time (r3 — 1,) for it to decay to zero
once the error signal is reversed. The flow saturation L, limited the output
velocity, thereby allowing more time for the capacitor to assume the charge.
If the system were linear, the input to the nctwork would be a rapidly
decreasing function of error because C would not be limited. The large
lag time constant of the network then prevents following of such a fast
signal and there would be negligible overshoot as predicted by lincar theory.

For the somewhat idealized case where the input to the lag network in:
Fig. 8-15 can be represented by step functions, the overshoot can be easily
computed. The time t;, where E5(t) = 2L,/« can be computed from (8-36).
Therefore .

t, = oT log, (“ - ') (8-37)
o —2
The time ¢, is by definition
R,
ty = 4 8-38
= (8-38)

Up to time f; the input E, can be written
Ey(t) = Lyu(t) — 2L, u(t — 1) (8-39)
Referring to (8-36), the output of the network for this input can be written

Et) = L{l. - (1 - l)e—'/f‘T] u(t)

o«

— 2L,[1 - (1 - l)e-“—‘*’f’“‘] u(t — t;) (8-40)

x

Ei(t) =0, u(t) = 1, and u(r — t;) = 1 at the time #,. Substituting these
conditions into (8-40) and solving for #; yields

ty = aT log, [(1 - i‘)(Ze”"T - 1):] (8-4)

If t, < t,, the negative lead jump of 2L,/ at time ¢, will be enough to
reverse the flow to the actuator and a large overshoot will not occur.

vt
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Combining {8-37) and 8-38), this condition may be written

Ro (m - l)
log, 8-42)
C.,‘,IIT S & ®x— 2 ( )
Thus, if 2 < 2 there will be ro overshoot. If 2 > 2 there may or may not
be overshoot, depending on whether the step input is large enough to
exceed the critical value obtained froni (8-42).

60 r r - — —
a[=I20 \ \ \\ U
! N \\ ~_ ; : i
< N S
10 LA N
40 // \ \\\
8 / \
E 6,——“‘\
o \
&Y //
201
[T/
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[ /T
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0.05 0.l 02 co. 5 10
Ro/CyaT

Figure 8-17 Percent overshoot versus normalized step input.

If 1, > 1,, overshoot will occur and is given hy

0S = (1, — 1)C,y : (E-43)

if 'the output moves at maximum velocity in the interval iy <1 < 1. The
percentage overshoot is

[ OS)

percent OS = IOU(—R—

o

Substitutfng in £, and t,, the final result is

-

percen{ OS = I'OO{OLTC‘"

log, {(1 - i)(ZéR‘;i(:“"T - 1)

s

- 1} (8-44)

1

-

This‘rﬁ: tion, plotted in Fig. 8-17, is valid if the step input is large enough
that.wayeforms in Fig. 8-16 provide reasonabie aprioximations and the
output moves at maximum velocity in the interval between t,and ;. For
given values of o, T, CM. and R,, the overshoot can be obtained from
Fig.8-17. Itis apparen: that very iarge percentage overshoots sre possible.
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For small step inputs that do not saturate the system, the overshoot may
be computed from linear theory.

Let us now consider the cure for this phenomenon. Either increasing
the saturation levels L, and L, to beyond the range of interest {i.e., make
the system linear) or’decreasing the lag network ratio « will reduce the
overshoot. However, the first is not generally possible and the second is
not attractive because « is chosen to meet design requirerents. Referring
to the trace of E4(r) in Fig. 8-16, there wiil be no overshoot if Ey(r) is
limited to a valuc
Ey(0) limit € %‘l (8-45)
because #, and f, will then be coincident and the negative lead jump of
—(2Ly/e) volts at t, is potentially enough to instantly 1everse the direction
of flow to the actuator. Thus, a method of physically limiting £ is needed.

A very simple solution to this problem is to place biased diodes or zener
diodes in parallel with the capacitor in the lag network to limit the charge
that can be stored.* Very often the diode conduction voltage provides
adequate bias so that a diode strapped around the capacitor is sufficient.
Another diode in parallel but with polarity reversed is required to limit
the capacitor voltage of the other polarity as the lag network has input
voltages of both polarities. Analysis of such a diode corrected lag network
will show that (8-45) is satisfied if the voltage across the capacitor is
limited to a value of

(8-46)

Ecs__lil_

a—1

It should be apparent that the lag network behaves linearly and gives
the desired increase in open loop gain when Ey(1) is less than Ey(7) Hirnite
However, for large transients the capacitor is effectively shorted and the
lag network becomes a simple voltage divider with gain of 1/« which
reduces the open loop gain from K, to K,. Thus, for large transients the
loop reverts back to the uncompensated form and the necessary steady-
state gain reduction is automatically made.

To ensure that the lag network is operating and gives reduced error
for constant velocity inputs, a check should be made in the design stage
to make sure that E5(?) |;jmy is_not reached for such inputs. Referring to
Fig. 8-15. it should be apparent that

- KE(1) Jumie > L2 - (847)

* To the auther’s knowledge, this ingenious soiution was first proposed by Norman D.
Neal of the Cincinnati Milling Machine Company.

B s e
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must be satisfied to ensure that maximum output velocity is achieved,
This condition favors a large K,. However, from the standpoint of error
due to drift in the d-c amplifier, K, should be small. In general, the gain
ahead of the point where the unwanted disturbance is injected into the
loop must be large encugh to reduce the resulting error to within spevified
limits. Hence, some juggling of parameter v.xlue> and gain distribution
in the loop may be necessary to arrive at a satisfactory final design.

8-4 ELECTROHYDRAULIC VELOCITY CONTROL SERVOS

For two basic rcasons it is often desirable to control the velocity of a
hydraulic actuator by sensing velocity and feeding it back to form a servo

_ loop (Fig. 8-18).

Velocity reference

Electronic ____[_J
elements

Servo
valve

Tachometer B
PV“J Hydraifid

| I motor

Figure 8-18 Schematic " velocity control loop.

1. Velocity may be the principal output of the system. Examples are
rate tables, tracking modes of antennas, radars, gun turrets, and machine
tool feed drives. In these applications accuracy demands feedback control
of velocity.

2. Velocity may be fedback in a subsidiary or minor loop as a means
of compensating the major control loop. The advantages of this type
compensatlon are increased major loop stiffness, gain variations in servo-
valve are minimized in the major loop, and amplifier gain in minor loop
can be made large to reduce errors due to drift and load friction. However,
the disadvantages are decreased bandwidth in the major loop and increased
system cost apd complexity. Because these minor loops limit response
capability of the major loop, they should not be used unless some clear-cut
objective is sqrved.* It is often the case that these minor loops serve 0o
useful purpose whatever.

* Velocity E’S? ack minor loops actually increase over-all response in servos using
electric servorhptors as power elements. This is because electric motors respond like a
simple lag. Heénce, there is no stability problem and the crossover frequency of the
velocity loop can be made greater than the electric motor break frequency. In contrast,
stability of hydraulic velocity control loops demands that the cressover frequency be
lower than the hydraulic natural frequency.




i M

T

£LECTROHYDRAULIC VELOCITY CONTROI. SERVO3 259

ngwe.' Motor and load dynamics
Error amplifier and
. ifi ervovalv

Velocity aroplifier Serve e Xq
reference ¥/ K K. Xy Dm 6m

volts / volts ¢ 1 voits ; in. 81, 20k rad

- S\o2 +—s+1
WH Wh

Tachometer

K,
volts ®

Figure 8-19 Block diagram of velocity control serve.

As discussed in Section 8-2, the servovalve break frequencies are usually
lower than the hydraulic natural frequency. Therefore, the transfer func-
tion of the power element provides an adequate description of the hydrauiic
portion of the loop. We assume simple inertia load on a rotary motor;
(6-18) is applicable and the block diagram of the velocity control loop be-
comes that in Fig. 8-19. Thisis a type O servo and the loop gain function is

An) = <2 (8-48)
— + s+ 1
Wy Wy,

where K, = K, K, K(K,/D,,) is the open loop gain constant. The Bode
diagram of this function is sketched in Fig. 8-20. The crossover frequency
occurs on 2 —2 slope and there is very little phase margin, especially for

Log scale
’Avu (Jw)l
===
ol !
|
|
: =2 slope
I
|
1 ! -
1 W w Log scaie

w radfsec

Figure 8-20 Bode diagram of uncompensatzd velocity control loop.
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the usual case of low 9,. The loop is stabic only because the loop dynamics
are so simply represented. However, if other Jags, such as those associated
with the servovalve, occur in the frequency range between w, and w,, the
loop will become unstable. In practice this always seems to be the case
and even loops with gain constants like Ky ~

):4 I will be unstable. Because feedback control
is effective only for gain values in excess of

T unity, the useiulress of a tow gain, say K, < 2,

!
|

c== e  velocity loop is questionable. As reason-

T l able guin values, say K, > 5, are desirable.

2 then electrohydrauiic velocity control loops

eolei = (1 + Ts)™! must always be compensated to achieve stabil-
Tc=RC ity. There are few exceptions to this rule. An

Figure 8-21 Simple lag net- €xample might be a loop which controls
work. high velocities. The servovalve would then

be open and increase damping (4,) to well
above unity. The motor-load quadratic would then factor into a dominant
lag and stability could be achieved.

The simplest method of compensation is to piace an RC lag network
(Fig. 8-21) in the clectronic portion of the loop ahcad of the servovalve.
The corrected loop gain function (Fig. 8-22) is then stuble with adequate
phase margin. The break frequencies of the hydraulic elements occur well

Log scale

o

1
!
!
i
|
|
!
I
i

f
1 YT,

w rad/sec




A e oweAS .

e o SRt et

o
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beyond the crossover frequency and, consequently, do not influence stabii-
ity. The loop is sized by selecting the power element and choosing a value
for K, which meets specifications. w, is then limited to a value of 0.2 to
0.4 of w, to keep the rescnant peak below unity gain as explained in_
Section 8-2. From the geometry of Fig. 8-22, the required network time
constant is
Ko ~
T, =— (8-49)
)

<

for which values of R and C can be selected. Becausc o, must be fixed to
preserve stability, large T, values are necessarv for large gains. Similar
compensation can be achieved by using a d-c operationat amplifier as un
integrator.* However, large T, values have some drawbacks. If the velocity
servo is a minor loop, then stability of the major Joop can be adversely
affected. Also, il T, is large, the network capaciter is slow in charging
and discharging. This may cause synchronizing problems when the servo
is turned on or slow transient response under certair conditions. However,
this behavior may be eliminated by placing zener diodes around the capa-
citor to limit the voltage to no more than that necessary to cause maximum
output velocity. In this manner excess charge cannot be stored.

If velocity feedback is used as a minor loop, the closed loop response of
the loop must be computed. Approximatc™, the result wili be a linear lag at
the corrected crossover frequency and a ;uadratic at w,. The lag at w,,
because it is lower than ,, becomes a limiting factor on the response of the
major loop. This fact should be carefully weighed before such a minor lcop
is chosen in design. '

The velocity control loop is a very good example of the need for com-
pensation. Referring to Fig. 8-22, we note that the crossover frequency
of the compensated loop gain is much lower than that of the uncomipen-
sated loop gain. Hence, speed of response must be sacrificed to ‘achieve
stability. The trade off of accuracy or response for stability is often
necessary in control.

8-5 SERVO DESIGN CONSIDERATIONS

Design necessarjly Eegins with a statement of specifications. If they are
not given, and thqy often are not, the designer must first determine them.
This is not ahﬁ: y task; usually, a set of specifications evolve trom ex-
perience and pas{ history for a particular kind cf control system. From

i

* Another compensation technique would be to insert a lead herween @, and w. ix
Fig. 8-20. However, this scheme is impracticai because variation in e, would jeopardize
stability. Furthermore, the servovaive must be very fast because its breuk frequencies
must be higher than the new crossover frequency.
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an analysis of the input signal, desired output, and loads to be controlled,
the following specifications can be obtained: (a) bandwidth, (b) disturb-
ances, (c) accuracy or allowable error, and (d) degree of stability.

The bandwidth requirement may take the form of M-peak frequency,
step response risc time, crossover {requency, or any other suitable measure.
Noise and stability prevent the bandwidth from being arbitrarily large.
In fact, it is desirable to keep the bandwidth at a minimum consistent with
specifications. A reduced bandwidth usually simplifies compensation and,
because peak power outputs are associated with high frequencies, reioxes
requirements on individual elements, thereby producing a savings in cost.

Extraneous disturbances such as noeise, loads, and drifts in components
have an adverse effect on over-all accuracy. Load disturbances, in par-
ticular, may be negligible in instrument servos, but can seriously effec
stability and accuracy of servos which control appreciable loads. This
specification usually takes the form of a steady-state value for compliance,
that is, the maximum steady-state error which can be tolerated for 4 given
load.

Accuracy is a basic requirement for all servo systems. Indeed, their
existence is based principally on this requirement. In general, servo error
results from many factors: (a) errors due to input position, velocity, and
acceleration, (b) errors due to drifts, tolerances, and changes in component
parameters, (c) errors due to disturbances such as noisc and force lcads,
and (d) errors due to nonlinearities such as backlash and friction. The
accuracy specification may take the form of requirements for position,
velocity, and acceleration errer constants, final value of steady-state error,
error resulting from sinusoidal inputs, etc.

The degree of stability can be specified by any of the conventional
measures of relative stability: phase margin, gain margin, M-peak, percent
overshoot, damping ratio, etc.

Thus, we can arrive at a reaiistic and consistent set of specifications such
as bandwidth, velocity constant, total error, output stiffness, and phase
margin. The problem now is to design the servo loop such that its loop
gain function meets these specifications [S]. Components are then sized
to obtain this loop gain, keeping in mind their dynamic limitations. Ar-
bitrary selection of components with no regard for their gain and time
constants can prove fatal with regard to stability.

There are some general criteria applicable to the “good™ design of any
servo system.

1. There must always be a range of frequencies where the loop gain is
substantially greater than unity. All the desirable characteristics of feed-
back control, indeed their very existence, stem from this simpie fuct. When
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the loop gain is less than unity, feedback is not effective and the loop is
essentially open. The crossover frequency gives the borderline between
open loop and closed loop control.

2. There is always an accuracy requirecment and this necessitates some
loop gain greater than unity.

3. For reasons outlined in Section 8-3, a system should never be de-
signed conditionally stable unless it cannot be avoidec.

N\ Log scale

1
N -
<« Slope dependsl on system type
\ |
\ |
|Atiw)| \ —2 slope (or perhaps ~3 slope)
limit to prevent conditional stability
1
\
\

Gain for \ !
accuracy 7 \ |

\
%///////}» \ﬁ'— -1 slope desirable g ceale
1 We! L w rad/sec 71
N

Region of closed -<-—->Reglon of No:se rejection and
loop control, i.e. I open loop stability limit ///

4] >1 i|fflntfl'\i§e4 // %

Figure 8-23 Bode diagram of a *‘good™ servo loop.

NN

—

4. For satisfactory stability, the crossover frcquency should occur on
an asymptotic —1 slope and it must be ““controlled.” That is, establish-
ment of the crossover frequency must be an explicit part of design, and
its value and variation must be computed to assure stability under all
operating conditions.

5. Noise rejection and stability always limit the system bandwidth.

6. Accuracy requiremcnts usually dictate the slope of the Bode diagram
at low frequencies, that is, zero for type 0 systems, — 1 for type | systems,
—2 for type 2 systems, etc.

These constraints or good design features are represented in the Boue
diagram of Fig. 8-23. Becausc loop gain functions fall off with increasing
frequency, the range of permissible Bode diagrams is limited. Therefore,
shaping of the Bode diagram for a particular design consists of adjusting

[OUE
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264 ELECTROHYDRAULIC SERVOMECHANISMS

the various break frequencies and slopes to meet the specifications. Con-
flicting or inconsistent specifications are usually spotted without particular
difficulty.

Let us now list some general remarks that are applicable to the particuiar
area of hydraulic servo design.

1. Selection of supply pressure, servovalve, and actuator are based on
factors discussed in Section 8-i. This siep fixcs the power element param-
eters such as D, n, 6,, w,, and K, in Fig. 8-5.

2. The error detector is chosen Lo fit the application and give the speci-
fied accuracy. However, some portion of the allowabie error must be
alloted to other sources of error such as amplifier and servovalve drift,
ccmponent tolerances, parameter variations, loads, and component non-
linearities such as hysteresis, deadband, and friction.

3. The remaining portion of the loop consists of electronic a-c error
amplifiers, discriminators, compensations networks, and d-c power ampli-
fier to drive the servovalve. The gains of these elements are selected to
maintain stability of the loop. Some range of gain adjustment is desirable
to facilitate final setting at manufacture.

4. When circumstances permit some flexibility in gain distribution, it is
best to keep higher gain portions of the electronic section near the error
detector in the a-c amplification stages. This minimizes the error due to
drift in the d-c amplifier.

5. System specifications should always be checked to make sure they
are met.

6. With component gains and time constants known and the block
diagram complete, a check should be made to see if limit cycle oscillations
will result from component nonlinearities. Describing function analysis
is very useful in this regard.

7. The design should be checked to see that individual elements are not
saturated for steady-state position and velocity inpuis. This assures that
linear design theory is applicable and the system, therefore, should perform
as expected.

8. As described in Sections 3-7 and 6-6, a check is in order to see that
destructive pressure transients are under control.

In a nutshell, hydraulic servo design proceeds by first sclecting the power
element to meet the prime considerations of load and response capabiliiy.
The remainder of the loop is then sized to obiain the best possible servo
performance (i.e., accuracy and response) under the limitations imposed
by the power element dynamics. This amounts to selecting the highest
possible gain constants and crossover frequency with adequats stability
margin. Use of lag compensation and veiocity feedback miner loops de
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permit some latitude in meeting accuracy specifications. However, speed
of response cannot be altered except by choosing a faster power element.
In a sense, then, detailed performance specifications are useless because
there may not be sufficient design flexibility to meet them.

Although structural natural frequencics are occasionally lowest and
become the limiting factor, it is the hydraulic natural frequency which is
usually Jowest and limits servo performance. The hydraulic naturai fre-
quency is highly dependent on the bulk modulus. As discussed in Section
2-5, the bulk modulus is lowered by entrained air and mechanical com-
pliances. It also decreases substantialiy at higher temyeratures. Hence,
it could happen that a given system design might become unstable at
elevated temperatures. This is offset somewhat by the increased leakage
due to lower fluid viscosity at higher temperatures, which results in in-

creased damping of the hydraulic natural frequency. In general, however, -

stability and over-all performance deteriorates at higher temperatures.
There is less viscous drag on lubricated elements, and coulomb friction
becomes more dominant in addition to the decreased hydraulic natural
frequency. i
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Hydromechanical Servomechanisms

Hydromechanical servos, as tie name implies. have no clectrenic elements
in the loop. These servos are used almost exclusively for position coniro!,
A spool type servovalve ports fluid to a piston or retary motor whose
motion is fed back through some mechanical arrangement to stroke the
servovalve and close the loop. Hydromechanical servos are used exten-
sively in aircraft, missile, and jet engine contrels. Other exemples include
the positioning loop of direct feedback two-siage servovaives, automobiie
power steering, and tracer contreiled machine toois.

Simple examples of hydromechanicai position contiol servos are ilius-
trated in Fig. 9-1. In both cases input motion opens the servovaive and
ports flow to a piston. Piston motion is fed back and subtracted from ths
input motion so as to nuli the servovalve. In the case of Fig. 9-ia, the
feedback is direct and spool position from ncutral is given by

z, = — 2, (9-1)
An error bar is used to sum the motions for the case in Fig. 9-15. For
small motions of the error bar, the spool position is given by
b a
= z; — - x
a-+b a+b

In general. the feedback connection might consisi of cams, linkages,
gears, shafts, differential gears, and, if a rotary actuator is used, rotary to
lincar converters such as screw-and-nut and rack-and-pinion combinations.
In any event the input, output, and spool positions can be related by an
expression of the form

P (9'2)

Xy

z, = Kx, — Kz, ‘ %-3)

Dynamics of the mechanical feedback clements are negligible compared
with the hydraulic elements and are usually omitted. If the feedbuck path
is nonlinear, as is often the case if cams are involved, (9-3) must be con-
sidered a linearized expression. The constants wouid have 10 be evaluated
and the stability determined for every operating conditicn.

265
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Figure 9-1 Schematic of simple hydromechanical position contro} servos.

The transfer function of the hydraulic portion of the ioop is obtained
from Chapter 6 for the appropriate case. Assuming a servovalve and
piston combinaticn with simple inertia load (6-36) is then applicable. This
expression can be combined with (9-3) to form the block diagram in Fig.
9-2. The loop gain function is

K,
Ays) = = - ¢cH
s 28
s(-é + =25+ l)
LWy, Wy 7

where K, = K,K /A, scc™ is the velocity constant. This expression is
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identical to (8-20) and has the same Bode diagram (Fig. 8-6). The reader
is referred to the discussion of this equation in Section 8-2 for a detailed
treatment of stability.

The sizing of hydromechanical positioning servos is relatively straight-
forward. The actuator is sized to handle expected loads and have a hy-
draulic natural ircquency large encugh to meet over-all Tesponse require-
ments, as explained in Scction 8-1. The feedback gain K, depends on the

F, {ib)

Motor-load dynamics

Servovalve
fiow gain
—5 g O s | w
P~ i 1 Ka 23 |
/i, in3/sed s(Z 24-—<+1) .

—
Ay(s)

" Mechanical gain

Ky

.

Figure 9-2 Block diagram of hydromechanical position control servo.

particular mechanical arrangement used. The remaining parameter, the
servovalve flow gain K, is sized so that the velocity constant does not
exceed the value 0.2 to 0.4 of w, required for stability. Invariabiy, the
permissible flow gain is so low that full periphery valve ports cannot be
used. Smalljwidth rectanguiar ports, beveled or notched metering edges
on the spoo}, and round ports are common methods of obtaining a low
area gradieft and flow gain. Other considerations in spool design are
discussed inJSection 5-8.

For several reasons the bandwidth requirements for these servos are
compara\'&/ ly low. Many of these servos, such as those used for aircraft
control -surfaces and vchlcle power steering, are used to “‘power boost”
an input from a human operator and the bandwidth need not be much
greater than human response capability of perhaps 2 to 5 cps. In other
cases, such as jet engines and aircraft flight data computers, these servos




e

HYDROMECHANICAL SERVOMECHANISMS 269

perform subsidiary functions and are inherently much faster than the over-
all process being controlled. Because it is quite easy in practice to get
crossover frequencies of 25 to 50 rad/sec, these applications can be met
with no particular difficuity.

In general, the accuracy requirement for these servos is also modest.
Hence, there is no need for a lag-lead type of compensation (such as that
discussed in Section 8-3) to boost low frequency gain. It would, of course,
be possible to construct equivaient mechanicul compensation networks
from springs, dashpots, and masses. However, placement in the ioop,
parameter variations, and reliability are major drawbacks to such struc-
tures. Fortunately, such schemes are not usually required in position
control servos. However, mechanical compensation is often used in the
hydromechanical control of other quantities. For example, a jet engine
speed control may use a flyweight tachometer to sense speed and feedback
a signal to control fuel flow to the engine. In this case it might be desirable
to make a hydromechanical lcad network to compensate the large engine
lag and improve over-all response. However, the parameters in such a
network vary with temperature and other factors and may cause stability
and response problems. Hence these networks should be used sparingly
and due regard given their peculiarities in the design stage.

There are several difliculties which can be encountered with hydro-
mechanical servos. With no pretense to completeness, some of these arc:

1. Very often the servovaive area gradient is chosen for manufacturing
convenience or to obtain a certain flow at full stroke. The resulting flow
gain is usually too high and, if so, the servo will become unstable.

2. A servovalve with low flow gain may require a very long stroke to
achieve the flow required for maximum output velocity. Because valve
strokes are physically limited, this condition requires an increased flow
gain. If this flow gain excceds that for stability. then the area gradient is
increased with valve stroke. In this manner stability is maintained at null,
and maximum velocity is achieved at full stroke. Round ports achicve
this effect of low gain at null and increased gain away from nuil. However,
servos which have an increasing gain characteristic usually oscillate above
a certain velocity. If this performance is undesirable, then linear ports
should be used and the specification on maximum velocity should be re-
examined. As explained in Sections 5-1 and 5-8, linear ports are the best
all around choice. '

3. In some cases the structural mounting of hydraulic piston or cylinder
may not be sufficiently rigid, and the dynamic characteristics of the com-
pliant mounting may appreciably alter the power eiement dynamics and
cause servo instability.
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4. In the design of any hydraulic system, gain adjustments should be
provided. In hydromechanical servos this is difficult. Flow gainsof serve-
valves are usually casiest to aiter without major modilications in the
mechanicai structure of the system.

5. The mechanical feedback elements should be of sufiicient strenoth
and the path should be as direct and simple as possible. Lcose litting
linkages, pins, and gears are a source of backiash and may cause instability.
Friction loads on flexibie mechanical members is also a source of back-
Jash. Therefore, tight as well as loose fits should be avoided.

6. If hydromechanical compensation networks are used, stability should
be checked for all operating condiuons, taking into account the variation
in parameters values of the network.

7. Hydraulic lines, especially that of interdrillings, should be lacge
enough ro ensure that adequate pressure is supplied at all flow conditions.

Because many of the points discussed in Chapter 8, especially in Sections
8-1 and 8-5, are also applicable to hydromechanical servos, a reading of
that chapter is recommended to gain a broader understanding of these
SErvos.
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Nonlinearities in Control Systems

Why a chapter on nonlincarities in a book on hydraulic control? Most
of the peculiar phenomena observed in the test of a system can be traced
to certain nonlinearities. A knowledge of the effect of ncnlinearities on
performance is required to make sense of these experiences and fill the
gap between theory and design on one side and actual practice on the
other. The purpose of this chapter is to help fill this gap and to cover
in detail nonlinearities such as shaped gain, backlash, and friction which
are of particular importance in hydraulic control. i

Linear systems, by definition, have elements described by iinear dif-
ferential equations. Some attributes of lincar systems are:

1. Because a mathematical theory exists for t : solution of these equa-
tions, all aspects of performance, such as stability and response, are
predictable. ‘

2. Using the principle of superposition, we obtain thc system response
to several inputs by adding individual responses. _

3. They are completely described by transfer functions. It should be
apparent that the transfer function is obtained from a sinusoidal test und
the governing differential equation can then be obtained from the transfer
function. Because the differential equation can be solved for any input,
the sinusoidal response is indicative of system response (o any input. "The
usefulness of transfer functions and sinusoidal analysis stems from this
basic fact. Other advanftages are simplicity of analysis and availability of
many design techniquesf The unique status of sinusoidal analysis, that is,
of implying response t any input, is valid only for linear systems.

Because a theory exipts for linear systems, many systematic design and
test procedures havg bgen developed. Performance criteria such as band-
width, phase margi:\“ ' {-peak, rise time, and settling time, to name a few,
have been defined and serve as means of comparing systems. These
criteria do not bear the same relationship to onc another in noniinear
systems. {t is important to realize that linear theory is fundamental
to system understanding, analysis, and design and provides a backdrop for

271
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system comparisons. Therefore, even if nonlinear solutions were easily
obtained for particular inputs, there would still be need for indices 1o
measure and compare performance.

Although all real systems are nonlinear to some extent because of satu-
rations, there is usually seme linear region of operation. However, some
elements such as relays are nonlinear to such an extent thai no linear
region exists. In most nonlinear systems the problem is one of determining
the effect on performance of certain nonlinear elements. No general non-
linear theory exists, but there are several techniques which are applicable
to certain classes of problems. The major techniques are:

1. Linearization or small signal analysis. Assuming small excursions
in the system variables, the system can be tieated as linear. Performance
is computed for every operating point. This technique is not a method of
solving nonlinear differential equations but in many cases it is all that can
be done. It is most often used.

2. Piecewise linear analysis. This technique is useful when the system
is describable by linear equations valid over certain ranges. By inserting
appropriate initial conditions into the differential equations, an over-all
solution can be patched together.

3. Describing function analysis. This technique is an approximate
method of determining sinusoid ' response, jump resonance phenomenon,
and possible limit cycles. It is .he most fruitful of the paper and pencil
nonlinear analysis techniques. The describing function concept is alse
useful in system design, test, and troubleshooting.

4. Phase plane analysis. This is a graphical technique for solving nenlin-
ear differential equations and is useful in determining limit cycles and siep
function response. It becomes tedious for third- and higher-order systems.

. 5. Analog computer analysis. This technique consists of making an
electronic model of the differential equations and recording the solutions
on an oscillograph. It is very general in application and, especially for
complex control problems, gives a very convenient method for anaiysis
and design. :

6. Digital computer analysis. In recent years many programs have been
developgd to solve nonlinear differential equations [1]. Presently, these
programs are not available to all and, furthermore, digital simulation is
very expensive for many dynamic problems.

10-1 TYPICAL NONLINEAR PHENOMENA AND INPUT-GUTPUT

CHARACTERISTICS

Several performance phenomena are directly attributable to system non-
linearities. In test, these phenomena identify the nonlinear system as such.
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Some of these are:

1. With a fixed input, the output may oscillate with a fixed amplitude
and frequency. This condition is referred to as limit cycle oscillation. In
an unstable linear system, the output increases without bound. However,
in any physical system the oscillation amplitude is constrained by satura-
tions.

2. With a sinusoidal input, discontinuous jumps in the output amplitude
may occur as the input amplitude or frequency is changed continuously.
This phenomenon is known as skewed or jump resonance.

3. With a sinusoidal input of frequency w,, the output may oscillate at
frequencies of wy, 2wy, 3wy, ..., nw;. This phenomenon is known as the
generation of harmonics or superharmonics of order ».

4. With a sinusoidal input of frequency w,, the output may oscillate at
frequencies of wy, w,/2, @3, ..., w/n. This phenomenon is known as
the generation of subharmonics of order 1/n.

5. With a sinusoidal input, the output may oscillate at a combination
of the input frequency and some other frequencies not present in the input.
Little is known concerning this kind of response. \

These phenomena are not usually observed under ordinary circum-
stances where systems are quite stable. Rapic ‘nput changes or proper
input manipulations to a lowly damped system a.e necessary to cause many
of these effects. These phenomena, which do not appear in lincar systems,
cannot be viewed as good or bad except, perhaps, limit cycle oscillations.
The chief aim of a nonlinear analysis is to predict such “limit cycles.”

Input-Output Characteristics of Nonlinear Elements

The output of @ nonlinear element depends on the past history of the
input as well as its present values. However, most of the nonlinearities of
concern are completely described by an input-output characteristic. Typi-
cal characteristics are shown in Fig. 10-1. Many of these nonlinearities,
especially those which Jare multivalued, such as backlash, pose serious
threats to stability. In the next several sections describing function analy-
sis will be used to inve tigate servo loops containing common nonlinear-
ities. ‘

\

10-2 DESCRIBING\ UNCTION ANALYSIS

Describing function analysis is an approximate method of finding the
sinusoidal response of certain norlinear elements. The phenomena of
skewed resonance and limit cycles can be predicted. However, the major
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use is predicting limit cycles and the method gives the approximate ampli-

tude, frequency, and waveform. Although the method is approximate,

the results compare very well with test data and analog models. Of

prime interest in any system is whether limit cycles will exist. A secondary

interest is placed on the exact amplitude and frequency of such oscillations.
Limit cycles are undesirable in servo systems because:

1. 1t is usually difficult to reduce the amplitude and frequency to within
limits considered adequate.

2. Depending on gain distribution, such oscillations may saturate a
particular element, thereby reducing loop gain and causing a drop in
accuracy and resjonse.

3. The wear and strain caused by oscillations pose a threat of failure
and may shorter system life.

4. Such oscillations constitute a power loss.

5. In certain cases, such oscillations may cause large errors.

Therefore, the detection of limit cycles should be an important considera-
tion in the design, analysis, and test of a control system.
Describing function analysis is based on the following assumptions:

1. The input to the nonlinear element is sinusoidal.

2. The output waveform of the nonlinear element s adequately described
by the fundamental component of a Fourier serics, that is, harmonics are
negligible.

These assumptions are justified by the following observations: (1) linear
elements in the loop filter the higher frequency harmonics and emphasize
the dominance of the fundamental; (2) the fundamental component of
the output waveform is usually larger than that of the harmonics. Describ-
ing function analysis is restricted to cases in which all the noniinearities
in a loop can be lumped at a single point. However, in some cases little
accuracy is lost if describing functions of individual nonlincarities are
combined in a manner similar to that of linear elements (see the example
in Section 10-6).

The theory of describing function analysis will be outlincd. Consider
the loop shown in Fig. 10-2 with frequency dependent (i.c., linear) cle-
ments Gy(jo) and Gy(jw). The nonlinear element is characterized by the
describing function G,(«, f), where « and f§ arc ratios relating dimensions
of the nonlinearity to the input amplitude A7 at the nonlinear element. The
describing function is defined as

Gy, B) = % /4 (10-1)
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which is the complex ratio of fundamental output to input of the nonlinear
element. Because the describing function is defined only for sinusoidaj
signals, joo must be substituted for s in the lincar transfer functions. The
closed loop response is given by

C _ _ GG AG(jw)
R 1+ Gyjw)G,(x, )Gyl joo)

Stability of the system is dependent on the roots of the characteristic
equation, which is the dencminaior equated to zero.* The characteristic

(19-3)

n=Cof2 + C; sin («t + ¢1) +
m=Msinwt CosnQCuit+pd+...

R+ y
E1 6, Gy FE A6y (e 22 62 G

O

Figure 10-2 A gencral control loop containing a nonlincarity.

equatiuh can be written
Gy(j0)Gof j) = —1/G(x, f) (10-3)

Solutions are easily found by plotting both sides on the customary Nyquist
diagram or gain-phase plane. If intersections of the two loct exist, a limit
cycle will exist with frequency given by the left side of (10-3) and amplitude
given by « and 8. The quantity —1/G(«, f) can be considered as a
generalized critical point in the Nyquist sense or simply as a locus of
critical points. Therefore, stability is determined by separating the ioop
gain into two components, lincar and nonlinear, and plotting them to see
if intersections occur. Hence, there is the restriction that nonlincarities
must be lumped.

The describing function is defined in terms of the fundamental cutput.
This requircs a Fourier analysis of the output waveform. [f the nonlinear-
ity is symmetrical, such as those in Fig. 10-1, there is no d-c compoaent.
Furthermore, if the nonlinearity is single-valued, there is no phase shift.
Because multivalued nenlinearities have phase shift, usually phase lag

* This can be shown as follows: Imagine the loop in Fig. 10-2 is broken at some point
and a signal e, is injected. Tracing around the lcop, the signal wiiich returns to this
point is e, = —G,G,Gee;. Now, when the loop is limit cycling it should be appareri
that e, and ¢, must be identically equal, that is, e, = e;. Combining these iwo reiations
we obtain the condition for oscillation as: G,GyG; = —1 = l/—lSO".
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these are most serious from the viewpoint of stability. A Fourier analysis
is a tedious process in all but simple cases. Fortunately, however, this
analysis can be performed for most commonly encountcred nonlinearities,
and the results can be plotted in a normalized manner {2, 3].

From a practical viewpoint, describing function analysis is rapid and
the only method generally useful for higher order systems. It is applicable
to a wide variety of nonlinearities, aids in system understanding, analysis,
design, test, and troubleshooting. It indicates a design procedure—simply
avoid intersections with the —1/G, iocus. In many respects it is an exten-
sion of familiar frequency response concepts and techniques. The next
several sections will be concerned with examples of describing function
analysis.

10-3 SATURATION

The most common nonlincarity in control systems is saturation which
is represented, somewhat idealized, in Fig. 10-3. The slope is unity because

m = M sin wt

n M-
St-fie—
I 3
St——- o/ '+ 1N\ ! 2x
0 | | r\ Just
| 1
Tll 1 I \/
I |
! |
m ! I
St n(t)
0 2r
______ -S 0 l’\ / wt

Figure 10-3 Saturaticr nonlinearity.

it is usual practice to treat any gain of the nonlinear element as part of the
Linear portion of the loop. A Fourier analysis of the output waveform
for a sinusoidal input gives the following describing function

c, 2 S S S ¥1H)
Go= G = 2t S _[l_(_ (10-4
Sl v L Vv M.)Jﬁ (10-4)

The describing function gain G, depends on the dimensionless ratio S/
and is plotted in Fig. 10-4. For a given saturation value (5), the gain is
unity for small inputs (M) and approaches zero for infinite inputs.




278 NONLINEARITIES IN CONTROL SYSTEMS
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Figure 10-4  Describing function for saturation.

To determine possible limit cycles, we must plot both sides of (10-3),
The left side of this equation is the conventional Nyquist diagram. For
saturation, the right side, —1/G,, is unity for small inputs and approaches
— oo for large inputs. Suppose the two plots have the appearance of that
in Fig. 10-5. Because the two curves intersect, sustained oscillations will
occur at an amplitude given by the valuc of M on the —1/G, curve and
at a frequency given o on the Gy(jw)G,( jw) curve at the point of intersec-
tion. For this case the system is unstable if it is linear because the Nyquist

Imaginary
Intersection
M -1 Real
1/G, 7 ea
w
Gi(jw)Galjw)

Figure 10-5 Describing function analysis of saturation in a control loop.
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plot encircles the —1 point. Thus, a servo designed to be stable in the
Nyquist sense will not become unstable due to saturation. '

Suppose the Nyquist diagram represents a conditionally stable loop,
Fig. 10-6. Two intersections will then occur. Once the system is syn-
chronized, the system will be stable as long as the input amplitude M does
not exceed that at point Py. If the amplitude becomes greater, the Nyquist
diagram encircles the critical point and oscillations will buiid up until a
sustained limit cycle at point P, results. Ii M is greater than that at point
P,, the oscillation amplitude decreases because the critical point is no

Imaginary

[
-1
Py -/ P M P\/ Real

G1(jw)Ga(jw)

Figure 10-6 Describing function analysis of satur.:on in a conditionally stable
loop. . .

longer encircled. Thus, the system is stable until the input amplitude
places the critical point s0 that it is enclosed by the Nyquist diagram.
Point P, is calied a divergent equilibrium point, and point P, is called
a convergent equilibrium point. At the divergent equilibrium peint, the
system becomes unstable and oscillations continue to grow until a sus-
tained limit cycle is reached at the convergent equilibrium point. From
these analyses we can conclude that saturation presents a stability problem
if and only if the lineafr system is conditionally stable. :
When a servo is firsf turned on or for large transients the error may be
large enough to satur teisome elements (especially error detectors). The
critical point is thenfa large negative number (point P, in Fig. 10-6).
Gradually, as the feedback quantity builds up, the large initial error in the
system will be redicgd. If the loop is conditionally stable, then, as the
error is reduced, the ritical point becomes that of point £, ard sustaired
oscillations result. Thus, in a conditionally stable system. means must be
provided to switch to a synchronizing system at an error small cnough so
that the critical point is still to the right of the divergent cquilibrium point
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Py. Other disadvantages of conditionally stable loops stem from their
sensitivity to parameter variations because a shift in gain either up or down
may cause instability. Also, these loops are prone to oscillate with almost
any nonlinearity present in the loop. Lag-lead compensated servos may
be conditionally stable. Type 2 servos are usually conditionally stable,

10-4 DEADBAND !

A deadband nonlinearity (Fig. 10-7) can resuit from coulomb friction
and from overlap of vaive ports in hydraulic systems. The linear gain of

Mp-—
" Dh—f —_ Nae—m = Msin wt
! !
| !
o L\ .
/) o o
-D 1 ! |
! [
o L
|
‘ i 1
00 r_\/ 2% wt

Figure 10-7 Deadband nonlinearity.

the deadband is normalized to unity and any gain present would be con-
sidered as part of the linear portion of the loop. Analysis of the output
waveform gives the following describing function

=27 _ -—12_“_0_[- - (B)ZJ%: {0-5)
Ca 71'{2 YRRV Ll VY (10-3)

which is plotted in Fig. 10-8.

We note that —1/G, is a large negative real number for small inputs to
the deadband element and approaches —1 for large inputs. Suppose the
plots of (1C-3) are as shown in Fig. 10-9. The linear system with this
Nyquist plot would be unstable. However, this system will be stable for
small inputs to the deadband and unstable for large inputs. This is
reasonable because for small inputs the system is operating with low gain
due to the deadband. It may seem peculiar that a system which is linearly
unstable may be stable if it contains a nonlincar element. In this case,
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Figure 10-8 Describing function for deadband. |

the point of intersection is a divergent equilibrium point and unbounded
oscillations will occur if the input to the dea “band is large enough.* In
any practical system, however, saturation wold be present and the oscil-
lations would be bounded. This case is treated in the next section.’

Imaginary
) Intersection
o d —t Real
-1/G4 J -1
w
!
[ [S=610w)Gw)
Figure 10-9- Ddscribing function analysis of deadband in a control lgop.

* If deadband were present in a conditionally stabls systzm. the plot wouid be sumtlat
to Fig. 10-6, with the low frequeucy intersection being a divergent equilibrivm point
and the high frequency intersection being a convergent equilibrium point.
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10-5 NONLINEAR GAIN CHARACTERISTICS

The describing function of the quite general nonlinear gain character-
istic in Fig. 10-10 can be shown to be

Ak
Ga=ky+ 2 (ky — kplsint 2 4 2[1 - (2)] }
™

| M M M/ ,

2 (.,S s[ (S 4 ;
F=(ky — k) 1.__+._ —_ = ! .

, (ke = Kaysin a7l \M” j 0o

The describing functions for saturation and deadband car be obtained
from this expression by letting appropriate quantities be zero. With so

k3
1

|

I

|
ko,
li

I
&
‘Doill:I
;ODS m

——

Figure 10-10 Nonlinear gain characteristic.

many parameters involved, normalized plots are impractical. It is prefer-
able to compute a particular case. A characteristic of interest is the com-
bination of saturation and deadband (Fig. 10-11). Forthiscase k, = k, =
0 and &, = 1 and the describing function is plotted in Fig. 10-12. Note
that the “gain” is small for small inputs, increases to a maximum, then
decreases as the input amplitude M increases. Thus. the quantity — 1,6,
starts at — oo for small inputs, decreases to a minimum, then again ap-
proaches — oo as the input becomes very large. The —1/G, locus and a
Nyquist diagram of a linearly unstable system are shown in Fig. 10-13.
For the intersections shown, point P, is a divergent equilibrium point and
Py is a convergent equilibrium point. Note that this system is stable for
small inputs’but once the input amplitude becomes greater than at point
Py, oscillations will build up to a limit cycle at P,. The —1/G, locus has
a minimum which approaches but never exceeds the — 1 point. Thus. a
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————=(8~D)

Figure 10-11 Saturation and deadband nonlinearity.

system having this characteristic and designed so that the frequency locus
does not encircle the —1 point would be stable. However, it is possible
for the system to be stable even if the — 1 point is encircled because of the
minimum of the —1/G, locus.

Another gain characteristic of interest (Fig. 10-14) is obtained by con-
touring the ports of hydraulic servovalves. Round ports and some types
of flow force compensation of single-stage servovalves also give such a
curve. The slope is normalized to unity near the origin ard the second
slope has a value greater than unity. The describing function for this
characteristic can be obtained from (10-6), and it can be shown that the

1.0 l T T

16, ~S/D = e n
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Figure 10-12 Describing function for saturation and deadband.
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Imaginary

—_———=— Real

T G1(jw)Galjw)

Figure 10-13  Describing function analysis of saturation and deadband nonlinearity
in a control loop. )

maximum value of G, is always less than K. Therefore, the minimum
critical point is greater than —1/K. Thus, if K = 5, for example, it is
possible for the critical point to approach —0.2 as compared with 1.
The —1/G, locus and a typical Nyquist diagram are shown in Fig. 10-15,
The point P; is a divergent equilibrium point and £, is a convergent
equilibrium point. The system is stable for small inputs, but if the input
exceeds Py oscillations will build up . a limit cycle at .. Note that the
frequency of oscillation will be higher than the crossover frequency. With
most other nonlinearities, limit cycles occur at frequencies lower than the
crossover frequency. Thus far this is the first nonlinearity to cause a
system that was designed stable on a linear basis to be unstable.

In some cases this characteristic is intentionally inserted in the loop to
provide increased gain for large signals with decrexsed gain near the origin

v

imaginary

Real

Figure 10-14  An upsweep gain Figure 10-15 Describing function analysis
nonlinearity. of an upsweep gain in a control ioop.
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for stability. However, because the system should be stable for the largest
gain of the nonlinearity, it is debatable whether this technique is uscful.
For large signals the system would be oscillatory, and for small signals the
system would be highly damped. It would seem better to compromise and
use an intermediate and constant vatue of guin at the outset.

All the previous cases were concerned with single-valued nonlinearities.
For such cases, an approximate describing function is the slopc of a line
drawn from the origin to a point on the nonlinear curve corresponding
to the input amplitude chosen. Repeating this procedure for several
values of input amplitude, an approximate plot of G, is cbtained rapidly
and easily.

10-6 BACKLASH AND HYSTERESIS

These nonlinearities are multivalued. With backlash (Fig. 10-16), the
input must be moved an amount H/2 before any motion of the output

n
l‘H»] Mb— m =M sin wt
/—<— Hf2
/1 | me)
/ 1 0 } ,
/ m 0 x : 27, wi

(/ |

Figure 10-16 Backlash nonlinearity.

occurs. Upon reversal, the input must move a distance H before output
motion again occurs. The backlash width H is a constant. Backlash is a
nuisance in control systems and some of the physical situations which
cause it are:

1. Loose gear meshes from which the term “backlash” stems.

2. Loose fitting pins in lever arrangements.

3. Flexure in lever arrangements which are loaded by friction. Thus,
a tight fitting pin as well as a loose fit can cause backlash. This preblem
is treated in the next section.

4. Coulomb friction load on a hydraulic servo causes backlash in the
closed loop response (see Section 10-7).

5. Deadband in the forward path of a type 1 servo loop causes backlash
in the closed loop response. For example, a hydraulic servovalve with
overlap will cause backlash in the closed loop response.
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The describing function is given by

a. b 2']% a
(BB
=)+ )] L by (107)
where 4 --ELI—(-}i - 2)
M  oM\M
b, 1{n L AN AT BT '
mE=gstsin - =)+ - =2 — = ,
M-l Y (\ M/ M,}L M '\.M.)d J

and is plotted in Fig. 10-17. Depending on the amplitude of the input to
the backlash, this nonlinearity can contribute up to 90” of phase lag. For
this reason, backlash poses a very serious threat to the siability of a ioop.

The plot of —1/G, for backlash and a Nyquist diagram for a type |
system are sketched in Fig. 10-18. There are three intersections.* The
low frequency intersection P, and the high frequency intersection P, are
convergent equilibrium points. The intermediate point P, is a divergent
equilibrium peint. Note that the points of intersection are not as clear as
in previous cases. Limit cycles predicted by describing function analysis
are most accurate when the two curves intersect nearly perpendicular.
Therefore, we can infer that accuracy of prediction may be poor in this
casc. The low frequency intersection corresponds to a value of HiM ~ 2,
That is, the peak-to-peak amplitude of the oscillation at the input has a
value equal to the total backiash width. The frequency of oscillaiion is
very small and appears as a “‘wandering” within the backiash zone. Tha
backlash width can be referred to the output and may properly be regarded
as an error because control cannot be maintained within the backlash
width.

Lag compensated servos have the higher frequency intersections in Fig.
10-18. If the amplitude to the backlash exceeds that at point P,, oscillation
will build up to a limit cycle ut point P;. Removal of the high frequency
intersection and the associated limit cycle is very difficult. The following
techniques may be useful:

1. Reduction of the loop gain constant until the linear locus is well
within the —1/G, locus. This is a sacrifice of accuracy for stability.

2. Lead compensation could be inserted in the frequency range between
points P, and P, to bend the linear locus so as to aveid an intersection.
Describing functions are very useful in design because, as in .Lis case,
corrections to avoid limit cycles are suggested.

* For type 2 and 3 systems, a single intersection will always occur and wili be a
convergent equilibrium point.
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Figure 10-17 Describing function for backlash.
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Figure 10-18  Describing function analysis of backlash in a type 1 conirol lcop.

287




288  NONLINEARITIES IN CONTROL SYSTEMS

3. A gain shaping nonlincarity could be mserted to lower loop gain for
signals greater than at point P, so s to shift the linear locus to the right
and avoid intersections P, and Pj.

4. Dither is a widely used method of removing backlash. It is very
effective where the backlash is caused by fiiction. Dither is a high fre-
quency signal of constant amplitude and frequency which is added to the
control signal at the input to the nonlinearity and has the eifect of making
the element appear linear. Dither cannot be used in cases such as ge:a; '
backlash because it is difficult to inject, causes wear. and appears in the
output.

5. If the cause of backlash is known, a reduction in the amount will
reduce the amplitude of oscillation. The frequency, however, will not be
altered.

6. A redistribution of gain in the loop can be effective in reduciag limit
cycle amplitude. If the backlash is in the forward path of the locp, in-
creasing the gain ahead of the backiash (witi a corresponding gain reduc-
tion after the backlash to maintain the same over-all joop gamn) will
decrease the oscillaticn amplitude at the output.

For type 2 and 3 systems, the limit cyclc is almost impossible to avoid.
Some of the techniques outlined may be usetul at least in reducing the
oscillation amplitude.

In all cases, limit cycles caused by backlash occur at a frequency lower
than the crossover frequency of the loop that is oscillating. The frequency
of oscillation as well as the distinctive flat-topped appearance of the output
waveform usually makes for easy identification of backlash in component
tests. Knowledge of the physical situations which cause backlash and
abnormal phase lag across an element are also aids in detecting hacklash.

In some cases there is more than one backlash in a loop. if dynamics
between the elements with backlash are ncgligible, the individual backlash
widths, properly referred to the same point, can be added to obtain a
single backlash. If dynamics are not negligibic, individual widths cannot
be added and the situation is much more complicated. An extreme case
can be considered where the filtering is so thorough that only the funda-
mental component of the output of the first backlash remains as an input
to the second backlash. The over-all describing function can then be
obtained using Fig. 10-17 for each backlash and combining the resuit.
For example, a given input amplitude M, determines the gain and phase
of the first backlash. The amplitude A, at the input to the second vacklash
is the product of the gain of the first backlash and M,. Because M, is
found, the gain and phase of the second backlash can be determined. The
total gain across the iwo backlashes is the product of the individual gains,
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and the total phase shift is the sum of the individual phasc shifts. Thus,
if two elements having backlashes whose widths are of the same order
referred to a point and if there is substantial filtering between the elements,
it is conceivable that a phase lag approaching 180" could be obtained.
Limit cycle oscillation therefore. would be extremely difficult to avoid.
The procedure outlined to obtain the over-all describing function for
several nonlinearities by simply combining individual furctions must be
used with caution. However, it affords a very approximate way of dealing
with very complicated nonlinearities where most other tcchuiques fail,

Output Qutput

7
/.

/
7

(a) ®)

Figure 10-19 (a) Actual hysteresis cha}acteristic; (b) Analytical modet of hysteresis.

Components with magnetic paths, such as electric servomotors and
torque motors of electrohydraulic servovalves, have a muitivalued non-
linear characteristic commonly referred to as hysteresis (Fig. 10-19a). The
width of the hysteresis loop varies directly with the input signal. whereas
with backlash it is constant. Neal and Bunn [4] have proposed an approx-
imation of hysteresis for analysis purposes. Assuming the ratio A/M to
be constant, the describing function for the hysteresis model in Fig. 10-20
can be shown to bef [4] '

o= [T (- ) e

Because hfM 15\4 onstant, the describing function locus —1/G, consists
of a single point rather than an entire curve as with backlash. Forexample,
if h/M = 0.1, that is, h is 10% of the input amplitude, then G, = 0.902
/-4 and —1/Gy= 111 /— 176°. Thus, the critical point is shifted from
1 /—180° to 1.11 /. —176°.
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Becausc the critical locus for hysteresis consists of a single point, this
nonlinearity is not a serious threat to stability. The nost noticcabice attri-
bute of elements with this nonlinearity is a fixed amount of phase lag at low
frequencies. Frequency response measurements of electrohydraulic servo-
valves often show a fixed phase lag, that is, substantially independent of
input amplitude, of & few degrees at low frequencies.

It is apparent that dither is not etfective azainst clectrical hysteresis
because the width of the loop varies with input amplitude. Furthermore, it
is questionable whether the shift in critical point location caused by

n h
: m =M sin wt
Slope = 1-2 h/M Mpb——= )
n
h 2| :
¥ I
M V4 L m 0 !
I Vi M
: 1 —»hL—
| 1z
n(t)=—h + Msin wt 0=wt <72
n(t)=h + (M~ 2h) sin wt TRSwsT

Figure 10-20 Hysteresis nonlinearity.

hysteresis is enough to warrant use of compensation networks. If A/ is
quite large the shift in critical point may be significant. However, good
components should have small values for A/, say less than 0.1.

10-7 RELAY TYPE NONLINEARITIES

In many instances relay or relay type devices such as bistable hydraulic
valves and clutches are used in the forward path of control loops. The
major advantages offered by the use of on-oif devices is low system cost
and simplicity. The main disadvantage is that such elements are highly
nonlinear and usually cause a limit cycle. The analysis and design of
servos using such elements is more difficult. The technigue of lincarization
cannot be used because no linear region exists. However, describing func-
tion analysis is particularly well suited to the treatment of these systems.*

Typical relay type input-output characteristics and their describing tunc-
tions are tabulated in Fig. 10-21. Normalized plots are shown in Fig.

* As a matter of fact the technique was originally develeped to analyze relav type
servos and is credited to R. Kochenburger in this country.
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igixre 10-22 Describing function for a relay nonlinearity.

10-22. “Letf us consider the three cases shown in Fig. 10-21a, 10-215, and
10-21e. YHe describing function analysis of servos with these nonlinearities
are illustrated in Fig. 10-23.

The describing function analysis for ideal relay (Fig. 10-23a) gives a
convergent equilibrium point at the intersection of the two curves. Thus,
a limit cycle is predicted if the phase lag of the linear portion of the iocp
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Figure 10-23 Describing function analyses of relay type servos.
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becomes 180° and, for physical systems. this will always occur. If the
amplitude of the limit cycle is too large, it may be reduced by a redistribu-
tion of gain in the loop if this is permissible.

If the ideal relay has only deadband, it is possible to stabilize the systern
(Fig. 10-23b). The describing function for this case has a maximum of
G, {nmx = 4/ D, which occurs when M = D,"\,"2. Hence the minimum
value for —1/G, is -- D/1.275, and if the linear locus crosses the real axis -
with less gain, the servo wiil be stable. Although deadband stabiiizes the
loop, it introduces static error. Again, we sec that accuracy must be
sacrificed to obtain stability.

If the relay has deadband and hysteresis, then the casc shown in Fig.
10-23: results. The system is stable for small inputs, but if the input
exceeds P,, oscillation will build up to a himit cycle at the converge::t
equilibrium point P,. For absolute stabiity, the linear locus must be
shaped by proper compensation to avoid intersection with the describing
function.

10-8 FRICTION NONLINEARITIES

This section will be devoted to the effects of static and coulomb friction
in control loops. This phenomenu is of such complexity that it is necessary
to consider three describing functions, each having utility in diffcrent cir-
cumstances.

Newton’s second law applied to any element, usually a power element.

F

+F, "i
+F.

x or Bx

-

Figure 10-24 TIdcaliced friction characteristic.
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will result in an equation of the form

2
F,~=Ma%t—'§+3d;t£+Kx+F,+FL (10-8)

where M, is mass, Bis a viscous damping cocfiicient. K is & spring constant,
F, is a constant or arbitrary lcad force, F, is the driving force, and F, is
the friction force whicii is a sign dependent function of velocity with the
somewhat idealized characteristic of Fig. 10-24. We can distinguish three
cases depending on whether mass, viscous. or spring forces dominate. The
block diagrams* of these cases are shown in Fig. 10-25. A fourth case
where the driving force is consumed only by friction could be identificd
but this does not represent a situation of great interest. or each casc in
Fig. 10-25 the describing function must be found for the nonlincarity in-
dicated and, by breaking the loop at point “p,” a describing function
analysis can be performed. Each analysis fails if the quantity on which
the describing function is based is absent. For example, if M, were small
or negligible, a procedure based on Fig. 10-25a would fail because the
open loop gain would be infinite. Similarly, a procedure based on'Fig.
10-25b would fail if damping were zero. On the other hand, the case of
Fig. 10-25¢ would survive if both M, and B were zcro, providing that K
is not zero.

It is important to realize that one describing function canrot handle
all nonlincarities due to friction. Because mass is present in all systems,
Fig. 10-25a could be viewed as valid for all cases. However, in many
systems mass can be neglected and a technique based on mass would be
somewhat artificial with questionable accuracy. For example, the force
required for acceleration during a limit cycle in a hydraulic servo is but a
small fraction of that required for velocity dependent terms. Hence, a
describing function based on the dominance of velocity forces would be
in order.

Case a—Mass Force

The mathematical ckpression of the describing function for the nonlinc-
arity in Fig. 10-25a 1S quﬁte involved [5, 6]. However, it is plotted in Fig.
10-26. This describirlg functian is independent of M, and s (frequency)

* Strictly speaking, Eq\ 0-8) cannot be transformed because it is nonlinear. However,
it is customary to use s!in the construction of block diagrams etc. with its meaning
restricted to a shorthand notation for d/dr rather than as Luplace operator.  Frequency
response solutions arc obtained by substituting jww for s with suitable approximations
of the frequency response of nonlincar clements. Transient response solutions must
be found from the original differential cquation.
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Figure 10-25 Block diagrams of Eq. (10-8).
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because the friction force is dependent only on the sign of veiocity. How-
ever, the value for M, must be included in the linear part, as indicated in
Fig. 10-254. Motion ceases for M < F, and this relation in the form

F, 1

—jii—l imax= r

— (10-9)
sl’r c

is used to draw the dashed lines in Fig. 10-26.

tmaginary

1.0 = F,/F.

' Real

-1
I A
Gi(jw) Gjw)

i

Figure 10-27 Describing function analysis of a control leop with a friction non-
linearity based on dominance of incrtia term. \

Note that this describing function can contribute up to 90° of phase lead.
However, with the loop broken at point “p™ in Fig. 10-25q, the lincar
locus usually has a double integration. Hence, the phase lead in G, dnes
not represent a stabilizing influence.

This dpscribing function was originally derived for use with loops having
electric fnotors as power elements [5]. Typical plots for such a case are
shown ip Fig. 10-27 and indicate no serious stability problem. Note that
the lineqr 1ocus does not have the usuat appearance of a type 1 servo loop.
This m4kes comparison of this nonlincarity with others very difficult be-

causit e linear loop gain must be in a special form.

Case b—Viscous Force Dominant

This case is applicable to power elements that are primarily integrating
devices such as electric and hydraulic motors. Fer thesc devices the 5
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Figure 10-28 Friction nonlinearity bascd on dominance of viscous forces.

coefficient in Fig. 10-25b is quite large and always present because it mainly
represents internal damping rather than load viscous friction.

The nonlinearity with waveforms for a sinusoidal input are shown in
Fig. 10-28. An analysis of the output waveform yields the fellowing
describing function [7]. |

S T

by
\2 \2
where 72 = (f—”) [25— | —(5)}
M WM/ LU, F,

2
“ . + f_‘_’(i’ _ 2) [1 _ (5")}
M\F, M/

The magnitude and phase of this descriting function is plotted in Fig. 10-29.
There is no output fmotion for M < F so that (10-9) can be used to draw
the dashed lines thirough the tips of the loci. Note that for F, = F, the
describing functiog is identical to that of a deadband nonlinearity with
a total deadband pf 2F.. As a matter of fact the equation defining the
nonlincarity ism 5 B¢ + F,and s plotted in Fig. 10-30a. Because n = Bi,
the ordinate dm\({l abscissa positions may be interchanged to yield Fig.
10-30h. This is\he input-output characteristic of the locp in Fig. 10-28
and clearly shows deadband if F, = F,. Thus. we see how iriction can
result in deadband and. because it lowers gain, may tend to stabilize a
system. However, we shall see in the next discussion—ihat s, case ¢—
that friction can also be a very serious destabilizing influence.
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Figure 10-29 Describing function for a friction nonlinearity based on dominance of
viscous forces.

It is important to note that Figs. 10-28 and 10-30b are fully equivalent
representations of the nonlinearity under discussion and may be used inter-
changeably.

As an cxample of this nonlinearity, consider the two-stage hydromechan-
ical servovalve in Fig. 10-31. Let us assume that the servo loop involved
has been properly designed and, consequently, has a crossover frequency
well below the hydraulic naturai frequency. A Bode diagram simiiar o
Fig. 8-6 would result. We would like to know what effect friction betwezn
the main spool and its sleeve would have on servovalve stability and closed
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Figure 10-30 Plots of m = B -+ F,.

loop performance. In this regard, let us assume that any self-sustz =3
oscillations will occur at frequencies well below the hydraulic natural “~z-
quency so that fluid compressibility and load inertia can be neglectec. Tre
validity of this assumption can be checked once possible limit cycie "=
quencies have been established.

Referring to Fig. 10-31, the pilot spool position is given by {2-2: :=3
the load flow is described by (6-3). Neglecting compressibiits. 22

[—) x;
= Supply

Pilot return

S = Pitot soool
+ ¢ [—) — L P =T ) coefficients

T S = K, K.

Xp

‘;\p

L ] f

Main spool
reiurn

Load lines /

Figure 10-31 Two-stage hydromechanical servovalve.
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Gy
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X K3 + a Xy | AeKyg m+ n K Xp
in.| @ CP a+blin | K b ib Ap*- in.

Figure 10-32 Block diagram of two-stage hydromechanical servovalve with friction
on main spool.

continuity equation is
Qr = Az, (10-11)

Leakage across the pilot valve ports can be included in the pilot spool
coefficient K. Because friction load on the main spool is dominant,

PiA,=F, ‘ (10-12)
where F, is described by Fig. 10-24. Tombining (6-3), (10-11), and (10-12),
we obtain o

A‘.!
r,=F, 4+ %5
K, T K,

z, | (10-13)

Equations 9-2 and 10-13 can be used to construct the block diagram in
Fig. 10-32 which bears a close resemblance to Fig. 10-256. Note that

v Imaginary

Real

\ /’2/ Gi(w) Gy(jw) = K,fs ==

Figure 10-33  Describing function analysis of a servo loop with a friction nonlinearity
based on dominance of viscous forces.
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B = A}[K, is the viscous damping coefficient of the valve and piston
(actually main spool) combination, and it is usually a very large number.
The linear portion of this loop is given by K,/s, where

-~ —— sec™l

b=aini

is the velocity constant. The describing function locus —1/G, is computed
from Fig. 10-29. Hence, the describing function analysis tor this case is
shown in Fig. 10-33 and indicates no particular stability problem. It is

Xp

/ (bla)x;

_ (a4 b)K, _ (a+b)Ke
& He= "Rk

Figure 10-34 Low frequency closed loop input-output characteristic of a two-stage
hydromechanical servovalve.

F.

clear that limit cycle frequencies, if such would exist, are lower than the
crossover frequency, and this justifies the original assumption. If the loop
were a lag-lead compensated type 1 servo, intersections might occur if
phase margin were very small. The stability of conditionally stable loops
would also be adversely affected. Therefore, it is reasonable to conclude
that this friction nonlinearity is not a serious destabilizing influence. How-
ever, because it is comparable to deadband, it does result in a static error
equal to the deadband zene.

Let us now look at the closed loop response of this two-stage servovalve
If a low frequency sine wave was used as the input to the system in Fig.
10-32, the input-output characteristic in Fig. 10-34 would result. This
result is best visualized using the deadband representation of the nonline-
arity in Fig. 10-30b. The action is similar to that of a loop with deadband
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followed by an integration which is 2 common analog computer circuit
for generating backlash. In fuct, if F, = F., the input-output character-
istic is exactly backlash. Thus, the two-stage servovalve introduces back-
lash, which is well known to be destabilizing, into the system because of
friction. As a matier of fact, the nonlincarity in Fie. 10-34 will cause any
type 1 servo to Limit cycle. This nonlincarity will be considered in detail
in the next case. Before leaving, however, it shouid be apparent that the
analysis just given is applicable to any hydromechanical servo. '

Case ¢—Spring Force Dominant

Situations arise where mass and viscous forces are small and may be
neglected entirely. Tor example, at frequencics far below the natural {re-
quency, the response of a second order system is determined by the spring

x1 x

K,
Figure 10-35 Spring and friction system.

constant and by friction if it is present. A model of this case is illustrated
in Fig. 10-35.* Neglecting mass, the equation of motion is

Kz, —2)=F, (10-14)

where F, is given in Fig. 10-24. The block diagram of this medel is showa
in Fig. 10-36 and is identical to the nonlinearity indicated in Fig. 10-23c.
With some reascning of the physics in Fig. 10-35 or of the signals involved
in Fig. 10-36, it is possible to conclude that the input-output characteristic
in Fig. 10-37 is an equivalent representation of this nonlinearity if H, = F,
and H. = F,.

Analysis of the waveforms in Fig. 10-37 yields the following describing
function for this nonlinearity [8]

2 27 U4
G, = [(ﬁ)+ (%\)] Jrau? (‘;—) (10-15)

1

* This model is also used to illustrate stick-slip. Atlow velocities a body propelled bya
compliant source may not move smoothly along a surface but may exhibit 2 jumpy
motion due to alternate sticking and slipping. This phenomenon is known “stick-stip”
and is especially noticeable in the motion of machine tool slides at low feeds. The
chattering motion of chalk on a blackboard ot of a fingernail being pulied acsoss &
metal surface are other examples of stick-slip. Stick-siip occurs below a certain critical
velocity [91 and the necessary ingredicnts for (his limat cvcie are a velocity source, a
spring, a mass, and static and coulomb iriviion betweei the stiding surfaces.
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Figure 10-36 Friction nonlinearity based on dominance of spring forces. m = K.z
and n = K.x.
Qutput, n
\
/ ' Input, m
\
/
‘ ,
m = M sin wt
Mbe————
M= He|-—— 4~
| Ny~ "
M-Ho=H|f A
o @ 2
wiz x wt

na=1-(H,+ H)IM

—— — g

Figure 10-37 Input-output characteristic of spring-friction nonlinearity and wave-

forms for a sinusoidal input.
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Figure 10-38 Describing function for a friciion nonlinearity based on dominance of
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C(HY H H 2 2
where —! 4(—5> (1 + ——*) —4—= (il_{) (l + ﬂ)
] M H, M \M. H,

M

b \
-1r—1=7—7+sin'lli ———(I-}-—-]
M 2 M H’J

+[“%(~3“‘;;)][2,Z(‘+f7ﬁ) (H)( + —~)Tﬂ

which is plotted in Fig. 10-38 for various values of H /H].. BLCaUSC output
motion ceases when M << (/1 4+ H,)/2, this relation in the form

Hy ___ 2

M imax 14 HJ/H,
defincs the terminai points of the loci. By substituting (10-16) into (10-15)
the describing function at the end points is ‘

4(H,—H) /9

m(H,+ H,)
Hence, we note that the —1/G, loci terminate on the —90” linc of a Nyquist
diagram, and we can conclude that any type | (and higher) system having
this nonlinearity will limit cycle. Type 0 servo loops will also limit cycle
if the linear dynamics are such that intersecticns with the —1/G, loci occur.
Hence, this friction nonlinearity is much mcre critical regarding stabxhty
compared with the previous two cases.

An important special case, representative of the majority of servo loops.
is where the loop dynamics consists simply of an integration, that s,
Gy(jo) Gy jo) = K, /jww where K, sec™! is the velocity constant. Because
the amplitude is small during the limit cycle, the nonlincarity in Fig.
10-37 reduces to a rectangle of width H, 4+ H, and height H, — H..
Hence the block diagram of this loop will be as shown in Fig. 10-39.: The
describing function analysis for this case is shown in Fig. 10-40. Because
intersections occur at the end points of the —1/G, loci, this loop will limit
cycle. Equating the Jinear locus to the value of —1/G, at the end points,
obtained from (10-17), yields the limit cycle frequency as

| 4 K(H,—H,)

J= — 2% % rad/sec 10-18
= T H, + 1) rad/ (10-18)

The amphtude o\f<t e limit cycle at the input to the nonlinearity in Fig.

(10-196)

d Iend

(i0-17)

10-39 is given by\1D-16). Therefore,

' M, = ’-’—42“5 (10-19)
The amplitude at the output of the honlinearity is
Cp = ’i;—” (10-20)
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H, +/H.,.\\T / H, + H, }I,—HC\
+ kK | vV X = :F:Hi'f:
mQ_“ s " c

Loop
dynamics

r

Y

Nonlinearity

Figure 10-39 Simple Type 1 scrvo loop containing spring-friction nonlinearity.

Since the nonlinearity reduces to a rectangle for small inputs, the cutput
of the nonlinearity must be a square wave. And this square wave passed
through the integration in the loop results in a triangular waveform at
the input to the nonlinearity. Therefore (10-19) and (10-20) are the
amplitudes {zero to peak) of a triangular and a square wave, respectively.

Imaginary

Real

— G1(jw)Goljw) = Kyls

HH.=1

Figure 10-40 Describing function analysis of a simple Type 1 setvo loop containing
a spring-friction nonlinearity.
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For this particular case it is possible to make an exact analysis of the
limit cycle if triangular and square waveforms are assumed. The ampli-
tude of the limit cycle remains that given by (10-19) and (10-20) but the
frequency of oscillation becomes

_ mwK(H,— H)
2 (H,+H)

which is (7/2)/(4/n) = #?*/8 = 1.23 times that predicted by the describing
function analysis. This frequency deviation is not large but can be
attributed to the fact that the input to the nonlinearity is triangular
rather than sinusoidal, as assumed in the describing function technique.

A common example of this nonlinearity occurs when there is a friction
load on a compl.ant drive system, as illustrated by the machine tool slide
in Fig. 10-41. The motor shaft must be rotated enough to build up the
necessary break-away torque through the compliant drive before mction

@y, rad/sec

=
I Table I
L"‘%WW > = g
= %, 70000 l I WZ///E/Z/ 2 Friction, FI
2 ,:J\\\\\\\\\\\_Ni ‘\\\\\\\\\\\\‘é
E: o Screw with pit::h
n:1 gear of pin./rev
| |reduction
= (a)
K, Ks
/ ;s
Om e A x
ad | " [Ta |7 T 74 i;.
£
()

Figure 10-41 (a) Compliant machine tool drive with table on plain (friction) ways;
(b} Input-output characteristic of system. K, is the drive spring rate at the table and
is obtained by locking the motor shaft.
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takes place. If position feedback is taken from the table, then this friction
nonlinearity will be in the loop and will cause a limit cycie. If feedback i;
taken from motor shaft position, then the loop will be stable because the
nonlincarity is outside of the loop; however. this nonlinearity would
cause an error in table position of up to H, + F. in.

There are many physical exarsples of this particular friction nonlinearity
[8]). Allthatis needed is a friction load on a comphiant mechanical member,
This nonlinearity causes even very simple seevo foops to fimit cycle and
is responsible for many of the low frequency oscillaiions often observed,
It cannot be compensated ctlectively except by use of a dither. However,
dither is not useful in all cases because it may be diflicuit to add in the loop,
it may cause wear, and it may appear in the output.

Summary

The equation of motion including friction {10-8) is of such complexity
that it is not possible to obtain a describing function that includes all terms.
However, such functions can be derived for cases where friction is com-
bined with each of the usual forces, that is, mass, viscous, and :pring
forces, to oppose the driving force. Thus, three cases were distinguished.
The first two cases were not a serious threat to stability but the third case
was. Familiarity with examples and experience arc the main faciors in
determining which case is applicable to a given problem.

10-9 USE OF DESCRIBING FUNCTION CONCEPT IN
SINUSOIDAL TESTING

Quite often a suitable mathematical description of a component must
be obtained to facilitate analysis and design of the system as a whole. This
leads to the question as to what tests are necessary to obtain a satisfactory
description. Familiarity with describing function analyses makes one
aware that attenuation and phase shift can result from the amplitude as
well as the frequency of the input sinusoid. Attenuation and phase shift
due to input amplitude identifies the component as being nonlinear.”
Because we have seen that an input-output characteristic is a very good
description of common nonlinearities, this fact suggests a test procedure.

* It is interesting to note that phase lead as well as lag is possible from a nonlinearity.
For example, backlash can give up to 90” phase lag. However, if the back.ash is in
the feedback path of a loop, then the closed loop response will have the characteristic
shown in Fig. 10-14 at low frt.qu..ncncs which will yield up to 90° of phase lead, depending
on the input amplitude. Case a in Section 10-8 is another example of a nonlinearity
which gives phase lead.
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Orce an input and an output have been identified, a component can be
represented by a “black box,” as illustrated in Fig. 10-42a. An approxi-
mate mathematical description can be synthesized as a cascade arrangement
of the input-output characteristic {to describe nonlinearities) and the trans-
fer function (to describe the linear dvnamics) of the component, as shown
in Fig. 10-42b. It might be that the nonlinear and linear natures of the
component are so interspersed that such a lumped represeriatien is not
possible. However, crude as this approximation might be, such a repre-
sentation should be assumied unless a more ucceptabie model is known,

Input Component Qutput
——d with unknown !
characteristics

(a)
Nonlinear Linear
porticn portion
Input Input-cutput Transfer | Output i
characteristic function |
(b)

Figurc 10-42 (@) Biock representation of a component; () approxinate mathermatical -
description of the component. '

Which lump is placed first in Fig. 10-42b can be deduced from the cutput
waveform for high frequency sinusoidal inputs. If the output waveform
is well filtered, onc can conclude that the hinear transfer occurs after the
nonlinear characteristic. If the output waveform shows flat spots, dis-
continuities, cusps, and other features typical of the output of a noniine-
arity, then one cah conclude that the lincar transfer function should precede
the input-output characteristic. If neither extreme exists, the assumption
that the nonlinear and linear natures of the component can be lumped
into discrete blocks becpmes questionable. '

Care must be uscd in heasuring the input-output characteristic of a com-
ponent. Continuous piptting of data on an z-y recorder is recommended
for best results. A loy frequency input sinusoid is used so that linear
dynamics do not affec{ the output. It is important to use a small input
amplitude because a\lafge value can mask any backlash and/or deadband
which is present. However, a large input is required to establish saturation
limits.

Measurement of the linear transfer function is difficult because it is not
possibic to isolate the effect of nenlincarities cn the output. This is the
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reason many components, such as electrohydraulic servovalves, show a
phase lag at low frequencies where the linear dynamics indicate no phase
lag should exist. Fairly good results can be obtained by using a sinusoidal
input amplitude large enough to mask nonlinearities which dominate at
small inputs (such as deadband and backlash) but not so large as to en-
counter nonlinearities that become effective at large inputs (such as satura-
tion). Sweeping the frequency range with an input between these limits
will usually provide a frequency response from which the transfer function
can be approximated using asymptotic slopes. Again, continucus data
plotting of the frequency response, both gain and phasc, is recommended.

In both these tests some juggling of input amplitude and frequency, as
well as many trial runs, are usually necessary to achieve results having a
high confidence level.

10-10 TROUBLESHOOTING LIMIT CYCLE OSCILLATIONS

In this chapter we have discussed whether certain known nonlinearities
will cause instability problems. However, in spite of caretul design, sys-
tems often oscillate and the problem is to find out why. Finding the cause
of such oscillations can be time consuming and costly unless scme sys-
tematic approach is used.

Because every signal in the loop is oscillating at the {imit cycle frequency,
it is impossible to trace the oscillation to its source. (We are assuming
self-excited rather than forced oscillations.) At the outset it is quite im-
portant and fundamenta; to recognize that no such simple source exists.
Self-excited oscillations spring into being because the dynamics of com-
ponents in the loop combine to produce an unstabie loop. If the loop is
broken at any point the oscillation will cease. Modification of the static
or dynamic characteristics of one or more components in the loop may
cause the loop to become stable. Because limit cycle oscillation is a
characteristic of the loop as a whole, there is no such thing as a “bad”
component. However, it is quite possible for a component to have certain
characteristics, such as backlash, which make a loop more prone to limit
cycle. In this sense the component may be declared “‘bad.” However,
the oscillation is due to the combination of components and not to the
individual component. Hence, limit cycle oscillation must be treated as
a system problem. The purpose of this section is to describe techniques
which have proved usetul in troubleshooting limit cycle oscillations.

The first step in troubleshooting a limit cycle is to obtain a mathematical
block diagram of the servo locp and use Nyquist's or Routh’s criterion
to establish stability. Stability is a basic performance limitation 10 any
feedback control system and designs arc often pushed 1o the unstable
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regions. An elementary analysis using gain constants and dominant time
constants is often sufficient. Needless to say, analysis must show the loop
to be stable before a discrepancy with test results can be declared. A
simple gain reduction will often make the foop stable and is all that can
be done in difficult cases. In complicated systems stability may be impos-
sible to analyze. Testing and troubleshooting are then the only recourses,
and systematic, rational techniques must be used.

The second step in a limit cycle problem is to identify the loop that is
oscillating. Two facts aid this task. Because a loop ceases to oscillate
when opened, one can start at the outermost loop and work toward inner

Input ——
{constant) Component | X1 | Component | x2 Component | *3 | Component x4, Output
+ No. 1 No. 2 No. 3 Ro. 4
Component x5 Component
No. 6 No. 5 \

Figure 10-43  An unstable control loop. .
loops, breaking each in turn, to determine the . stable loop. Another
clue to the unstable loop is the frequency of osc..lation. Loops tend to
oscillate at frequencies below the crossover frequency (relay type servos are
an exception). Hence, a high frequency oscillation would be indicative of
an inner loop or component instability while a low frequency suggests
instability of the major control loops. A comparison of the frequency of
oscillation with known resonant frequencies, especially structural modes .
of vibration, may also be helpful. Once the oscillating loop is determined,
thea the sequence of events around the loop should be traced and all
physical variables identified. A block diagram of the loop should be drawn
and, if at all possible, a stability analysis should be made.

Suppose the block diagrgm of the unstable loop is shown in Fig. 10-43. -
All physical variables, z, through g, are oscillating in some periodic
manner at the limit cycle frpquency. Some waveforms are sinusoidal, but
others are not which indicdtes the presence of nonlinearitics. The problem
now is to determine why this particular loop is oscillating.

The third step in this tr ubleshooting process is based on the fact that
the total phase lag arou_jzx ¢ loop that is limit cyeling is exactly 360° and the
b gain is exactly unity. Because the sign inversion of the negative
feeduck gives —180°, the components around the loop, that is, from z,
to z4 in iig. 10-43, must contribute exactly —180° of phase shift. If the
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phase lag were greater or less than — 180, the limit cycle amplitude would
be increasing or decreasing. A steady limit cycle amplitude is reached only
when the phase lag is precisely 180” (see Section 10-2).. This fact suggesfs
a systematic test procedure. fnstrument and record several signals in the
loop, say «,, ¥,, and z, in Fig. 10-43, while the loop is oscillating. The
phase lag across various components in the loop can then be cbtained
from this test record of the limit cycle. Thesc values are then compared
with theoretical values computed at the limit cycle frequency. Hence, the
component that contributes an unusualiy large phase lag can be immedi-
ately identified.

For example, suppose a 50° phase lag is expected from r, to x,, excluding
the sign inversion, and this is closely verified in the test. Because the loop
is oscillating, the phase lag from x, to 2, must be 130°, which should also
correlate with the test record. Let us assume that component No. 3 is an
electrohydraulic servovalve and component No. 4 is a hydraulic motor.
Let us further assume the limit cycle frequency is low enough that servo-
valve and motor-load dynamics contribute negligible phase lag. Under
these conditions a phase lag of only 90°, due to the hydraulic motor
integration, would be expected from z, to z,. Because the test record
shows a lag of 130°, these two components are identified as causing the
limit cycle. We must now instrument and record z;, which is perhaps
servovalve spocl position, to determine whether the excess lag is due io
the servovalve or to hydraulic motor load. Assuming this test shows 40°
lag across the servovalve, this component is then undesiratle. The question
now is why this component contributes excessive phase lag. The answer
is usually a nonlinearity, such as backlash, and not the linear dynainics
of the component. The waveforms of the limit cycie signals provide 2
valuable clue to the particular nonlinearity involved. The output waveform
of a component with deadband, saturation, backlash, or hysteresis is
readily distinguished.

This technique of recording the Emit cycle at several points in the loop
and comparing the phase lag between these points with that expected works
very well in complex systems with many components because physicai
variables can be easily identified and measured. It cannot be used effec-
tively in troubleshooting component instabilities becausc of difficulties in
identifying the oscillating loop and measuring the quantities involved.
~ In many cases attempts are made to troubleshoot a limit cycle by
breaking the loop and injecting a sinusoidal signal from an oscillator to
obtain component transfer functions. These measured transfer tunctions
are then compared with theoretical results and discrepancies are noted.
Inadvertently, however, the injected signal amplitude is much larger than
that of the limit cycle and masks nonlinearities, such as backiash, imporfant

v 80, BTl 4



< b

[

TROUBLESHOOTING LIMIT CYCLE OSCILLATIONS 318

in limit cycle generasion. It is far better to record the limit cycle signals
directly and to deduce conclusions. Although these signai levels are low
and must be amplified for recording, no amplitude calibration is necessary
because only phasc information 1s requnred

The troublcshootmg technique described is usetul for another purpose.
After a servo system is designed, built, and tested, it is desirabie to antici-
pate limit cycle problems and determine how and why the system would
oscillate if the gain were increased bevond the stability limit. Raising the
gain beyond the stable value and recording several points in the loop, the
test record of the resulting limit cycle can be analyzed to detcrmine
the critical nonlincarity andjor component. In this manner significant data
concerning system stability can be obtained.

It has always been the author’s experience that limit cycle oscillations

or other transient problems can be traced to a few tundamental physical .

characteristics of the system and have relatively simple explanations. A
“more thorough” analysis of the linear counterpart of the system taking
into account more sources of dynamics might increase the system order
from, say, third to perhaps tenth order, but usually sheds no new light on
these problems. A simple argument, usually involving a nonlinear‘ity, is
sufficient to explain most system difficulties.

Another factor to consider is the system type. Type 1 systems, Ihd[ is,
systems with an integration in the loop, inher: Uy have very good stability
characteristics because they can be made stavble by a sufficient reduction
in only one parameter—the velocity constant. The —1 siope of the Bode
diagram at low frequencies forces the gain down so ihat the crossover
frequency can be established on a —1 slope, which is the ideal situation.
In effect, the integration acts as a large low frequency lag which deminates
the loop dynamics and. therefore, dominates the stability picture. This
attribute of a Type 1 servo, that is, of having a sound crossover frequency
independent of other system dynamics providing the velocity constant is
low enough, is as important, if not more so, as the usually stated advantage
of zero position error and accounts in large measure for the denendablc
operation of these sygtems.

Type 0 servo loops are quite another matter. The crossover frequency
results from the compination of leads, lags, and quadratics encountered

in the loop gain. If aquadratic or two simple lags of similar value domin-

ate (i.e., are lowest if frequency) the loop gain, then crossover occurs on
a —2 slope with }ﬂ tically zero phase margin. If the lags andjor quad-
ratics are close together in value and are subject to variation with operating
point and environmental conditions, it is virtually impossible to control
the crossover frequency so that it occurs on a —1 slope. Heunce, Type 0
loops are quite undependabie because instability can be produced with
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many combinations of values for dynamic parameters. If the foop dynam.-
ics are dominated by a simple lag. then good stability can be achmmd In
many Type 0 loops it is desirable to insert a simple lag to compensate or
control stability (sec example in Section §-4).

It is quite importast to realize that Type 0 and 1 systems differ g greatly
in their mhcn.nt stability characteristics, and this fact can be usefu in
diagnosing difficuitics. Type 2 systems, from a practical point of view,
are bdclc‘\lly unstable (see comments on conditionally stakic loops in See-
tion 8-3j and require censiderable efiori to stabilize.

In closing this section it might prove uscfui to list some of the mare
usual cases of osciliation in hydraulic contro; systems.

1. Instability due to linear dynamics—-The linear dynamics in a loop
may be such that Nyquist’s andjor Routh’s criteria are not ract. Three
particular cases are excessive loop gain, attempting bandwidths greater
than the hydraulic natural frequency, and appearance of structural resoa-
ances thought to be negligible.

2. Instabilities duc to backlash—this nonlinearity. possessed to some
degree by most components, is capable of inserting up 1o 90° of phasc lag,
dependmg on input amplitude, and can soak up the available phase margin
in a loop and cause instability. It is especially severe in lag-lead compen-
sated servos where the phase marg 1 is usually less than 60-.

3. Instability due to static and coulomb friction load-on a compliant
drive—this nonlincarity, described in case ¢ of Section 10-8, can causs
any Type 1 servo loop to limit cycle. The output wawform is trianguiar
in shape and the frequency is low.

4. Instability due to silting—valve silting can cause periedic jerks in the
output (scc comments in Scction 5-8). As the servovalve silts up, the loop
gain'decreases and the servo loses control. The actuator drifts from posi-
tion,‘causing an error. When the error opens the valve sufiiciently. the
dam of silt is broken and the particles are flushed cut. Loop guin is re-
established and the output jumps back to its controlied position. The
servovalve {ilts again and the cycle repeats, but with varying periods.
Dither andjpr clean oil are correction techniques.

5. Instabflity duc to upsweep gain characteristic—overlapped seive-
valves and fervovalves with round ports give an increasing flow gain char-
acteristic which can cause servo instability above certain output veiocitics.
ity due to overdamped hydraulic resonance-—at higher flows
the serVovalve increases damping on the hydraulic rescnance, w‘mh can
become overdamped. The break fnqumu/ of ong of the linear factors of
the quadratic 1s lowered in vaive and car result in instability of lag-lead
compensated positioning control system, where phase margin is low, above
certain output velocities.
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7. Instability due to stick-slip phenomenon—static and coulomb friction
load can cause alternate sticking and slipping of the output actuator if
the drive is compliant (see footnote on page 304). This instability occurs
only while moving below a certain critical velocity and the oscillation
waveform is saw-toothed in shape.

8. Instability due to air entrainment—air in the hyvdraulic fluid can
lower the bulk modulus to such an extent that the hydraulic resonance is
law ancugh to cauce instadility of the linear system. Trapped air can be
avoided by proper passage design (see Section 2-3).

9. Instability due to hydraulic tines—the quarter wave length frequency
of hydraulic lines* may coincide with structural resonances in the torque
motor or with hydraulic natural frequencies in the servovalve and may
cause oscillations (see comments in Section 7-6). Lines are often impli-
cated in oscillation problems and can be identified by their very high
frequency. Physical changes in line length or piccing together lines of
different diameters can make changes in the line natural frequency and are
useful correction techniques.

10. Instability due to flow forces—the steady-state flow force on a spool
valve can cause instability if the driving source the valve is not sufliciently
stiff. This phenomenon is particularly apparent in single-stage electro-
hydraulic servovalves (see Section 7-3). Transient flow forces can detract
from spool valve damping, if the damping length is destabilizing. and has
been known to cause osciilation problems.

1. Instability due to pressure control valves—pressure relief, pressure
reducing, and pressure-ccmpensated flow control valves often exhibit a
higher frequency oscillation which may appear in hydraulic control cir-
cuits and servos.

12. lInstability due to compliunt mountings—it should be apparent that
the torque or force of an actuator is produced by reacting against the
structure on which it is mounted. If the adjacent supporting structure is
compliant, it is possible for the dynamic characteristics of the structure
to appear in the control loop and cause instability, usually at a frequency
corresponding to the mode of vibration of the structure. This kind of
oscillation will sometimes occur in servovalves if they are not firmly
mounted to a solid structure.

13. Instability of the hydraulic power supply—constant pressure power
supplies may use a constant delivery pump and bypass oil through a relief
valve to control pressure or may regulate the stroke of a variable delivery
pump to control pressure. In either case instability, usually ai the natural

* The fundamental natural frequency of a hydraulic line open at one end and closed
at the other (guarter wavelength frequency) is f = ¢/4L cps, where ¢ is the velocity of
sound in the fluid in in./sec and L is the line length in in. For petroleum base iluids,

c= HS.S\/}}’:, where fi, is the eflective bulk modulus in Ibfin®.
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frequency of the relief valve or the stroke regulating mechanism, may
occur, depending on the load attached to the supply. The volume of oil
in the supply line is sometimes especiaily critical. Because accumulators
add to this volume, they may cause the supply pressure to oscillate. Also,
the supply line length can be such that conduit resonances may coincide
with that of the relied vaive or stroke control mechanism and cause sus-
tained oscillations.

14. Forced oscillations—pumps, motors, and other devices produce
pulsations at vane or piston frequencies which may appear in the output
of hydraulic actuators. Accumulators and/or restrictors are sometimes
used to reduce these undesirable pulsations.
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IX

Pressure and Flow Control Valves

Servovalves have been discussed as the principal component in controiling
flow and/oi pressure in hydraulic servo systems. However, other valves
are also necessary in the generation and utilization of hydraulic power.
These valves serve auxiliary functions in closed loop hydraulic controls.
They may serve principal functions in the open loop type of control of
actuators encountered in the hydraulic circuiis of mobile and industrial
machinery. The purpose of this chapter is to discuss sorae of these valves
—chiefly those which employ feedback in their operation and, therefore,
constitute a servo loop.

11-1 FUNCTIONAL CLASSIFICATION OF VALVES

Valves may be classified by their function, for example, relief valve, or
by a feature of their construction (see Section 5-1) for example, spool valve.
The many types of valves available are best classified according to their
function. Three broad functional types can be distinguished: directional
control valves, pressure control valves, and flow control valves.

Directional control valves direct or prevent flow through certain selected
passages. They do not regulate flow or pressure, at least as a primary
function, but simply perform a switching function. As such they have a
discrete number, usually two or three, of valve positions. These valves
usually employ spool type construction and may be actuated manually,
mechanically, hydrauiically, pneumatically, electrically, or pilot operated

from a smaller valve. Two-way, three-way, and four-way valves are com-

mon. Examples of directional controi vaives are check valves and solenoid
operated four-way spool valves.

Because directional valves are basically either open or closed, no feed-
back loop is involved and, therefore, stability problems are not encours
tered in their design and operation. These valves aie asuaily rated by the
somewhat antiquated ‘‘pipe size,”” but most manutacturers also give the
pressure drop at rated flow capacity. Major application factors are rated

319
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flow capacity, pressure drop, cyclic life, maximnum pressure rating, leakage,
and actuation time.

Pressure control valves act to regulate pressure in a circuit and may be
subdivided into pressure relicf vaives and pressure reducing ralres. These
devices may be single-stage (direct-operazed) (Fig. Li-1) or two-stag
(compound) (Fig. 11-7). Pressure relief valves, which are normally clozed,
open up to establish a maximum pressure and bypass excess flow to
maintain the sct pressure. Pressure reducing valves. which are normaliv '

open, close to Maintain 4 MIBIMUM Prassuic b restricting flow in the tine.,

Ly

ags

There are many other types of pressure control valves that are usualiy
classified by function and are simlar in construction to rehef valves,

/\ Q, P, V; Q

Hydrauiic

-
- !
P ’,) ll load

Ll -

() Pp=0

Constant pressure line, P,
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Qc

Hydrautic
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(&)

Figure 11-1  Single-stage pressure control valves; (a) retief valve: () teducing valve.
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These are:

Safety or overload relicf valves--usually a spring loaded ball or poppet
type valve whose primary function is to provide a pressure limit in event
of system malfunction.

Back pressure or counterbalunce valve—-a relief valve that maintains a
constant back pressure on anr actuator, usuully to prevent a lcad from
falling.

Unloading valre—a relief type valve which controls pump pressure and
opens under the appiication ¢f a piot pressure to unjoad the pump.

Load dividing ru/ve—a pressure control valve which propurtions pressure
between two pumps in series.

Sequence rvulre—basically a relief valve which allows flow to pass to
another circuit once the set pressure level is exceeded. They are used to
control the sequence of operation of two or more cylinders.

Decompression valve—a pressure control valve which controis thic rate
at which the pressure of a compressed fluid is released.

Shock suppression valve-—a pressure control valve which bypasses flow
such that the rate of pressure rise is limited to a safe value.

Flow control valves regulate flow in a circuit and vary in arrangement
from simple two-way needle, globe. and gate valves to fixed and adjustable
pressure-compensated flow control valves of considerable complexity.
Pressure-compensated flow control valves employ a pressure control valve
to maintain constant pressure drop across an oritice. With constant pres-
sure drop, the flow through the orifice is then directiy proportional to the
orifice arca and is not influenced by upstream and downstream pressure
changes.

Some special types of flow control valves are the following:

Flow divider valve-—a valve that divides a single flow into two or more
prescribed flows.

Deceleration valve—usuaily a cam operated valve which controls flow
to achieve a smooth deceleration of an actuator.

Pressure control valves and pressure-compensated flow control valves
employ feedback and may be properly regarded as scrvo control loops.
Therefore. proper dynamic design is necessary to achieve stabifity. A
knowledge of dynamic charactenstics is also helpful in the application of
these devices.

11-2 SINGLE-STAGE PRESSURE CONTROL VALVES

Schematics of a single-stage pressure refief and a pressure reducing
valve are shown in Figures 11-12 and 11-14, respectively. In both cases
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the pressure to be controlled, pump output pressure P, for the relief valve
and reduced pressure P, for the reducing valve, is sensed on the spool
end area and compared with a spring force setting. The difference in force
is used to actuate the spool valve which controls flow to maintain pressure
at the set value. The particular construction illustrated in Fig. 11-I may
differ from practical constructions, but the principles of operation and
dynamic analysis would be the same. The restriction in the scnsing line
is necessary for stability reasons and, as we shall see, plays a major role
in dynamic performance. It may be a capillary, but it is usuvaily a fixed
orifice.

~ The following analysis is applicable to both vulves in Fig. 11-1. The
equation describing spool motion is

Fo— AP, = M % + Kx (11-1)

where F, = spring preload force, Ib
K, = K, + 0.43w(P, — P ) = equivalent spring rate (i.e., me-
chanical spring rate plus flow force spring rate). ib/in.
w = area gradient of main orifice, in*/in.. !
= supply pressure, psi ‘
reduced or low pressure, psi
sensed pressure, psi
spool mass plus } mass o, spring. lb-sec?/in.
spool end area, in.?
spool displacement, in.

R ;Q?:u;“:u
|| I 1

K .
S Wy = J E‘ = mechanical natural frequency, rad/sec
. Y.

s = Laplace operator, sec™! .

'

The linearized continuity equations at the sensed pressure chambers are

K{(P,— P) = %‘.sPc — Asz  for relief valve - (11-2)

| 4
{(Pr—P)= %‘SP,, — Asz for reducing valve (11-3)

4
= flow-pressure coeflicient of restrictor, in.%/sec/psi

¥V, = sensing chamber volume, in®.
B, = effective butk modulus, lo/in.?
The linearized continuity equations at the chamber of the pressure being

o o A e e A

A
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controlled are:
: v,
QD_QL— Klps_ KrPa— Kl(Ps'—Pt)-*' KGI=ESP3

for relief valve (11-4)

v
K.(P,— Pp)—Q, — KPP — Ky(Pp — P)) 4 K2 = ;;SPR
L for reducing valve (11-5)

a__Q _ Crl‘v;r()\,r/zlip . Q()
ap V/P—s.:-_:»[‘—[.’o E‘P&o - Pl.‘(.)

where K, = = flow-pressure  coethi-
cierit of main oritice.

in.3jsec/psi

K, = gg = CuWA/Z (P, — Pg,) =flow gain of main orifice,
z P in.3/secfin.

¥, = total volume of chamber where pressure is controlled, in.?
Q, = arbitrary load flow, in.3/sec
Q,, ideal pump flow {constant), in.%/sec
= leakage coeflicient from chamber where pressure is controlled
to drain (includes load leakage and, for the relief valve case,
pump leakage), in.?/sec/psi
Thesc equations define the valves. Let us ¢« nbine some of them into a
more useful form. Solving (11-2) for P, and substituting into (11-4) yxelds
after some manipulation

©, — QL)(I + wil) + K,,[l (wl ) s|e .

= [(K‘u n Kl)('l + ___S__)(l +3) K,}P, (119

ws + (V./V))w, W,/
here w, = g ‘K
v,
= BKe. ,
=y Vo reak frequency of main volume, rad/sec
t
= K, + K, = gquivalent flow-pressure coefficient, in.?/sec/psi
ca , P / P

Expanding the right SIdc and using the fact that wslwy, = K. VKV,
(11-6) becomes

@ -1+

2 -
=K“[1+ l(1+“’=‘ V)-+ > JP, (11-7)
W3

wy f Wz
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Because V.[V, < 1, the right side can be factored to give the finai form
/ \

@, - et + i) + K{l + (i + i)s]x

Wy WUy qQ
= K“(l + i)(t + -1),0s (11-8)
[oN Wy

for the relief valve case. In an entircly analogous manner, again making

f Q.-q, for relief valve
l Q-K P, for reducing vaive

142 P, for relief valve
@y P, for reducing valve
Spool :
dynamics Volume lags /
F 1

w — \ &
o N \ : Ke X A [l + (_1 +i)s! _‘—Kx ¢
b s? n. | T e TR O (1 + =25 psi

Vs
s) (1+5,

A? ~——
T]S
145
A
L+o-

Figure 11-2  Block diagram of single-stage pressure conirol valves (relief and reducing).

v

the assdmption that ¥, & V,, (11-3) and (11-5) can be combined to yicld
the following resuli for the pressure reducing valve:

(K.P,— Qy (1 + i) + Kq[l + (l + —A—)Sq!x

N Wy ¢ J

‘,‘ . ’ \

; = K“(l + —s~)(l + i)PR (11-9)
. : ), W,

Equatioh\i 1-1, 1i-2, and 11-8 define the relief valve and can be used
to construct the block diagram in Fig. 11-2. Equations 11-1, 11-3, and
11-9 define the reducing valve and can be represented by the same block
diagram.

If there were no restrictor in the sensing line, K| would be infinite (iz..
very large). The quantities (4/K,)s and s/m, would be zero and the locp
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gain function for this case can be written directly from Fig. 11-2 as

A D\
I\K;: (l +5.0)
\ . ce / B
Au(S) without == ; - ¢ (11-10‘]
restrictor s s
RN
w,,’ wy/

Assuming the lead at K,/ 4 effectively cancels the lag at «m,. we can see that
the loop gain is dominated by the lowly damped mechanical resonance at
w,, and has a Bode diagram similar to Fig. 8-20. Variation in the param-
eters K, K., and K, with the operating point, low damping on the quadratic
factor, and the crossover freguency occurring on a — 2 slope (see Sextion
8-4) makes the stability of direct-operated (i.e., without restrictor) pressure
control valves impossible to control in design. This fact is borne out by
experience as these valves often oscillate and cach application must ve-
checked for stability. 1f «w; is small enough (by having a large, V,} it can
dominate the icop dynamics and make the valve stable. However, cut-
and-try application techniques are necessary.

The most effective way to stabilize these valves is to usc a restrictor in
the sensing line. These restrictors have the disadvantage that a large
transient pressure overshoot may occur while the valve is synchronizing
to a sudden flow change because of the laa in buildup of pressure P..
However, some sacrifice in the accuracy an ,or response of most control
devices is usually necessary to achieve stability, and pressure control vaives
are no exception.

Referring to Fig. 11-2, we note that the restrictor causc a rate type
feedback around the spool dynamics which, at least intuitively, should
increase damping. However, action of the restrictor is best seen from the
closed loop response of this inner loop. The response of this loop is

L e
-F’i =— - ;”1 n (11-11)
P =5 +—5—2+(-—+—)s+1
17 YOt VR 1V W W,  w,
. KK .
~—3p>~where w, = —:17' break frequency due to restrictor, rad/sec
-I~<,—" = — = rhtio of hydraulic to mechanical spring ratcs, dimen-
Ko o3\ fonless
A L . e 4 . \
Ky = =7 = spring rate of trapped fluid in sensing chamber, Ib/in.

— e @ = J LI hydraulic natural frequency due to trapped oil spring
v and spool mass, rad/sec
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The cubic denominatos can be factored inte a lincar and a quadratic term.,
Hence, (11-11) becomes

Lie2)
z K, o, . -
s T (11-12)
V(e ) (SR

./ 0 tzg

Normally, it is not easy te factor a cubic However, in this case relatively
simpie charts can be derived, Figs. 11-3,1i-4, and 1-5, from which o, oy,
and 9, can be obtained for given values of wyfw,, and K,/K,. For practical
designs the trapped oil spring rate is very large so that K,/K, 2> 1. With

10.000 = l/l/P‘v*le! =TT T T T 0000
4000} .
B ] —— 3000
u f‘- i
1000 }— — ——\ = 1000
F- -
- 3
- - KxiK,
- . -
400 -
B — 300
wrfwz 100 |= ( — 100
= 3
© 40k -
ol 30
10 \ .
| .
4 ' -
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afwpn

Figure 11-3  Normalized plot of real roots of pressurc control valve cuuic.
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this condition all three cubic roots are real for ratios of w,/w,, in the range

2 W,
—=—==< — <05 (11-13)
\/ KhllKr. W,
and the three break frequencies can be obtained from Fig 11-3. An
underdamped quadratic and a hinear factor occur for valuss of mylw,,
outside of this range. It is fthis region, which is of most inierest. we are
fortunate because simple literal expressions for the factors are possible.
For K,/K,> | and oyJo, > 0.3, v, = o, and o, = o, and 9, =
Hw,Jwy). Hence, (11-12) becomes

L
K
- 2 (11-14)
F ,,
. 2Ag)
i_z AL A s+ 1
O, o,
And the loop gain function from Fig. 11-2is
L]
A(s) = elbee e (11-15)

&
2 \2 K
S 20y (l+i)(t+—’—)

W _ w,

wm2 wy

* Because w, is large, this expiession is not greatly different from (11-10)

for the case with no restrictor. Hence, stability would be difficult to control
because the loop dynamics is dominated by a resonance. However, the
resonance can be well damped by selecting w,/m,, to be near 0.5, and this
would help stability. A large load volume making wy neat o, in value
might cause instability. But if the volume were increased further so that
w3 K ®,,, w; would dominate and make the valve stable. Theréfore, each
application would require testing to determine stability.

We have seen that o,/w,, > 0.5 does not represent a satisfactory design

objective becaufe it only results in increased dumping on the mechanical

resonance. Fo K,/K, > 1 and o/, < 2\/K,/l<,n w, = my and wg = W,
and 4, = 3(o; w W KK, = Yoyw,) are very good approximations.
Hence, (11-12)|becomes
\ i)
: Z- ‘ & (11-16)
; )
2m,

(1+i)-si+ RLUL
w,/ Lew,? w, ]
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and the loop gain function can be written from Fig. 11-2 as

KAl o

(1.4
(2 2]
K.K. .. o, K,
0
T. 23
(1+i\)(1+i)(1+~s—)—5—2+——‘11"4s+1j
S 17} .

Wy Wy ay/ L, )y,

Afs) = (11-17)
Some fundamental differences compared with {11-10) can now be noted.

log scale

4, AK /K K.

\

log scale

w rad/sec

1

Figure 11-6 Bode diagram of a pressure control valve using a restrictor to achieve
stability.

The mechanical resonfince at @, has been replaced with a much higher
hydraulic resonance gt «,. Hence, the restrictor serves to trap an oil
volume making a dynamic fluid spring which essentially replaces the
mechanical spring in determining the resonance. Furthermore, a low fre-
quency lag occurs at ¢, and, because it dominates the loop dynamics, can
be used to contro\the crossover frequency to stabilize the valtve. The
Bode diagram of {11-17) is shown in Fig. | 1-6, assuming the lead eifectively
cancels the lag at w,. It is quite apparent that the loop is stabic for all
values of ¥, and is, therefore, fairly independent of the lgad. Stzbiity is
also retained (keep in mind that m, is very large), even with substantial
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changes in the parameters K,, K,, and K. Hence, this valve should be
well behaved and applications should not be particularly eritical.

The steady state compliance of pressure control vaives, thatis, the change
from the set pressure for an increase in load flow, is often of interest and
is a mcasure of the accuracy of control. Referring to Fig. 11-2, the steady-
state compliance is

APy K.

= (11-18)
AQ, 14+ AK KK,

for the relief valve (replace P, with P, for the reducing valve). Because
the loop gain constant AKX, /KK, is much greater than unity for a good
design, the foliowing approximation is sufficient.

AP K
— - (11-19)
AQ, AK,
Changes in K, and K, (due to flow forces) with the operating point alters
the compliance to some extent.
Because w, and o, are very large, (11-17) can be approximated by
AK /K ,K.,

A(s) ~ 11-20
o) (1 + sjw,)(1 + s/om,) ( )

These two lags dominate the vaive dynamics and require design considera-
tion. The design process might proceed as follows:

1. Make a rough layout of the valve which meets static requircments of
pressure and flow. Stabilizing damping lengths such as those in Fig. ti-]
shou!d be used. Preliminary values for K,/K,, ,,, and w, can be computed
from the layout.

2. The restrictor should be sized such that

|21
w, < 20),,‘(&)
Ky
is satisfied. A practical restrictor size might require that K, /K, be reduced.
This has the attendent disadvantage of lowering o,
3. Compute the static compliance und compare with specifications.
.4, w, can now be computed and values for w; can be obtained using
applicaiion data. A Bode diagram of (11-17) is then sketched. Stability
must be checked at all expected operating points and load conditions.

Some repeats of this procedure along with revised layouts will no doubdt
be required to arrive at a final design. Beveling or notching of the main
orifice is often required to reduce the flow gain K,

PR
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Direct-operated (i.e., without stabilizing restrictor) pressure control
valves respond rapidly to sudden flow demands but have poor stability
and pressure control accuracy. The poor stability characteristics make
these valves prone to generate noise in the form of whistles, screams, of
chatter. Use of a restrictor improves stability and accuracy but with
penalties of slower response and large pressure overshoots to rapid changes
in load flow. Two-stage devices have the best stability and accuracy
characteristics and are discussed in the next section.

11-3 TWO-STAGE PRESSURE CONTROL VALVES

Accurate pressure control, that is, low steady-state comsliance, over a
wide flow range usually requires a two-stage control valve (Fig. 11-7).

Hydraulic
load

| R—

QL

Py

PF

—J S S,

" Figure 11-7 Two-stage pressure relief valve.

These valves are also referred to as pilot-operated ot compound. The pilot
section is usually a spring loaded poppet while the main valve is a spool
type. The pilot valve qan be located remotely from the main stage. Al-
though these valves gfve, accurate pressure control, they have slower
response and are more sugceptible to clogging with dirty fluids.

Referring to Fig. 1147, the main orifice is held closed by a light seating
spring on the main s ool until flow through the fixed orifice builds up
pressure P, to a vax{\e sufficient to open the pilot poppet. Wiien the pilot
valve opens, permitting flow to the return line, a pressure drop occurs
actoss the fixed orifice. The resulting unbalance in force ucross the main
spool opens the main orifice. Flow is then bypassed to the return line in
such 5 manner that the supply piessure is heid at the value set by the pilot

oot

e I A
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spring. There are other configurations for two-stage pressure control
valves, and the attributes of each have not been established and is an area
deserving of study.

These two-stage valves are designed using experience and cut-and-tiy
techniques because practical and usciul analyses of their performance are
lacking. However, this is the situation for many other hydraulic control
components as well. Such studies should be done and offer a challenge
to the universities having {luid power iaboratories.

11-4 FLOW CONTROIi. YALVES

In many hydraulic circuits, control of flow is accornplished using simple
adjustable needle, globe, or gate type valves. In some cases these valves

Stabilizing
restrictor ~y

—

Pressure drop . Flow mctering
held constant aP  xt orifice

OutY Q. load flow .
(a)
' Flow metering
' In orifice S Out
7~ Q.
. APheld
constant
|

+ | P AV
: B — %_m
Stabilizing
restrictor
()]

Figure 11-8 Pressure-compensated fiow control valves: (@) restrictor type; (b)
bypass type.
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are used to regulate the speed of hydraulic actuators. However, varying
loads on the actuator will cause changes in the pressure drop across the
valve which in turn will alter the flow and, therefore, the speed of the
actuator. In many cases these speed changes are tolerable. Because
the flow through an orifice varics with the square root of pressure (rather
than directly), an orifice is inherently a fairly good flow regulator.

When precise flow control is required it is necessary to held constant
pressure drop across the flow metering orifice using a pressure controt
valve. Two types of such pressure-compensated flow control rafves can be
distinguished (Fig. 11-8). In the usual type (Fig. 11-8a) the pressure centrol
valve spool restricts the in-line flow to maintain constant pressure drop
across the metering orifice. The other type, Fig. 11-8b. bypasses flow to
maintain constant pressure drop.

With constant pressure drop (usually 40 to 100 psi} across the flow
metering orifice, the flow is directly proportional to the orifice area. The
area gradient of the metering orifice can be made lincar, logarithmic, or
specially contoured to obtain the desired relation between flow and posi-
tion of the mechanical input which varies the orifice area. Because the
pressure drop is held constant, design of the pressure control valve is made
easier using the outline in Section 11-2.

Some pressure-compensated flow control valves have special features
such as built-in check valves to allow free flow in reversed flow direction,
built-in overload relief valves, or temperature compensation.
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Hydraulic Power Supplies

In open loop type hydraulic control circuits the pump is an integral part
of the control scheme. However, in hydraulic servo controls the pump is
part of an auxiliary unit that can be considered simply as a source of
hydraulic power. Hydraulic servovalves may be fed from either constant
flow or constant pressure sources. If constant flow is used, the servovalve
must have an open center so that it can pass full pump flow. The large
standby power loss and the low pressure sensitivity of open center valves

\
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Figure 12-1 Coustant pressure hydraulic power supply using a bypass reliel valve
pressure regulator (courtesy of Vickers, Iac., Machinery Hydraulics Divisiva, Ferndale,
Michigan).
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. usually make it more desirable to operate servovalves from constant pros-
sure sources. These constant pressure power supplics ure the subject of
the present chapter. A typical industrial power suppiy is illustrated in
Fig. 12-1.

12-1 BASIC CONFIGURATIONS OF HYDRAULIC
POWER SUPPLIES

A constant pressure hydraulic power supply usually consists of a pump,
a prime mover (an electric motor in stationary supplies} to drive the pump,

1 Accumuiator
¢ ]

Qp Py —Q

~ I
.
.| Prime Pump Pressure Hydraulic !
mover regulator load
Q Qi ~—

Filter Oil cooler

Reservoir or sump, Po

Figure 12-2 Hydraulic power supply.

a reservoir of fluid, a pressure regulator, a relief valve for safety purposes,
filters, and, perhaps, an oil cooler and an accumulator. Such a supply is
shown schematically in Fig. 12-2. The accumuiator functions to filter
pressure pulsations from the pump and to provide additional fluid under
pressure to accommodate peak flow demands. Accumulators arc often
not necessary.

The reason for a pressure regulator shouid be thoroughly understc >d.
A pump is essentially a constant flow derice. The ideal pump flow is

Q, = DN (12-1)
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where D, = displacement of the pump, in.%/rad
N = pump speed, rad/sec

Thus, the pump simply moves an amount of fluid, and it does not determine
the output or supply pressure. The pressure is determined primarily by
the load to which the purmp is connccted. This is similar to an electric
generator, an essentially constant voltage device. where the current drawn
is determined by the load impedance. Actually, a pump has seme tnternal
leakage wrich is usually propoitional (0 the pressure acioss the pump,
that is. Q, = C,P,. Thus, the effective pump output flow is ¢.— 0 It
V, is the totai volume at the high pressure side of the pump and A, is the

Pump leakage

Qf————— e — —

(SIope = =0 i Torque fimit or
Q _— prime mever restiits in
L 3 maximuin prassuie

@, =, - CP——]
0

0 P

Figure 12-3  Load flow versus pressure for a pump with no pressure control.
effective bulk modulus, then the continvity equation gives

!/
Qo - ClPs - QL = B-‘ SP, (12‘2)

¢

where Q is the load flow. Rearranging yields

p= 2= (12-3)
Gt + (V/CiBo)s]
where P, is the pump outlet or supply pressure. The steady-state portien
of this equation, plotted in Fig. 12-3, shows that the load flow is relatively
independent (except for leakage) of P.. Also note that this pressure would
become very large if Q, approached zero. In fact, if there is no load flow
or leakage, then
P, = 0 (12-4)
VlEos
Pump output pressure increases rapidly as the integral of flow and the
pump casing or lines would eventuaily rupture. For this reason, simple
relicf valves are used on pumps as a safety measure and ofter: in additicn
to the pressure regulator.

=
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The purpose of the pressure regulater is to limit P, to a predetermined
value and to modify pump stroke or pump flow to maintain it constant
and independent of Q,. Thus, an ideal pressure reguiator is such that
AP JAQ, = 0, that is, there is no change in supply pressure as a result of
flow changes.

There are two types of pressure regulators: bypass regulators and stroke
regulators. Bypass regulators are used with fixed displacement pumps and
their action is to sense pump output pressure, compare it with a reference,
and bypass the flow not being used by the load in such a manner as to hold
pump pressure at the reference value. The common reltef valve is of this
variety. These systems are quite fast but have the disadvantage of gener-
ating large quantities of heat in circulating full flow through the relief
valve when there is no load flow. Stroke regulators are used with a variable
displacement pump and their action is to compare pump output pressure
with a reference and to vary the stroke arm of the pump so as to hold
pump pressure at the reference value. This type regulator has the advan-
tage of lower heat generation but has slow response and requires a more
elaborate and expensive pump. These two types of pressure regulated
supplies are schematically shown in Figs. 12-4 and 12-6. The features of
each type of regulator tend to complement the other, and the application
requirements would settie the choice to be made.

12-2 BYPASS REGULATED HYDRAULIC POWER SUPPLIES

Bypass regulated power supplies almost always use a two-stage relief
valve because of their superior accuracy and stability over a wide range
of flows. The analysis of this type of supply is identical to the analysis
of its relief valve. Because two-stage relief valves are quite complex when
all factors are included, an approximate analysis will be given.

Consider the bypass regulated constant pressure supply in Fig. 12-4.
The continuity equation at the supply pressure chamber is

0, — CP,— Qn— 0y = ?s& (12-5)

e

The linearized orifice equation describing the bypassed flow is
QB = Kabxp + chPa (12'6)
where K,, = flow gain of bypass valve, in.%/sec/in.

K,, = flow-pressure coefficient of bypass valve, in.?/sec/psi
The force equation of the pilot spool is

.2
PA,— Fy= i( — + ;)x,, (12-7)

s \(Uﬁv /
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Prime |4 Constant
mover | { | delivery
pump

Hydraufic
load

i e Pressure adjust

HT -— o

Reservoir | Q

‘ Figure 12-4 Bypass regulated constant pressure hydraulic power supply.

where Fo = spring preload reference force, Ib
o, = natural frequency of pilot spool mass and spring, rad/sec

For an clementary, and perhaps crude, analysis, bypass valve posxm,n
is related to pilot valve position by

Az, = Kg, L (12:8)

where K, = flow gain of pilot spool valve, .%/scc/in.
These four equations can be combined to form the block diagram in
Fig. 12-5. ‘ ‘

The loop gain function for this loop is

A(s) = — - (12-9)
CE
v w0,
Pilot spool
dynamics Volume lag
1 1|
Fo - K, Xy Kq Xp Cr+ Kep Ps
p——t  — p——eg
ib 22 41 Find Aps [in 241 pst
+ | o ! wo
\ A(s)
A, -~

Figure 12-5 Block diagram of bypass type pressure regulator.
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K,A,K )
where K, == 2 — velocity censtant, sec™!
K ALC, + K.)
(C K
w, = BLC A Ko) . \otume lag, rad/sec

V

Because the loop contains an integration it can be made stable by sclecting
parameter values such that X, is sufliciently smail. However, stability
may be difficult to control because K, is dependent on many parameters,
especially the lcakage coefficients C, and K., which vary with the operating
point.

Reierring to Fig. 12-5 and neglecting the break at w,,, the dynamic
compliance of the regulator, which is a measure of its control accuracy, is

1
—_—§
i_____gs —_ — K;(Cl + Kz'b) (12"10)
i N S
K,o, + K,

At steady-state the compliance is zero, indicating perfect regulation. As
frequency is increased the compliance increases to a maximum value and
then decreases as frequency is increused further. The compliance is zero
at zero frequency and at infinite frequency. In practice, the compliance
is not actually zero at steady-state because of flow forces and the spring
force on the bypass valve.

Bypass pressure regulators (i.., relief valves) modulate the bypass flow
to hold the required output pressure. If the load sudderly takes all the
flow the pump can deliver, the bypass valve closes and the regulator s
inoperative in controlling pressure. Hence, the regulator should bz sup-
plied with enough flow, perhaps 5 to 109 of pump flow. so that it remains
operative for all expected load flows. When load flow is zero, full pump
flow circulates through the relicf valve, and the heat generated and the
resulting power loss become prohibitive. For these reasons, bypass regu-
lators are used mainly with low power supplies or as safety devices in
large power supplies. They are relatively fast and inexpensive.

12-3 STROKE REGULATED HYDRAULIC POWER SUPPLIES

Variable dclivery pumps are used in constant pressure power supplies
when efficiency is desired. These pumps employ a buiit-in hvdraulicaily
operated mechanism, essentially a three-way valve controlled piston with
spring return, which varies the tilt angle of the swash piate and, therefcre,
the pump dclivery to maintain constant supply pressure. Because pressure
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is regulated by varying the hydraulic horsepower generated, this type of
power supply is much more efficient than the bypass type where the gen-
erated horsepower is constant. A stroke regulated power supply is illus-
trated in Fig. 12-6 and a much simplified analysis will be given.
The ideal pump flow is propoitional to pump speed and to stroke control
position. Therefore,
@, = D,N = —k,Nz, (12-11)

where K, = displacement gradient of pump stroke control. in.3/rad/in.

P‘ e QL
{
s 4 Av
Ll
4T I
P4 Xy
|5
r Hydraulic
i {oad
Prime i
mover e
K,
—‘\Pressure adjust
e el o)
| Reservoir ‘] L

Figure 12-6  Stroke regulated constant pressure hydraulic power supply.

The negative sign simply denotes that pump flow is reduced when the
stroke position is increased and is necessary to give feedback in the stroke
control loop. For an elementary analysis, the pilot spoo! position and
stroke control piston position can be approximately related by (6-49).

K,
A
e ” (12-12)
©? o, :

where K, = flow gain of pilot spool valve, in.3/sec/in.

w), = hydraulic natural frequency due to trapped oil spring and

swash plate mass, rad/sec

48, = hydraulic damping ratio, dimensionless
This equation neglects the effect of the piston return spring {as indicated
in Section 6-3, this would cause the integration to becomie a farge lag) and
friction and pressure induced forces on the swash plate memibers. Neg-
lecting flow to the pilot spool, the continuity equation for flows in the
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Figure 12-7 Block diagram of stroke control pressure reguiator.
supply pressure chamber can be written

0, — CP, = 0y =P, (12:13)
B.

Equations 12-7, 12-11, 12-12, and 12-13 can be used to construct the
block diagram in Fig. 12-7. The loop gain function and dynamic com-
pliance can be obtained and are similar to that in Section 12-2. However,
the swash plate dynamics cannot be neglected and account in large measure
for the slower response of stroke regulated pumps.

12-4 INTERACTION OF HYDRAULIC POWER SUPPLY
AND SERVO LOOP

A typical system consists of a variable delivery pump with a stroke
regulator as a power supply for a servovalve and actuator, as shown
schematically in Fig. 12-8. Any change in supply pressure will result in
a change in load flow, which will initiate corrective regulator action. Thus

P,

, L fm

Prime Var?able Zz>
mover delivery [] ‘QL
pump Stroke arm

-y

} Q
Reservoir

Figure 12-8 Constant pressure hydraulic power supply with servo load.
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the hydraulic supply and the load share a control loop, and it is the stability
of this loop that is to be investigated.

The loop gain of the interacting leop is simply the negative of the
product of the regulator compliance and the transfer function AQ, /AP,

of the servo load. Therefore,
AP, | AQ,
= — 2 ress 3 = leery 12-14
AG) == 3o e X 3p, et (12:14)

Because the regulator compliance is always negative, this function is always
positive. The interacting loop always has negative feedback, and stability

can be determined from a Bode diagram of this equation.
As an cxample, the linear flow equation for the servovalve in Fig. 12-8 is
Q. =Kz, — KPP+ K.P, (12-15)

where K, = servovalve flow gain, in.3/sec/in.
K. = servovalve flow-pressure coeflicient. in.%/sec/psi
The continuity equation for the actuator chamber is (see Section 6-2)

v
Q, = A,st, + 2—" sP;, (12-16)

¢

neglecting actuator leakage. Assuming simple inertia load on the actuator

the equation of motion is
PLA, = Msr, (12-17)

These three cquations can be combined to yield the following transfer

function.
K ( s* )
o
AQ,, ,}

AP s 29 (12-18)
s '§_., “he 4
w,” @y
zﬂeAnz = I 1 B
where o, =,/ =~~~ = hydraulic natural frequency, rad/sec
VoM
K. [p.M L .
4, = - &-— = hydraulic damping ratio, dimensioniess
AN 2V,

This relation can be substituted into (12-14) along with the pressure regu-
lator compliance, and a Bode plot can be made to determine stability.
Some general comments concerning stability of the interacting loop can
be made. The quantity AQ, /AP, for the servo {cad is normally small.
The compliance of the regulator is also small. Because the interacting
loop gain is the product of two small quantities, it is usually much less
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than unity at all frequencics and stability is no problem. Thus, the assump-
tion of constant supply pressurc often made in analyzing hydraulic servo
systems is justificd [rom the stability viewpoint.

Although stability is not a problem, one should not conclude that there
is no interaction between hydraulic supply and the servo ioad. Sudden
velocity changes in the servo result in flow demands in the hydraulic supply
which can cause substantial changes in supply pressure and impair transient
performance. Because of the many variables and nonlinearities involved,
prediction of these pressure transients is virtually impossible. Direct
measurement in the evaluation program for the system is necessary.

12-5 RESERVOIRS OF HYDRAULIC SYSTEMS

The primary function of a reservoir is to maintain sufficient supply of
working fluid. It also stores the fluid, allowing entrained air to rise, con-
taminants to scttle, and heat to dissipate. In many cases it serves as a
convenient place to mount pump, heat exchanger, filter, and other equip-
ment associated with the hydraulic supply.

The reservoir may be built-in or integral with the machinery being
controlled or it may be separate if space and appearance permit. Integral
reservoirs are more difficult to maintain, do not dissipate heat well, and
may cause undesirable thermal distortion of adjacent members. Separate
reservoirs are usually favored for stationary industrial applications, us
shown in Fig. 12-1.

The reservoir capacity in gallons should be two to three, and preferably
more, times the pump capacity in gallons per minute. This rule of thumb
usually provides sufficient capacity to fill the system at start-up, to main-
tain a reasonable oil level despite flow fluctuations during operation, to
sustain the system during an emergency shut down if a hydraulic line
breaks, to absorb heat for short periods, to have enough wall surface for
some cooling by radiation, to allow air and dirt to separate out of the oil,
to contain fluid which may drain back to the tank from the system, and
to replenish lost oil. ’

Referring to Fig. 12-1, some other important considerations in reservoir
design and construction are:

1. Pump inlet and main return lines should be below the minimum
working fluid level to prevent cavitation and aeration. Main (active)
return lines should be directed against tank wails to assure peripheral
circulation for good heat dissipation. Atmospheric drain lines should be
discharged onto a platc above the working fluid level to spread the fluid
and facilitate the release of entrained air. All lines should enter the top of
the reservoir so that the tank is not drained when a line is removed.
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2. Baffles should be used between the return and suction lines to reduce
fluid velocities and to prevent continuouserecirculation of the same fluid.
This allows more time for air bubbles to escape and for contaminants to
settle and helps to cool the oil.

3. The reservoir must be completely enclosed to prevent entrance of
any foreign matter. Pressured reservoirs are desirable because airborne
contamination is eliminated and pump suction is improved. However,
pressurized drain lines are then required.

4. The air breather must be of sufficient size to maintain rear atinos-
pheric pressure in the tank at all flows. Otherwisc, the pump may cavitate,

5. Aliquid level indicator showing high and low levels is very desirable.

6. The reservoir should have convenient access plates and plugs for

. cleaning, draining liquid, and removing strainers and filters.

7. The filler opening should be conveniently located and have an internal

- screen to keep out foreign particles.

8. The pump inlet should be provided with a strainer in addition to the
system filter.

Care must be taken in the assembly of hydraulic power sup“plies to make
sure the reservoirs are thoroughly cleaned and properly painted for the
particular type of working fluid. Certain types of synthetic iluids are very
excellent paint removers.

12-6 HEAT GENERATION AND DISSIPATION IN HYDRAULIC
SYSTEMS

Because hydraulic systems generate heat, they must operate above
ambient temperature to dissipate the heat to the environment.or to reject
it to the coolant of a heat exchanger. Operation at excessive temperatures
can break down the oil, causing studges, varnishes, etc., which can clog
orifices. Decrease in viscosity and lubricity at elevated temperatures may
drastically shorten service life of components such as pumps. Seals,
packings, hosef, filters, ctc. have a definite temperature range for satis-
factory operatjon. Thermal distortion in hydraulic compenents and ad-
Jacent structurg¢s may be undesirable. Therefore, it is quite important that
the hydraulic $ystein be designed so that a heat balance is achieved at a
satisfactory oferating temperature.

There arX s¢veral sources of heat gencration in hydraulic systems.

1. The majbr heat generators arc the orifices and valves in the system
used to throttle and control the flow. As pointed cut in Section 3-6, the
hydraulic power consumed by these devices is dissipated in heating the
fluid and, to a much lesser extent, local heating of a valve itself. It is
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important to realize that valves are inherently heat generators, but this is
the price that must be paid for the ability to control. Relief valves and
servovalves are good examples of heat generators.

2. Another source of heat generation is the resistive pressure drops in
hydraulic lines, fittings, filters, and passageways in components such as
valves, motors, and heat exchangers. Undersized and/or dirty passages
should be avoided to minimize heat fosses.

3. Leakage flow losses in pumps, motors, and valves add to the heat
generated by a system.

4. Seal friction, mechanical friction, windage losses. and viscous drag
between surfaces in pumps and motors also generate hcat.

5. The compression of oil and, especiaily, entrained air to higher pres-
sures in pumps during the pumping portion of the stroke causes heat -
generation. Rapidly cycling of gas-charged accumulators can cause gas
temperatures higher than that of the oil which results in heat flow to the
oil.

Each of the latter four sources of heat are usually much smaller than that
produced by the metering orifices of control valves but collectively repre-

" sent a significant contribution. The hydraulic system can absorb heat from

.xternal sources such as prime movers which also must be taken into
‘count.
The operating temperature of the oil in a system should be determined
see whether it is satisfactory. This requires a compuiation of the heat
cerated and the natural heat dissipation capability of the system. One
thod of determining the heat generated is to add up the iosses of each
mponent. This technique is tedious and requires estimation of many
Luantities, such as leakage rates. efficiencies, and pressure drops. Because
the hydraulic horsepower initially generated must be used in mechanical
power at the output or converted into heat, a far better technique is to
compute the total hydraulic horsepower generated by the pump (or pumps)
and subtract the mechanical power delivered to the load by actuation
devices (pistons or motors) to yield the heat that must be dissipated.
The mechanical horsepower and heat power equivalents of hydraulic
pressure and flow will prove useful. Manipulation of appropriate conver-
sion constants yields the horsepower developed as

APQ ‘
P= 17143 (1212

and the equivalent heat power as
g = 2540 hp = 1.485APQ (12-20)




346 HYDRAULIC POWER SUPPLIES

where AP == pressure difference across device, psi
Q = flow through device, gal/min
g = heat power, Btu/hr
hp = horsepower (1 hp = 550 f-Ib/sec == 42.4 Btu/min)

The hydraulic horsepower initially generated depends on the type of
power supply. For a constant pressure supply with a bypass tvpe (i.e
relief valve) regulator, fuil power is generated at ail times and the heat
power is

.

qlpp = 1.485 P .0, Buujhr (12-21

where P = constant supply pressure, psi

Q, = (60/231)D N = ideal pump flow. gal/imin
Because the total power generated is desired, the ideal rather than actual
pump flow (actual is the ideal flow minus leakage) is used because the
difference represents a heat loss. If the constant pressure supply used a
stroke regulated variable delivery pump, the heat power will be less and
depends on the load flow, 2,. Therefore

»

- Q0 -
QI,W = 1.485P,Q,.(Q ) (12-22)

where @, now denotes the pump flow at maximum stroke and ths ratic
Q./Q, is between zero and one. An analysis of the load duty cycle is
necessary to cstablish Q. If the duty cycle is not re cpetitive, then O,,O
might be estimated at say 0.5 or the most conservitive value of unity
used. It should be clear that the two equations given do not represent the
heat generated by the pump but rather the heat power equivalent of the
generated hydraulic power.

The load duty cycle must now be analyzed to determine the average
mechamcal power deiivered to the load. If the output actuator is holding
a given position during most of the cycle, ne power iz consumed. This
is usually the case in servo controlled systems where nearly all the gener-
ated power is eventually dissipated as heat. Systems using a variable
delivery pump have much less heat dissipation when the actuator is holding
position because the pump flow is reduced to only that necessary to supply
leakage losses. However, the heat losses would be comparable to that of
a bypass supply if the actuator moved at high velocities and required fow
pressure differences, but such loads are exceptional.

The heat power to be dissipated is the equivalent heat power generated
at the pump minus the mechanical power at the actuator. Heat is dis-
sipated in hydrauiic systems by the three basic methods of conduction.
radiation, and convection. Heat conduction to adjacent structures is the
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principal cooling means when the reservoir is built-in. The heat conducted
is given by

q = kA ar Btu/hr (12-23)
dx

where k = thermal conductivity of the structure material, Btu/ft-hr-°F
4[1 = thermal gradient in the direction of heat flow, °F/ft
dx
A = area normal to heat flow path, ft*
For complex and irregular structures, as they all are, itis obviously difficult
to identify the thermal gradients, and specific tests are required to deter-
mine the oil temperature.

Separate reservoirs are self-cooled by radiation and, to a lesser degree,
by free convection of heat from the heat sink formed by the mass of the
oil, reservoir, housings, and tubing. The heat transferred from separate
reservoirs is usually written ‘

g = UAAT (12-24)

where U = over-all heat transfer coefficient, Btu/ft>-hr-°F
AT = temperature difference between oil and ambient, °F!
g = heat dissipation rate, Btu/hr :
A = surface area of reservoir (usually taken as the arca of the
sides and bottom, if above tk_ floor, but not the top), ft®

U man depends on many variables (including paint color, which should be
dark for good radiation) but mainly on the air circulation around the tank.
A value in the range 1.5 to 3 Btu/ft>-hr-“F is applicablc for normal instal-
lations where air flow is somewhat inhibited and the tank is not particularly
free of dirt. If the air circulation is improved, as on a moving vehicle
or aided with a fan, then values of 10 and higher are possible. . Much
higher heat transfer coeflicients are, of course, possible with heat exchan-
gers. Assunfing U = 2 Bty/ft*-hr-°F fora reservoir in free air, from (12-20)
and (12-24) we get that an area to horsepower ratio of about 25 {t3/hp is
needed if the oil temperature is not to exceed 50°F above ambient. Thus,
if 5hp had to be dissipated, then 125 fi* of area is required. A 50 gal
separate type resefvoir in free air usually has enough surface area to
dissipate heat at a fate of about | hp (42.4 Btu/min) with a S0°F rise above
ambient. :'

If the heat to bq dissipated exceeds the natural dissipation capability of
the system for ¢asonable oil temperatures, a heat exchanger is necessary.
Most heat cxcha:!gers are air cooled or water cooled. However, refriger-
ation units are used where water is too expensive or not available and air
coolers are not applicable. The air cooled units consist of a fan or blower
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forcing ambient air across a core section of tubes and fins through which
the hot oil flows. Water cooled heat exchangers usually employ shell-and-
tube construction with water flowing through the tubes and oil flowing
across the tubes. The water flow rate can be automatically controlled tg
maintain a given oil temperature.

Manufacturers recommendations should be followed in sizing of the
heat exchanger. Heat exchangers should be instatied in the return or low
pressure line of the system to climinate the nced for expensive high pres-
sure units and should be protected against pressure surges.

12-7 CONTAMINATION AND FILTRATION

Contamination of the working fluid, that is. the presence of foreign
materials, is responsible for the vast majority of system troubles. An

‘essential part of system design is the control of contamination with easily

serviced filters so that particle sizes are restricted to 2 level satisfactory
for operation.

Contamination in servovalves causes friction between thc spoal and
sleeve which increases hysteresis, crosion of the metering ‘edges which
increases center flow, silting, sticking of the spool and, in extreme cases,
complete failure due to clogging of internal orifices. Abrasive contaminants
such as sand, metallic particles, and | . pping compound residues promote
wear and may cause rapid failure of some pumps by scoring the valving
plate. Contamination can also result in a slow deterioration of the over-all
system performance. When intermittent and irratic performance and/or
troubles of undefined origin occur, it is sound to suspect dirty oil.

Contaminants may be self-generated within the system, such as the
metallic particles from the nermal wear of components such as pumps and
motors, elastometer particles from seal wear, shedding of the filter media
and flexible lines. Improperly cleaned components during their manu-
facture is the major source of contaminants and causes cloth fibers, grits
and chips from grinding and machining, pipe sealing compounds, and
lapping compgund residues to appear in the working fluid. Airborne
particles may gnter the system as a contaminant. Carelessness in handling
components d rmg maintenance may contribute dirt.

One micron{ (1 u), which is one millionth of a meter, is used as the unit
of length in d¢aling with contamination and filtration. Useful conversion
constants ake(l g = 0.0004 in. and 25 ¢ = 0.001 in.

In recenit ycars there has been much progress in the art of contamination
analysis and specification. Several methods of deiermining the contamin-
ation level in a hydraulic fluid are in use.
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1. Visual inspection—because the lowcr limit of human visibility is 40 u

an oil that appears dirty is very dirty because particle sizes greater than
40 y are being observed. This test, usually the first to be made, is satis-
factory and conclusive in noncritical applications.

2. Patch test—-a sample of fluid is filtcred through a filter paper which’

collects the contaminant. The color or shade of the paper is then used
as a rough measure of the contamination level. This technique requires
experience with a particular type of hydraulic system to develop standards
for comparison.

1. Silting index—a sample of fluid is discharged through a small pore
filter under constant pressure. As the filter clogs, the flow rate decays with
the latter half o7 the sample taking more time to pass through thun the first
half. The difference in these times is taken as & measure of contamination
and can be used to compute a number calied Silting index. Because large
particles do not clog the filter, this technique is a measure of the finer
particles of about 5 p or less.

4. Gravimetric analysis—a volume of contaminated fluid is passed
through a dry preweighed filter paper which retains the contaminani. The
filter is flushed with a solvent to remove the oil retained, dried. and weighed
to yield the contaminant weight. The weight of the contaminant (usualiy
in milligrams) per unit of fluid volume (usually in gallons or liters) is used
as a measure of the contzmination level. This technique is relatively siinple
but does not take into consideration particle size.

5. Electronic particle counter—the fluid sample is passed through a
transparent tube. A light beam is projected through the tube and sensed
with a photocell. Electronic counters record the number of light inter-
ruptions to obtain a measure of the numiber of particles in ccriain micron
ranges. These instruments are expensive but give a direct and rapid
particle count. The result is expressed as the number of narticies per 100
ml sample in various size ranges.

6. Optical particle count—a 100 mi fluid sample is passed through an
analysis filter with ruled squares where the contaminants are deposited.
The filter is placed under a microscope and the particles in a statistically
significant number of squares are counted in several different size ranges.
The results are expressed as the number of particles per 100 ml sample
in the various size ranges. This technique is the most commenly used. It
is most sensitive and gives particular information concerning the nature
and shape of the contaminant. Relatively simple equipment is necessary,
but a skilled technician is required because of the many sources uf error,
such as quality of optical instruments and lighting, distribution or con-
taminanti, and operator fatigue.
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Particle counts, gravimetric analysis, and siiting index are all quantita-
tive measures of contamination level. Particle count is the best micasure,
but it is awkward to simply state. To avoid this ditliculty, various classes
of contamination levels have been proposed (Table 12-1). The particle
count of a sample would be compared with the values in Table 12-1 10
select the contamination class descriptive of the system. In this manner
a single number is used to give particle count information.

Table 12-1 SAFE, ASTM, A{A Tentative Hydraulic Contaminaticn Standards
Particles per 100 mi by Ciass of System (tentative)

Size Contamination Class
Range
Micron 0 1 2 3 4 5 | 6 7--10
2.5-5 Pending o
5-10 | 2,700 | 4,600 | 9,700 | 24,000 | 32,000! 87,000 | 128,000} P
10-25 670 | 1,340 | 2,680 | 5,360 | 10,700} 21,400 | 42,0600 ?1
25-50 —_-‘—?3_ 210 380 780 1,510 3,130 6,500 "l
50-100 16 28 56 110 225 430 | 1,000 g
>100 1 3 5 i1 2t 41 92

Typically and Approximately Classes 3 and 4—critical systems, in general
Class 0—rarely attained Class S—poor missile system

Class 1—MIL-H-5606B Class 6—fluid as reccived

Class 2——good missile system  Class 7—industrial service

It is the nature of random contamination in a system that a plot of the
cumulative nfimber of particles versus particle size is a straight line on
semilog papef (Fig. 12-9). Hence only a few points are required to estab-
lish the numfer pf particles of any size. The effect of filtration is to lower
this curve. Tfhe ability to measure and specify contamination levels makes
it possible tofevaluate filters, intelligently apply them, and have a meaning-
ful preverXafive maintenance program.

Fluids mst be filtered to remove contaminants. There are two basic
types of filter media: surface and depth. The comparative retentivity
characteristics of each are shown in Fig. 12-10. However, some filter
media may have properties of both these basic types.
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Figure 12-9 Typical plot of cumulative number of particles versus pariicle size.

The distinguishing feature of surface type, also known as absolute or
screen type, filter media is their uniform and specific pore size. This type
of filter has absolute retention of all particles, except perhaps long fibers,
larger than its pore size. The contaminant collects on the surface. hence
the name, and, because it loads up readily, this filter has low diri-holding
capacity. However, these filter media often have good mechanical strength,
low shedding, and are cleanable. Examples of surface type filter media
are pierced metal, wound wire, woven wire cloth using square, duich,
twill, and dutch twill weaves, and the Millipore filter.*

8

Depth type
pth typ Surface type

;/ Filter rating

0 Particle size in microns

0

Per cent of particles removed

Figure 12-10 Retention characteristics of surface and depth type filter media.

* The Millipore filter. made by Millipore Filter Corporation, Bedford, Massachussetts.
is composed of a thin porous membrane of pure cellulose esters. Porosity grades range
from 0.0% to €4. Bccause the pore size is extremely uniform, this filter bas become a
standard in most contamination analysis procedures. [t s used where finic iftration is
desired.
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A depth type filter medium is composed of a relatively deep matrix of
randomly distributed windings, fibers, or particles. The contaminated
fluid must flow through numerous, long, and tortuous passages of differing
cross sections. Both particles and fiber types of contaminants are absorbed
and/or entrapped in the interstices of the filter matrix. Because this type
of filter medium has no specific pore size, there is no definite limit to the
particle size which may pass. However, the density of the filter barrier is,

T-type Pot type Y-type

=) 570 <690
— gpm ] gpm

In-line type Wash type

30 gpm

Figure 12-11 Basic configurations of filter assembles (from Filtration in Modern
Fluid Systems by H. L. Wheeler, Jr., 1964, and courtesy of the Bendix Corp., Madison
Heights, Michigan).

such that it is penetrated by only a few particles above the rated size of the
filter.. In contrast to surface type media, depth filters remove substantial
particles below the rated size of the filter. Hence, this type of filter is often
preferred for its ability to remove fine particles. Depth type filter media
have large dirt-holding capacity, can trap fibers in the long mazelike pas-
sages, have low pressure drop, and are inexpensive. However, they are
not cleanable, vibration and pressure pulsations may torce contaminants
through the filter, they may collapse or burst under high pressure ditter-
ences, the filter size is often large and bulky, and the filter medium tends to
shed, which contributes to contamination. Examples of depth t pe filter
media are sintered melals, resin-impregnated papers, matted fibers such
as felt, cellulose, and fiberglass, ceramics, sand. fuilers earth, etc.

The filter medium must be suitabiy housed for instaiiation in a system.
The five basic filter configurations are shown in Fig. 12-11. The T-type
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configuration is the most popular as a system filter because of its com-
pactness and ease of servicing. The in-line type filter is often tuilt into
components to protect critical orifices such as those i the pilot stage of
servovalves. The filter housing may contain pressure difference indicators
which show when filter is clogged and should be serviced. Relief valves
which open and bypass the flow around the filter when it becomes clogged
are often built into the filter housing. This improves system reliability
because operation is possible if the filter is completely clogged.

Systems abways require filtration; it is simply the type and size of filter
that must be determined. Safe contamination levels usually evolve from
past experiences with similar systems and the recommendations ot compo-
nent manufacturers. The micron rating of the filter is sciected accordingly.
Additional factors in filter selection are dirt-holding capacity (oversize
the filter if possible), ability to pass required flow with a mimmum of
pressure drop, ability to withstand the pressure levels at the place where
it is installed, shedding of the filter medium, and the number of active
devices in the system which generate ccntaminants.

Ideally, both types of filter media should be used especially in criticat
systems. A depth type prefilter is used to remove large quantities of con-
taminants, especially fine particles, and is followed by a surface type filter
to retain all particles of a harmful size. The surface filter would clog
rapidly without the depth prefilter. However. cost and space usually
dictate that only one filter can be used, and a depth type is generally
chosen.

Ideally, the filter should be installed at the last possible place before the
critical components. Several filters might be required because several
critical elements, such as servovalves and pumps, may be involved. How-
ever, very often only one filter is used, and it is placed in the pump outlct
line. The pump is then not directly protected except for a coarse surface
type filter (strainer) which is always placed in the pump inlet line as a
guard against large particles entering and damaging the pump. If the filter
is placed in the pump inlet, then wear particles generated by the pump can
pass to the servovalve, and cavitation of the pump might occur. Some-
times the filter is placed in the return line. Because fluid velocities are low
at this point, good filtration can be achieved with an inexpensive low
pressure unit. However, the reservoir must be maintained free of dirt rather
than considered a place for contaminants to settle and to possibly enter
the pump. This can be accomplished by placing the pump inlet at a low
point in the reservoir. Sometimes a bypass type filter arrangement is used
in which a separate pump forces fluid through only a filter. The filter and
its pressure drop are eliminated from the main hydranlic circuit, but there
is only a statistical certainty of clean oil entering critical comporents.
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Experience has shown that a system cleaned at the time of manufacture
can be kept clean with the system filter. Therefore, system flushing with
~scveral filier changes is recommended to clean the new hydraulic fluid,
tubing, manifolds, and passageways in components of a newly constructed
system. This flushing should be done before the installation of critical
components, such as servovalves, to prevent premature wear ty abrasive
contaminants.

Because filters physically retain the contaminants, they are inexorabiy
doomed to clog and eventually to fail to function. Hence, very finc fil-
tration requires frequent filter inspections and a sound preventative main-
tenance program.
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Acceleration switching valve, 177

Accumulator, 335, 345
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compensation of. 286
limit cycle due to, 286, 288
Bernoulli's equation, 30
Bode diagram. 263
Bulk modulus, definition, 8
effective valuc, 14
effect of dissolved air on, 14
effect of entrained air on, 14, 17, 18,
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of flexible hoses, 17
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of thick-walled pipgs. 16
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Capillary tubes, 33
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effect on performunce, 78
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Compressibility, 9; see also Bulk modu-
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classes of, 350
measurement of, 349
Continuity equation, 26. 52
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Contraction coefficient, 40
Control volumz. 26
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Deadband nonlinearity, 280
Deceleration valve, 321
Decompression valve, 321
Density, 6
Describing function analysis,
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Diameter, hydraulic, 39, 43
Directional control valves, 319
Discharge coefticient, 41-43
Dither, 221, 222, 288
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Dynamic analysis. 4
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Efficiency of valve and
trotied systems, 228
Enlargement, sudden, 46

pump con-
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Entrained air, effect of on system per-
formance, 18, 317

Entrance losses, 46

Equation of state, 28, 52

Exit losses, 46
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Filters, 335, 351, 352
Filtration, 256-254
T.e point, 19
Flapper valves, 118
desien, 128, 129
discharge coeflicicnts, 129, 130
fiow forces on flapper, 126-128
four-way, 122
three-way, 118
Flash point, 19
Flow, types of, 29, 30
Flow control valves, 332, 333
Flow divider valve, 321
Filow forces, 101
compensation of, 105, 283
damping length, 104
steady-state, 103
™ transient, 104
Flow through conduits, laminar flow,
31
turbulent flow, 35
Fluid mass, eflect on hydraulic nat-
ural frequency, 204
Fluids, hydraulic, basic types, 20
petroleum base, 20
selection of, 23, 24
synthetic, 23
water base, 23
Foaming, 19
Friction factor, 36
Friction nonlinearities, 294-310
limit cycles caused by, 307-310, 316

Gear ratio, selection of, 230-233
Grooves, for equalizing, 110

Hagen-Poiseuille law, 32, 38
Handling properties of fluids, 19
Hard quantities, 4-

Heat dissipaticn, 344-348

Heat exchangers, 335, 347

Heat generated, 1, 49, 339, 344-34R
Heat transferred, 28

Hydraulic damping ratio, 141, 173

Hydraulic natural frequency, 140, 173
Hydraulic lock, 108
Hydraulic power supplies, 334
basic configurations, 335-337
bypass regulated, 337-339
heat dissipation, 346-348
interaction with servo locp, 341-343
reservoirs, 343, 344
stroke regulated, 339-341 .
Hydrolytic stability, 19
Hydromechanical servos, 266
bandwidth of, 248
compensation of, 269
difficulties with, 269, 270
dynamic analysis, 266-268
stability criterion, 268
Hydrostatic transmission, sec Pump
controlied motor
Hysteresis nonlinearity, 289

Input-output characteristics, 273
Instant closure pressure rise, 50

Jet pipe valve, 79
Jump resonance, 273

Laminar flow, through oririces, 43
through round pipes, 31
through various passages, 35

Lateral forces on spool valves. 108

Limit cycle oscillations, 273, 275
causes of, 316-318
troubleshooting of., 312-315

Load dividing valve, 321

Load dynamics, 158

Lubricity, 18

Minor (energy) iosses, 46
Motors (and pumps), hydraulic, analy-
sis of, 64, 65
basic types, 54
efficiencies of, 70, 71
friction irn, €7, €8
leakage flows, 63
performance characteristics, 72
slip flow, 70

Navier-Stokes equations, 26
Newton, Issac, 9
Ncwion’s second law, 25, 294




Nonlinear analysis, 272

Mantinear analysis of valve-controlled
pisicn, 170

Nonlinear gain characteristic, 282, 316

Nonrlinearities in control sysiems, 271,
272

Nonlinear phenomena, 273

Open center (underlapped), 77
Orifice flow cquation, 42
Orificc flow, laminar, 43

- turbulent, 40

Orifices. short tube type. 42
Oxidative stability. 19

Performance criteria, 261-265, 271
Position control servos, 234
bandwidth, 244
description, 235
lag compensated, 246
advantages of, 247
closed loop response, 250, 251
design, 247-249 .
large overshoot problem, 252-258
transient response, 251
responses, 241-246
stability analysis, 237-241
Pour point, 19
Power losses, 48
Power transfer, conditions for maxi-
mum, 226
Pressure control valves, single-stage,
321 . 5
analysis.‘. 321-331
compliance, 330
design, 330
stabilizing of, 325-329
two-stage, 331, 33
Pressure-flow curves] definition, 81
four-way critical fenter valve, 86
four-way flapper Jalve, 124
four-way open cgnter valve, 96
three-way flapperj valve, 120
Pressure transieﬁﬁ (surges or peaks),
in pipes. (Wdterhammer), 49
in power elements, 162
Puiap controlled motor, 152
dynamic compliance. 156
testing, 157
transfer function, 155
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Pump controiled systems, 133
Pumps, hydraulic, 335, 336; sce also
Motors

Quick’s chart, 51

Relay type nonlinearities, 290
Relief valves, safety or overload, 321
Relief valves to limit pressute surges,
168
Replenishing supply, 152
Reservoire, 343, 344
Reynold's number, definition, 29
for hydraulic diameter, 39
for orifice flow, 43, 45
for pipe flow, 31

Saturation nonlinearity, 277
Sequence valve, 321
Servo design considerations, 26!
Bode diagram, 263
design procedure, 264
hydraulic servo design, 264, 265
specifications, 261
Serv -, electrohvdraulic, 224, 225
Serv..valve, single-stage, 193
dynamic analysis, 194-197
stability of, 197-199
static characteristics, 200, 201
two-stage with direct feedback, 202
design of, 211, 212
dynamic analysis, 203-212
frequency response, 211
stability of, 207, 208, 210, 212
static characteristics, 211
two-stage with force feedback, 212
design of, 217
dynamic analysis, 213-217.
frequency response, 217
stability criteria, 216
Servovalves, dither for, 221, 222
oil cleanliness, 222
oscillation problems. 222, 223
selection, 213, 234
specification, 217-221
types of, 175
Shock suppression valve, 321
Silting, 116, 1i7, 222, 216
Soft quartitics, 4
Specific gravity, 7
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Specific heats, 14
Spool valve design, 112
area pradient sclection, 116-113
number of lands, 112
port shape, 112115
stroke sclection, 116-118
tolerances, 112
valve rating, 115
Spooi valves, critical center, 84
center flow, 89
flow forces, 92-94
leakage characteristics, 88
pressure-flow curves. 86
valve coefficients, 87
open center, 95
flow forces, 97, 98
null coeflicients, 97
pressure-flow curves, 96
three-way, 99
critical center type. 100
open center type, 101
Stability, 5
Stick-slip. 304, 217
Subharmonic gencration. 273

Supply pressure sclection, 225, 226

Temperature rise, 49
Thermal conductivity, i4
Therma! stability, 19

.

effect on performance, 78

flow gain, 83

flow-pressure coefficient, 83

pressure sensitivity, 84
Valve configurations, 76

general anaiysis, 79

tolerances, 79
Valve controlled motor, 133

damping ratio, 141

dynamic stitiness, 143

natural frequency, 140

spring loads, 145

transfer function, 138
Valve controlled motor with complex

Yoad, 157

transfer function, 160
Valve centroiled piston, 146

damping ratio, 149

natural frequency, 149

spring loads. 150

transfer function, 143
Vaive (three-way} centroiled piston,

150

transfer function, 151}
Valve controlled systeras, 133
Valves. classification of, 119
Velocity coeflicient. 41
Velocity control ‘servo, 2°8

compensction of, 260, 261

Torque mctor, permancnt magnet, 177 stability analysis, 259

damping, 191
dynamic characteristics, 187
static characteristics, 185
Transition length, 31, 35
Turbulent flow in orifices, 40
in pipes, 35

Unrloading valve, 32{

Valve cqefficients, 84
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Velocity of sound, 49

Vena contracta, 40

Viscosity, conversion chart, {2
definitions, 19
measures of, I1°

Viscosity temperature characteristics,

13
Viscosity temperature cocfficient, 13

Waterhammer, 49






